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PREFACE 


The material contained in this book has been built around some notes 
that were used in the spring of 1944 for a course on superchargers spon¬ 
sored by the United States government under their ESMWT program. 
Interest in the course was so gratifying that it was thought the notes 
should be published. 

It is unfortunate* that pressure of other war work prevented comple¬ 
tion of the notes at an earlier date, particularly so since in a field as alive 
as this changes take place rapidly. Publication of the material in its 
present form seems justified, however, since information on this subject 
is urgently needed in the internal-combusti on-engine field by persons 
who are not directly connected with the theory or development of super¬ 
chargers. It is hoped that this book will prove to be a foundation on 
which to build a more modern structure. 

The author wishes to thank all those who have directly or indirectly 
contributed their time and knowledge to this work, particularly H.V. 
Peterson, N. Ergeneman, M.S. Iscen, and H. Stelzle. 

The author wishes to express his appreciation to the Wright Com¬ 
pany, Pratt & Whitney Aircraft Company, Continental Motors, Elliott 
Company, the General Electric Company, and others who have con¬ 
tributed illustrations and test results. 

E. T. Vincent 

Ann Arbor, Mich. 

January , 1946 
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CHAPTER I 

INTRODUCTION AND HISTORICAL DEVELOPMENT 

History. —Supercharging and the aircraft engine are so closely asso¬ 
ciated that in many minds the problem of supercharging arose with that 
form of power plant. Investigation reveals, however, that the advan¬ 
tages of the principle were realized and employed many years before 
flying was possible. 

One of the earliest experiments with supercharging was conducted by 
Sir Dugald Clerk (the inventor of the two-stroke cycle engine) as far 
back as 1901 to 1902. He read a paper on the subject, “Control of 
Flame Temperature,” before the British Association at Cambridge in 
1904. Clerk advocated the use of an artificially created dense atmos¬ 
phere and described the manner in which he applied this principle to a 
gas engine. The engine was fitted with a large pump cylinder, in tandem 
with the operating piston. The duty of this cylinder was to compress 
air, which was then delivered to the working cylinder via parts uncovered 
by the piston at bottom dead center. 

At the time when these experiments were conducted, difficulties due 
to high temperatures were common in the internal-combustion engine. 
Clerks idea was to use this supercharged air mainly to control the maxi¬ 
mum temperature of the cycle. However, he did improve both power 
output and efficiency by some 6 per cent. The supercharge pressure 
employed was about 7 psi, and the air supply was used in two ways: 
(1) to scavenge the cylinder on the exhaust stroke and (2) to charge the 
cylinder at the end of the suction stroke. 

So far as can be ascertained, the ideas presented by Clerk were not 
developed to any great extent for some years, and it was not until 1909 
to 1912 that supercharging was employed in a practical manner, mainly 
on the diesel-type engine. During this period, the Junkers and Sulzer 
companies worked on the problem, and turbosupercharging was devel¬ 
oped by Buchi, who employed the exhaust gases of the engine to drive 
the air compressor, as is conventional for aircraft today. 

The Junkers Company supercharged their opposed-piston marine- 
type two-cycle engine by means of throttling the exhaust in conjunction 
with a large-capacity scavenge pump. As a result, the cylinder at the 
beginning of compression contained a mixture of exhaust with a large 

l 
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amount of air under a pressure substantially higher than atmospheric, 
permitting the combustion of a larger amount of fuel. This method was 
claimed to produce 180 psi brake mep. 

About this same time, Buchi in Switzerland made his turbosuper¬ 
charger application, employing a manifold pressure of about 30 psi and 
developing over 200 psi mep 

By 1916 to 1917, many experiments on the problem of supercharging 
the diesel engine were in an advanced stage, and the aircraft engine was 
assuming an important role in the First World War. The problems of 
flight placed great emphasis on a light weight engine; hence super¬ 
charging was quickly applied to this type by all the warring nations. 
Some of the earliest work in this direction was that of Prof. Rateau, who 
took up the problem of the turbosupercharger about 1916 and 1917 and 
made such a successful application that quantity manufacture was 
arranged for and was already under way before the end of the war 

At this stage of the development, the diesel engine was being super¬ 
charged with encouraging success up to about 50 per cent power increase 
over that of the naturally aspirated engine. 

Dr. Durand, at that time chairman of the National Advisory Com¬ 
mittee for Aeronautics, came in contact with the work of Prof. Rateau 
through the Interallied Commission and when he came back to the 
United States interested Dr. S.A. Moss of the General Electric Company 
in this French development. The General Electric Company took up the 
problem and in 1918 produced a machine similar to Prof. Rateau’s. It 
was applied to the Liberty engine and, during tests on Pike’s Peak, 
increased the power output of the engine from 230 to 365 hp. The same 
engine at sea level without the supercharger produced 350 hp. 

This engine made its first flight in 1919, reaching an altitude of 18,000 
ft and early in 1920 the altitude was increased to 40,800 ft, an altitude 
record at that time. 

In the meantime, Ricardo had also tackled the problem and about 
1917 had a three-cylinder compound engine in operation employing a 
supercharge pressure of about 35 psi. 

Between 1920 and 1930, progress in supercharging the aircraft engine 
was most rapid, the result of solving the mechanical problems involved 
in driving a centrifugal compressor at some 20,000 to 25,000 rpm from 
the crankshaft of an engine by means of gears. The advocates of 
the turbosupercharger, during this period, were mainly engaged in 
solving the problem of obtaining materials that would stand up under 
the high exhaust-gas temperatures, a problem of great moment even 
today. 

Once satisfactory driving means were established, gradual improve- 
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ment in supercharger performance in the intervening years has stepped 
up the engine power output to the high values in use today Not all 
the credit for this remarkable progress belongs to the supercharger The 
engine builder had to contribute by finding ways and means of cooling 
the cylinder and pistons at the increased outputs, as veil as providing 
sufficient strength in the parts to accommodate the increased forces 
without excessive weight 

In addition, the oil refinery had to contribute with fuels of higher 
antiknock rating before any advantage could be gained from the improve¬ 
ments in the supercharger and engine; similarly, lubricating oils con¬ 
tributed to the over-all result 

Today, because of all the above improvements, it is possible to oper¬ 
ate at about three times the power output of the aircraft engine of the 
First World War 

The application of superehaigmg to the oil engine has been left far 
behind, since there was not the incentive to produce a lightweight engine 
The use of turbosupercharging in the marine field has grown greatly, 
however, and Buchi’s system eventually reached this country about 1935 
and is now in production 

One thing of importance to be observed is the ambition of some of the 
early experimenters It is noted that manifold pressures of 30 psi were 
employed. Since modern materials and fuels were not available at that- 
time, the use of these pressures was doomed to failure It is believed 
that, if some of the early work had been a little less ambitious, earlier 
recognition and greater advances would have resulted. 

The use of Root’s type of air compressor should not be passed over; 
it played an important .part in the early stages of the aircraft industry 
and still has a prominent place today if the engine is operating at sea- 
level. For altitude work, it cannot compete with the centrifugal type 
for reasons that will be seen later. 

Progress has been slow and gradual, and there are many reasons why 
it should be so; however, for short periods of operation, it is possible to 
obtain outputs far in excess of anything commercially possible at present 
provided that a sufficiently good fuel is available. It follows that the 
end of the road is not now in sight and that a continually increasing power 
output for a given size of engine can be expected as finds, materials, 
etc., that will stand up under the increased loadings become available. 

It follows that progress in improving the power output of the present- 
day aircraft engine will demand the following: 

1. Improved pressure ratios from the centrifugal supercharger. 

2. Improved efficiency of the compressor. 

3 . Improved range of steady flow from the supercharger. 
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4 . Development of fuels, oils, and materials to go with the increased 
pressure ratios. 

5. Devising of new and better controls for the supercharger to safe¬ 
guard the engine against excessive overload under any condition of 
operation. 

6. Production of improved drives to permit greater selection of the 
operating conditions to secure maximum range and economy. 



CHAPTER II 
THERMODYNAMICS 


In order to follow the changes in state of the mixture flowing through 
a supercharger and to determine the power input, pressure and tempera¬ 
ture at exit, etc., it is necessary to study the thermodynamics of perfect 
gases. 

A perfect gas can be defined as one in which the individual molecules 
are separated sufficiently so that no mutual attraction occurs between them 
Under these conditions, if the gas expands without doing external work 
with no heat added or lost during the process, there is no change of internal 
energy and the temperature remains constant. 

Actually no such perfect gas exists, but the air forming the larger 
part of the volume of the charge in the engine cylinder approximates this 
condition quite closely, provided that the changes in pressure, volume 1 , 
and temperature through which it passes are kept moderate. Tlavse 
conditions are fulfilled closely enough in the supercharger so that the 
following simple relations that result from the theory of perfect gases can 
be employed. 

1. Boyle’s Law. —This law states that, if the temperature of a gas is 
maintained constant , then the product of the pressure and volume is a 
constant, 

(P X V) T = const, 
or 

PiVi = P 2 F 2 = P 3 F, etc. (1) 

A constant-temperature operation is also called an isothermal one. Thus 
Boyle’s law applies to all isothermal operations involving perfect gases. 

2. Charles’s Law. —This states that, if the pressure is constant , then 
the volume varies directly as the absolute temperature. 


Ti Vi . T, 7 > 

T 2 V% 01 Vi V 2 


etc. (2) 


It also states that, if the volume is constant , the?} the absolute temperature 
varies directly as the pressure or 


Tx _ Pi Ti Tj 

T 2 p 2 or p x p 2 


etc. 
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These relations can be combined into what is called the characteristic 
equation for a perfect gas, viz., 

PV - WRT (4) 

where P = gas pressure, psf 
F = volume, cu ft 
W = weight of gas, lb 
R = gas constant, ft-lb per °F 
T = absolute temperature, °F = (°/ + 4G0) 

/ = °F 

The gas constant, R varies with the molecular structure of the gas; 
thus each gas has its own constant. 

If 1 lb gas is heated 1°F at constant pressure from volume Fi to V, 
then 

PiVi = R7 7 
PiF 2 = R(r+ 1) 

Subtract 

Pi(F 2 - fo = r 

But P i(F 2 — Fi) is the work done by the gas in expanding at con¬ 
stant pressure. Thus the gas constant is the foot-pounds of work required 
to raise the gas 1°F at constant pressure. 

Example. —A gas at 30 psi and 70°F occupies 15 cu ft. Calculate 
the volume at 150 psi and 1000°F. 

If the gas constant is 53.34, calculate its weight. 

PiV i - WR1\ 

P,V, = WRT, 

Thus 

_ P 1 F 1 T 2 _ 30 X 144 X 15 X 1460 
V * P,Ti 150 X 144 X 530 

= 8.26 cu ft 
PWi - WRTi 

w _ p iVi __ 30.0 X 144 X 15 
RTi 53.34 X 530 
= 2.29 lb 

3. Avogadro’s Hjrpothesis. — Equal volumes of all gases under the same 
conditions of pressure and temperature contain the same number of molecules, 
From this it follows that the weight of equal volumes of gases at the 
same P and T will wary as the molecular weight of the gas. 

Thus, if a quantity of any gas is taken, having a weight in pounds 
equal to its molecular weight, it will have a definite constant volume for 
the same value of P and T no matter what the gas may be. 
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This leads to a useful factor known as the pound mole or simply as 
a mole. This is that quantity of gas which weighs (in pounds) the mole¬ 
cular weight, i.e.j 

2 lb H 2 whose mol. wt. = 2 
32 lb O 2 whose mol. wt. = 32 etc. 

It follows from the above that the volume of a pound mole of any 
gas is a constant for a given P and T , and that each pound mole contains 
the same number of molecules, found by experiment to be 

n = 275 X 10 24 approx. 

Thus, if M is the molecular weight of a gas, 

M 

Weight of one molecule - 275~>O0 24 

= 340 X 10~ 29 M lb 

Also experiments show that 1 lb mole of any gas at 14.7 psia and 60°F 
occupies 379 cu ft; thus 

PV = wRT if w = M 

PV = MR 7’ 

nro PV 14.7 X 144 X 579 

M - T = -520- 

= 1,544 ft-lb per °F 

Thus 1,544 ft-lb of work must be done on 1 lb mole of any gas to raise 
its temperature through 1°F at constant pressure. 

In the above expression, no account was taken of the nature of the 
gas. Any gas occupies 379 cu ft for 1 lb mole. Thus the product 
MR = 1,544 is a general gas constant or universal gas constant. 

This enables the value of R for any gas to be obtained by the simple 
relation 

_ 1,544 
R M~ 

Thus, provided that any two of the three properties P, F, and T are 
known for a gas of known molecular weight, the third can be calculated. 
This is true for the gases handled by a supercharger with a reasonably 
high degree of precision. 

4. Gas Mixtures. —So far nothing has been said regarding mixtures* of 
various gases, and it is mixtures with which the supercharger is mostly 
concerned. In chemistry, a mixture does not have a true molecular 
weight. It is found, however, that a gas undergoing changes of pressure 
and temperature behaves as if it had such a constant; it is generally 
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called the equivalent molecAilar weight of the mixture. If a volume of a 
mixture of gases is taken that weighs M lb, where M is the equivalent 
molecular weight, it is found to occupy the same volume as 1 lb mole of 
any single gas. Thus the idea of a pound mole can be carried over to 
mixtures. 

Example.— Assume that CO and O are mixed in proportions for 
complete combustion. Then 

CO + 40 2 - (JO, 

Each molecule of CO occupies the same volume as a molecule of () 2 . 
Thus for each volume of CO there is 3^ volume of 0 2 . If 1 lb mole CO 
is used, it follows that the total volume of the mixture will be the same 
as moles. Also 1 lb mole CO weighs 28 lb, and } £ lb mole 0 2 weighs 
16 lb. Thus the total weight of l}i moles of mixture is 44 lb. Or 

44 

Weight per mole of mix = —-= = 29.33 lb 

1.0 

But the weight per mole is the equivalent molecular weight of the mix¬ 
ture. Thus the molecular weight of CO and 0 2 in correct proportions 
for complete combustion is M = 29.33. Thus the gas constant of this 
mixture is equal to 1,544/29.33 = 52.63. 

Consider the left-hand side of the above equation. One molecule of 
CO combining with y% mole 0 2 produces only one molecule of C0 2 . 
Thus the 13^ moles before combustion become 1 mole on combustion. 
Thus the molecular weight of C0 2 = = 44, the known molecular 

weight of C0 2 , and the equivalent gas constant = 1,544/44 = 35.12. 
Examine the reaction 

h, + — h 2 o 

1 mole H 2 + 3^2 mole 0 2 = 1 mole H 2 0 
2 1b H 2 + 16 1b 0 2 = 18 lb H 2 0 

Thus the equivalent molecular weight of H 2 and 0 2 mixed in correct 
proportions is 18/1.5 = 12, and the gas constant = 1,544/12 = 128.66. 
On combustion 1 mole of products is produced, weighing the same 18 
lb; hence for H 2 0 the molecular weight is 18 and the gas constant 
1,544/18 = 85.8. 

There is one fallacy to this, i.e ., that the H 2 0 produced is a liquid at 
normal temperature and does not obey the law PV = wRT. The gases 
before combustion do follow the relation PV = wRT with R = 128.66. 
The water produced would also obey this characteristic equation, pro¬ 
vided that the temperature after combustion was sufficiently high to 
keep the products in the gaseous form, well above the boiling point of 
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the liquid so that the molecules were separated sufficiently with the 
result that intermoleeular attraction was negligible. 

Taking a more complicated case, consider the type of mixture actually 
fed to an internal-combustion engine. The fuel can be represented 
approximately by octane C 8 Hi 8 and the air by a mixture of O 2 and N 2 
in the proportion of atmospheric air, viz., 20.99 per cent by volume of 0 2 
to 79.01 per cent by volume of N 2 . 

Remembering that equal volumes of gases contain the same number 
of molecules and that 1 mole of any gas occupies the same volume as 
1 mole of any other gas, it follows that, for each volume of 0 2 , there are 
79.01/20.99 = 3.77 volumes of N 2 ; or 1 lb mole 0 2 is accompanied by 
3.77 lb moles N 2 . Thus air can be represented by 0 2 + 3.77 N 2 or a 
total of 4.77 moles for each mole 0 2 . 

Now consider a mixture of C 8 Hi 8 with air sufficient for complete com¬ 
bustion to C0 2 and H 2 0; then 

C + 0 2 = CO* 

Thus 1 mole C requires 1 mole 0 2 , and the 8 carbon molecules of C 8 H 18 
require 8 molecules of 0 2 . Thus 1 mole C 8 Hi 8 requires 8 moles 0 2 to 
be burned completely to C0 2 . Also 

h 2 + yo 2 - H 2 0 
9 H 2 + 4.50 2 - 9 H*0 

Thus the Hi 8 in 1 mole CgHw requires 4.5 moles 0 2 for complete combus¬ 
tion. A total of 12.5 moles 0 2 must therefore be present in the air 
supplied to burn the fuel. It follows that there must also be present 
12.5 X 3.77 Moles N 2 . Thus 

C 8 Hi 8 + 12.5(0* + 3.77 N*) = 8 CO* + 9 H*0 + 47.13 N, 

1 + 12.5 X 4.77 = 60.63 moles of mixture 

produce 

8 + 9 + 47.13 = 64.13 moles of exhaust gas 
1 mole C 8 Hi8 weighs 8 X 12 + 18 X 1 = 114 lb 

The weight of the accompanying air = 12.5(32 + 3.77 X 28) lb 

- 12.5(32 + 105.6) 

= 12.5 X 137.6 

- 1,720 lb 

Thus 60.63 moles of mixture weigh 114 + 1,720 lb. 

Equiv. mol. wt. = " — 30.25 lb per mole 
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Thus, for the mixture, 

E - sirS ' 5105 

Similarly, for the exhaust gas, 

Equiv. mol. wt. = = 28.6 

64.13 

Gas const. R = = 54.0 

28.6 

Using these values of R, the variations of PV and T could be followed for 
this mixture. 

Again one limiting condition should be remembered, i.e. y that octane 
OsHis would be a vapor at ordinary temperatures and as such is not suffi¬ 
ciently removed from its boiling point to behave exactly as a perfect gas. 
However, it is mixed with fifteen times its weight of air, which does 
behave according to such laws, and the air predominates in the proper¬ 
ties. Thus the departure from the perfect gas laws is small and for most 
practical purposes can be neglected. 

With regard to the exhaust gases, they are generally at such a high 
temperature that even the H 2 0, present in the vapor form, begins to 
follow the general gas law with a reasonable degree of accuracy. 

5. Dalton’s Law.—While talking of mixtures, mention must be made 
of Dalton’s law, viz., that all gases are as a vacuum to each other and thus 
individually, exert their own influence as if the others were not present. 

The pressure exerted by any one component of a mixture, if it alone 
was present, at the same temperature and volume is called the partial 
pressure. Thus Dalton’s law may be stated that the total pressure P of 
any mixture of gases is equal to the mm of the partial presmres Pi, P 2 , Pa, 
etc., of each of its constituents. 

It follows that, if gases 1, 2, 3, etc., are mixed in a vessel of volume V 
cu ft at pressure P and temperature T having an equivalent gas constant 
R of the mixture, then PV — wRT. Now remove all gases except gas 1. 
This will then expand and fill the volume V and if T is kept constant then 


PiV = wiRJ 

where Pi = partial pressure 
Wi = weight of gas 1 
Similarly, for gas 2, 

p 2 V = tvJBLtT and P$V *= W&R&T 
By Dalton’s law 


P * Pi + P 2 + P 3 + • • • 
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Thus 


or 


wRT _ W 1 R 1 T , w 2 R 2 T , 
_ ^ ~ h 


wR = w ]Ri + w 2 R 2 + ■ • • 


or 

Gas const. R = + -1- 

w 


(5) 


Thus the equivalent gas constant of a mixture can be determined 
from the known constituents and their composition by weight 
Again 

PiV = wiRiT P2V - w 2 R 2 T 


where Pi, etc., are the partial pressures Now compress each gas to 
pressure P, the total pressure, at constant T Then, by Boyle’s law, 

PV = const 

PFi = wiR^T P 2 V = W 2 R 2 T 


where Vi, V 2y etc., are the volumes of the constituents of the mixture. 

But 


Thus 


_ 1,544 
R ' - M, 

r 2 

II 


M,V, - 

and 

W\ = 

M,V,P 

1,5447’ 

M.V, - 

and 

w 2 = 

M 2 V 2 P 
1 ,544 T 


But 

V - Fi + V 2 + F 8 + 
It follows that 


and 


{M\V\ + M 2 V 2 + • 

M 1 V 1 + M 2 V 2 + 


and w 1 + w 2 + w + 

P MVP 


} 1,544 T 1.5447 1 


3/ = 


F 




( 6 ) 


Thus, if the composition of a gas by volume is known, the equivalent 
molecular weight can be calculated. 

Suppose the composition of a mixture were given in per cent such as 
X per cent CO 2 , Y per cent H 2 0, and Z per cent N*. As before, 1 mole 
of the mixture represents a definite volume, and also 1 mole of each of 
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the constituents represents the same volume. Thus the mixture must 
contain X moles C0 2 , Y moles H 2 0, and Z moles N 2 per 1 mole of mixture. 


-Y moles 
Y moles 
Z moles 
Total moles = 


C0 2 weigh X X 44 lb 
H 2 0 weigh Y X 18 lb 
No weigh Z X 28 lb 

Total weight = X X 44 + )’ X 18 + Z X 28 


Equiv. mol. wt. M 


X X 44_+ Y X18 + Z X 28 
' 1 


as for the previous equation. 

6. Heat and Work. —The previous paragraphs give the method 
employed in relating P> F, and T for any set of conditions. During any 
such changes of state, it is possible for heat to be added to, or lost by, 
the gas, and work may be done or absorbed by the gas during the change. 
It now becomes necessary to relate these accompanying phenomena to 
the changes of state of the gas. 

These relations are summarized by the first law of thermodynamics. 
If any system is carried through a complete cycle so that the end state is 
precisely the same as the initial stair, then the total work delivered to the su)- 
roundings is proportional to the total heat taken from the surroundings. 
Thus 

X^-JX* 


where J is joules equivalent or the mechanical equivalent of heat, viz., 
I Btu = 778.26 ft-lb. It follows that heat is another form of energy; 
hence the statement of the first law is a statement of this fact. Work 
cannot be done unless heat or some other form of energy is available to 
do the work. In a closed cycle, the gas ends up in the identical state 
as that at the beginning of the operation; hence the heat added and work 
done are proportional. In an operation in which the final state is different 
from that at the start, i.e ., a noncyclic change, the heat added can be 
greater or less than the equivalent work done. In this case, the balance 
of the heat or work is stored internally in the gas and will be apparent 
by an increase in temperature. Conversely, if the work done exceeds 
the heat added, then there will be an accompanying decrease of stored 
energy to make up for the deficiency, accompanied by a reduction in 
temperature. Temperature is thus a measure of the internal energy of a 
perfect gas, and it follows that change of temperature measures the change 
of internal energy that can represent the work done by, or on, the gas. 
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It follows that a general statement of the first law of thermodynamics 
can be written as follows: 

Heat added = change of internal energy + work done 

dQ = dE + dW ' (7) 

where dQ = heat added or subtracted (positive for addition and negative 
for loss) 

dE = change of internal energy (positive for gain and negative 
for loss) 

dW = work done (positive for work done by the gas and negative 
for work done on the gas) 

For a more complete discussion of thk rather important law, also for 
the proof of the statement that the internal energy is a function of the 
gas temperature and is a definite property of the gas, the reader is referred 
to any good text on thermodynamics. 

Work dW. —The work done during any operation is, by definition, 

Work done = force X distance through which the force acts 
= F X d 

In the case of a gas, the gas must be enclosed in a vessel; and, if it is to 
do work, a piston of some definite size is fitted. Let a piston of d ft in 
diameter be fitted to a cylinder; then, if it moves through a small dis¬ 
tance dS ft during which the mean pressure is P psf, then 

dW = force X distance 



But (7rd 2 /4)dS is the change of volume in cubic feet of the vessel; thus 

dW - P dV 

where dW = work done, ft-lb 

dV = change of volume, cu ft 
P = pressure, psf 

Equation (7) is the relation from which almost all the formulas relat¬ 
ing to superchargers, and for that matter all forms of heat engines, are 
derived. 

7. Specific Heat— Specific heat is defined as the quantity of heat 
required to raise the temperature of 1 lb of any substances through 1 °F. 

In solids and liquids, it is usual to neglect the conditions under which 
the heating takes place. Actually a bar of iron heated in a furnace is 
heated under constant-pressure conditions, and it is almost impossible 
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to heat such a material at constant volume because of the forces encoun¬ 
tered that are due to the expansion accompanying a change of tempera¬ 
ture. The expansion accompanying the change of temperature of most 
solids is quite small. Thus, since work done is measured by the pressure 
times the change of volume, the work done by the above bar of iron is so 
small that it is neglected. The pressure against which the above bar 
would expand would be that of the atmosphere. It follows that, for all 
solids whose expansion and contraction with change of temperature is 
small, there is only one specific heat in general use, that to heat the mate¬ 
rial 1°F at constant pressure. 

Superchargers are concerned with gases, and it is well known that 
the expansion and contraction with changes of temperature of a gas is 
great regardless of the state of pressure or volume. It follows that, for 
the specific heat of a gas to have any significance, the conditions under 
which the heating or cooling occurred must be specified. Thus it is 
necessary to state the conditions as regards pressure and volume during 
the heating process when stating the specific heat of a gas. In thermo¬ 
dynamics two specific heats for gases are in common demand, viz., (1) 
specific heat at constant volume and (2) specific heat at constant pressure. 

It must not be lost sight of that a gas can change in both pressure 
and volume during any operation in an infinite number of ways depending 
upon the manner in which the piston, or its equivalent, moves during the 
heat process. For each of these ways, there is a new specific heat, since, 
by definition, the specific heat is the value of the ratio dQ/dT , i.e., the 
heat added divided by the change of temperature. Fortunately most 
practical operations can be studied with a detailed knowledge of the two 
specific heats given above. 

The Specific Heat at Constant Volume .—This is defined as the quantity 
of heat required to raise the temperature of 1 lb of any gas through 1 °F while 
the volume is maintained constant 

If the temperature increases while the volume is constant, it follows 
from Charles’s law that the pressure must increase during the change. 

The first law of thermodynamics must be obeyed during any change 
of state; thus 

dQ = dE + dW 
dW = the work done 
• PdV 

Thus 

dW « 0 

since the change of volume dV is zero by definition. Thus, for a con¬ 
stant-volume change, 


dQ « dE 
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all the heat added is stored as an increase in internal energy and goes to 
increase the temperature. 

Let Cv = the specific heat at constant volume in Btu per pound. 
Then, if w lb of gas are heated through any small change of temperature 
dT, 

dQ = wC v dT 
or 

Q = Jf wC v dT = wC v (Ti - Ti) (8) 

where T\ and 7' 2 = temperatures before and after the operation 
But, by the general gas equation 


Therefore 


PV = wRT 
PV 


T = 


wR 


Q = wCv 


( PtVj 
\ wR 


PxVi \ 

wR ) 


but, by definition, in this case Vi = V\ and 

Q == - PiW, Btu (9) 


Thus the heat added is related to the change in pressure and volume. 

Specific Heat at Constant Pressure .—If w lb of gas are heated at con¬ 
stant pressure through a small temperature range dT, it follows, from 
the definition of specific heat, that, if C v is the specific heat per pound, 
then 

dQ = wC p dT 

and the total heat added is 

Q = wC p dT 

= wC P (Ti - Ti) (ID) 

Also PV = wRT applies; thus if PiVil\ and PiVtTt are the pres 
sure, volume, and temperature before and after the heat addition, then 


Q 


= wC p 


PiVi 
. wR 


PiVA 

wR ) 


but Pt •= P\ for this change; thus 


Q - (Vi - Vi)P 


Btu 


(ID 
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The first law of thermodynamics states that 

dQ - dE + dW 

Since there is a temperature change during the heating, with the pressure 
maintained constant, it follows from Charles’s law that there must be a 
change of volume; hence work is done by the gas against the constant 
pressure P, and dW has some finite value. The total work done 

\V =- f!‘ P dV = P(V 2 - v t ) ft-lb 

= J (T', - V.) Btu (12) 

Also, since there is a temperature change from r J\ to P 2 , it follows that 
the accompanying change of dE is given by 

dE = IJ' 1 wCv dT 
= wCv(Tt - Ty) 

This is the same change as for the same temperature 1 increase for a con¬ 
stant-volume change 1 , since internal energy depends upon temperature 
only. 

Thus Q for a const ant-pressure change is given by 

Q - wC p (T 2 - 7\) 

= wCr(Tt - Ty) + y (K 2 - Vy) 

from PV = wRT 

wC p ('J\ - Ty) = wCy{Tt - Ty) + U f {Tt - Ty) 

Thus 

C„ = (\ + J 

C P -C V = J (13) 

giving a relation between the two specific heats and the gas constant. 

In addition, the ratio of the specific heats C p and C v will prove to be 
an important function and has been given a special symbol k. Thus 

% = k (14) 

Divide (13) by C„; then 

C P R C, 1 / i \ 

C v CJ 0F R J\k - 1 / 
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Substitute in Eq. (9), and 

Q = ~ 05 ) 

also 



C p = 1 A 
R J k- 1 


Thus, by substitution in Eq. (11), the heat added becomes 

q =§r~rr Pi(V * ~ r,) ori 

8. Isothermal Expansion.— An isothermal expansion or compression 
is defined as one in which lhe temh 
perature of the gas is maintained 
constant throughout the change. This 
is another name for an operation 
occurring according to Boyle’s Law 
for which 

P X V ~ const 

Let a gas expand isothermally, as 
shown in Fig. 1, from condition 1 
to condition 2 at constant tempera¬ 
ture. Then, for an elementary 
change of volume dV at pressure P, 

Work done = P dV = dW 
It follows that the total work from 1 to 2 is given by 

W = f V 'PdV 

Jv 1 

but PV — constant; therefore P = C/V % and 

w = C ff dV = C(log< V)?; 

= C log, y 



C = P iF, 


but 
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Thus 

W =P,Ft log e £ 
v l 

If V 2 /V 1 is defined as the ratio of expansion r, then 

IF = P\V 1 log f r ft-lb 

P 1 F 1 

= -j- logc r Btu (17) 

For an isothermal by the first law, 

dQ = dE + dTF 

Since P is constant, dE — 0; thus 

dQ = 0 + W 

and, for an isothermal operation, the heat added is given by 

Q = W = Op loge r 

9. General Polytropic Expansion. —In general, during most practical 
operations, neither the pressure nor the volume nor the temperature 
remains constant, but all these properties can be quite variable. In this 
case, it is found that the equation of the curve, plotting P against V, is of 
the form 

PV n = const. 


Again consider an expansion according to such a law from condition 1 
to 2; as before, in Fig. 1, 


dW = f V 'PdV 

Jv, 



But C = P 1 V 1 — and, by substitution, 


1 — n 


ft-lb ( 18 ) 
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But 

thus 


P\V\ — wWF and P 2 V 2 = wRT 2 

W = (Tt - Ti) ft-Ib 

= j<rh < r * - ™ Bta 


Again, by the first law of thermodynamics, 


rfQ = + dW 


(19) 


Thermodynamics establishes that for any gas the change of internal 
energy is a constant for given end conditions. Thus it is of no conse¬ 
quence what path the gas traverses in going from 1 to 2. Assume that 
the gas is first cooled at C v from 1 to 3 and then expanded at C p from 3 to 
2. It follows that the change of E going from 1 to 2 will be the same as 
from 1 to 3 plus 3 to 2. 

cU?l-2 — — —3 + dE ^-2 

= -dQ, + dQ p - dW p 


By substitution from Eqs. (12), (15), and (16), 


dE 1—2 


Vi(Pi - Pt) 
J(k - 1) 
P 2 V 2 - P 1 V 1 
J(k - 1) 


( 20 ) 


Thus, by substituting in the first law, 


P S F S - P 1 F 1 P 2 F S - P,Fi 

J{k - 1) ^ (1 - ») 


( 21 ) 


which will give the heat flow for any value of n for any expansion of the 
form PF" = C. 

Since a quantity of heat Q n flows to or from the change during the 
operation, while the temperature changes from T\ to T 2 , it follows that, 
if C„ is the specific heat of the gas under these conditions, 


or 


Q n = wC n (T t - Pi) 


wC n (Tt - T 1 ) 


PsFs - P,Fi , P*Fj - P 1 F 1 

J(k - 1) * J( 1 - n) 


But 


P*F 2 - wRT t and P,F, - wRTi 
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Thus 


wCn(Tl — T l) = 


u>R(Ti 


T i) , «>R(7’ 2 
-r 


70 


./(£ - 1) ' J( 1 - n) 

T ( ' 2 7 (k - 1)(1 - n) 


from which 


But 


C„ = 


k — n 

\k - 1)(1 - n)_ 


j Cp Cv c ’ (cl 0 

= C v (k — 1) 


Thus 


C n 


A- 

2 ” 


ft 

n 


( 22 ) 


where C„ is the specific heat of the gas for the general polytropic 
PV n = const, and can have as many values as there are values of n 
10. Adiabatic Operation.— By definition, an adiabatic operation is one 
in which no gain or Loss of heal to or from external sources occurs. It fol¬ 
lows that all work done must be done at the expense of the internal 
energy and is equal to the difference between its initial and final values 
By the first law 

dQ = dE + dW 

When the gas is at the state P\ViT\, let fhe volume change be dv for 
some small change of temperature dT; then 


dQ = wC v dT + 


P dv 

_r 


For an adiabatic operation dQ = 0, by definition, thus 


wC v dT + PdV = 0 
P 


dT 


wJC v 


(23) 


Now, for a perfect gas, 


PV = wRT 

= wJ(C P - C V )T 


Differentiate with respect to v, 

.dP 


dT 


P +Vjy = wj (Cp - Cv) dV 



THERM01) YE AMICS 


21 


Substitute from (23), 


P + V 


dP 

dV 


V 


dP 

dV 

dP 


P 


~wJ(C p - C.) 
-kP + P 
-kP 



Integrating 

log P = — A* log v -f const. 
log P -f* A- log r = const. 

= const. (24) 

Thus the equation of an adiabatic expansion or compression is given by 


where 


PV k = C 



If, in the general equations of the polytropic, n is made equal to k, the 
expressions for the work done, etc., for this adiabatic expansion without 
gain or loss of heat are obtained, viz., 


Also 

thus 

and 


PoV* - P^V^ 

W = - ft-lb (25) 

- j\i% < r - ~ Bt “ 

= Et - E , 


P V = wRT 



(26) 

(27) 


Thus 
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11. Enthalpy. —Another property of a medium that is of great 
importance in the study of superchargers is called enthalpy. 

Consider a unit mass of gas in a cylinder fitted with a frictionless, 
leakproof piston loaded so that the pressure of the gas is P, the specific 
volume V, and the temperature T. If dQ Btu of heat are added to the 
gas, there is an increase of temperature dT accompanied by some increase 
in volume, and the frictionless piston will be lifted to the dotted position 
through a distance ds (see Fig. 2). 

By the first law, 

^ dQ = dE + dW 

ds but 

T rflF=PXaX (lx 

= PdV 

where a = area of piston 

dV = change of volume 
Thus 

dQ = dE + P dr 



Fig. 2. 


Now in place of adding heat let work be added, via, for example, a pad- 
dlewheel, until the same change in temperature is obtained. In this case 


dQ = 0 

dW = PdV - dW p 
dW v = work added by paddle 

Thus 

0 = dE + PdV - dW v 
dW p = dE+PdV 


In each case, the pressure P is constant during the change; thus it follows 
that 

dE + PdV = d(E +PV) 


This is made up of E , the internal energy, which is a property of the gas, 
depending only upon the temperature; plus the product of the constant 
pressure P times the specific volume V of the gas. Both P and V are 
properties. It follows that the function ( E + PV) has a definite con¬ 
stant value for each set of conditions and is then itself a property of the 
medium, since the change in it is fixed by the end states. The changes 
occurring in the magnitude of ( E + PV) will be used frequently; thus 
a name and symbol for this property is justified. It is called enthalpy 
and is usually denoted by h Btu per unit mass. Thus, for the two cases 
above, 

dW 9 « dh 
dQ - dh 
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If the initial and final states are the same for each operation, it is of 
little consequence how the change was effected, by the addition of work 
or of heat, for the property enthalpy has changed by the same amount. 

Again each of the above operations was carried out at constant pres¬ 
sure; thus, by definition of specific heat, 

dQ = C p dT = dh 
or 

= dh 

v dT 

In other words, the specific heat at constant pressure is actually the rate 
of change of the property enthalpy with respect to temperature. Typical 
uses for this property are illustrated below. 

Throttling Operation. —Consider a throttle valve in the induction 
manifold of an engine by which the gas is throttled from P1V1T1 to 
P2V2T2 . Consider a unit mass of gas flowing from one side of the throttle 
to the other, and let a piston be placed so as to trap the unit mass between 
it and the throttle valve at P\VT 1 \. Then, if this piston is forced in 
at such a rate that it maintains 
the gas pressure at P 1 at all times, 
and a second piston on the down¬ 
stream side of the throttle moves 
out in such a manner that the pres¬ 
sure between it and the throttle is 
always at P 2 , as illustrated in Fig. 
same and, by the first law, 

dQ = dE + dW 

If Q is the heat added during the process, and E\ and E 2 are the internal 
energy before and after the throttle, then 

<3 = Ei - E, + f°PidV+ f"‘ Pi dV 

JVI JO 

Since Pi and P 2 are constant, 

Q = E2 - Pi - P1F1 + P2V2 
or 

Ih 555 h\ 4- Q 

If the pipe is insulated against heat flow, Q = 0, and 

/? 2 = hi ( 28 ) 

i.e., a throttling operation is one during which the property of enthalpy 
is constant. 



3, the conditions of flow remain the 
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Flow Machine .—Of far greater importance to the subject of super¬ 
charging is the case of a steady-floiv machine . Imagine a machine of 
some sort producing or absorbing work to which a medium is flowing at 
constant conditions P 1 V 1 T 1 and leaving at some other point at P 2 V 2 T 2 
(Vi and V 2 being the specific volumes). During the passage of a unit 
mass of gas through the machine, let Q units of heat be added from 
external sources and W 8 units of work be done by the shaft of the machine. 
This is illustrated in Fig. 4. 

For a state of steady flow, it is obvious that the actual conditions 
inside the machine are of no significance, since the medium enclosed will 
obviously contain a constant energy and have definite properties at 
each point Tt follows that the changes occurring can be studied by 
investigating the flow at inlet and exit, neglecting the medium in the 
machine itself. 

The first law will then apply to all energy changes crossing the 

boundaries at (1) the inlet and 
(2) the exhaust, as well as the heat 
added and the work done by the 
shaft 

Consider a small quantity dw 
lb of gas entering the machine at 
point 1 at state P\V\T\ under 
steady-flow 7 conditions; this must 
be accompanied by a loss of dw at 
point 2 at state P 2 F 2 P 2 . If Q — heat added per unit mass flow, then 
dQ = Q dw. If Ei and E 2 are the internal energies per unit mass at 
points 1 and 2, then dE = (E 2 — E 1 ) dw 

The total w r ork flow across all boundaries wall be given by the sum of 
the work done by the shaft, the work done on the gas at point 1 to push 
dw lb into the machine at pressure P 1 , and the w ork done by dw lb of 
the gas leaving the machine at point 2 against pressure P 2 . 

The work at 1 is given by —P\a\ ds, where a\ = area of pipe, 
ds — distance moved through to force dw lb into the machine, but 
aids — volume of dw lb of medium. Therefore the work at 1 = — Pi V 1 dw 
(on the gas). Similarly, at the exit, the work done is +P 2 F 2 dw (by the 
gas). 

During the passage of this mass of fluid through the machine, w r ork 
is being done by the shaft at the rate of W 8 per pound of flow. Thus, 
for a flow of dw lb, 

Work done by shaft = W a dw 

Thus, for a flow of dw lb, the total work process is given by 
dW ~ W 9 dw — P 1 V 1 dw 4- P 2 F 2 dw 
« (IF. - PxVi + P,y 2 )dw 
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The signs selected for W s are positive if work is done by the machine, 
e.g., a turbine; negative if work is supplied to the machine, e.g., a com¬ 
pressor. For Q, the signs are positive if heat is lost from the machine, 
negative if heat is added to the machine. 

In most practical applications, v\ and ?; 2 , the velocities of flow in the 
intake and exhaust pipes, are practically identical. Hence these two 
terms can be neglected, and the above equation can be written as 

hi = h 2 ± W a ± Q (30) 

a most important relation for turbines and superchargers. 

12. Enthalpy of a Perfect Gas. —By definition, there is no tempera¬ 
ture change and therefore no change of internal energy in a perfect gas, 
when it is expanded without doing work and with no heat added or sub¬ 
tracted, i.c.y there is no attraction between the molecules. As a result of 
this, the internal energy E is a function of temperature alone. Hence the 
enthalpy 

h = E + PV 

is a function of temperature only, since 

PV = RT and E = f(T) 

It was shown that 

dh_ 
p dT 


C 
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or 

dh = C p dT 

Thus 

h = fC p dT 

and, for a perfect gas with constant specific heats, 

h 2 - Ai = C p (T 2 - 7 T j) Btu per lb (31) 

Thus the change of enthalpy can he evaluated for any known tempera¬ 
tures T\ and TV 

In the case of actual gases, which are not quite perfect, it is usual to 
calculate the values of the enthalpy h and plot them against temperature 
as the total heat diagram for steam is calculated. Such a chart can then 
be used for obtaining the values of the enthalpy for all conditions of 
flow and, when available, will give slightly greater accuracy than the 
perfect gas laws. 

Example 3.—A steady flow of exhaust gas is fed to the nozzle box 
of a turbosupercharger. At the inlet to the nozzle, the gas velocity is 
200 fps, and the pressure is 22.5 psia at a temperature of 1600°F. The 
exit from the nozzle is at a pressure of 14.7 psia and 1400°F. Calculate 
the velocity of the gas leaving the nozzle, assuming it has the properties 
of air. 

By Eq. (29), 

+ i ±w±Q 


For flow through the nozzle, no external w r ork is done; hence W — 0, and 

(*■ + i) ~ ('" + 1) ■ ±Q 


For all practical purposes, Q — 0, 

v * ~ V 1 = hi - h t 


2 g 


For air, C„ = 0.241; thus 


= C P (Ti - Ti) 


thus 


hi - hi = 0.241 (1600 - 1400) 
= 48.2 Btu per lb 


v\ - 200 2 


2 9 


48.2 X 778 ft-lb 


v\ = 2,375,000 
Vs = 1,541 fps 
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Example 4.—What would be the temperature of the gas leaving the 
nozzle if the expansion had been adiabatic? 

Initial pressure = 22.5 psia 
Final pressure = 14.7 psia 



= 0.885 Ti 


= (1600 + 400) X 0.885 
* 1822°abs 
- 1362°F 

It is seen that, if the expansion had been adiabatic, the velocity of the 
gas as given in the previous example would be increased. The difference 
is the losses in the expansion resulting from the effect of friction, eddies, 
etc., in the nozzle. 

13. Entropy.— One other thermodynamic tunction of considerable 
importance should be discussed, viz., 
entropy. So far P-V diagrams have 
been used to show changes of state, 
where the area under a P-V diagram 
is the work done during the process. 

A diagram that shows changes of T T 
and the heat flow to or from the gas 
will also be of great use. Consider 
coordinates T and S, S being some 
property of the substance and thus a 
function of its state. Let this func¬ 
tion S be chosen so that, for any change 
from point 1 to 2 along the path 1-2, the heat added during the process is 
the area Si- 1-2-S 2 . This property has been called entropy and for con¬ 
venience can be considered as the distribution of the heat while the tem¬ 
perature is the potential or intensity of the heat. (For an adequate 
understanding of the property of entropy, consult a text on thermo¬ 
dynamics.) 

It follows that, for a small quantity of heat dQ added at some tem¬ 
perature T accompanied by a small change of entropy ds, the area of the 
shaded part of Fig. 5 must be equal to dQ and 



Fig. 5. 


dQ = TdS 
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for some finite change from T i to T 2 

Q = f* T dS 

J Si 

Ill order to relate this property of entropy with what has gone before, 

a study should be made of the isothermal, 
adiabatic, constant-volume, constant • 
T pressure, and the general poly tropic 

j _ | 2 PV n = C operations. 

I I Isothermal Process. —During such a 

j I process, the temperature remains constant 

I (by definition). Hence, if Si is the value 

-^^— of the entropy at point 1 and Q units of 

S heat are added at temperature T h point 2 

i<u " (t • is reached at some value of the entropy S 2 , 

as in Fig. (j, such that the area S r 1 - 2 -S» is equal to Q Btu. 

dQ = J *‘ T dS 

= r P dS 

JSi 

= 7’(»S, - Si) 

Change of entropy (S 2 ~ Si) = ^ (32) 


It should be remembered that, since internal energy is a function of 
temperature only and an isothermal operation is one of constant internal 
energy, the line 1-2 of Fig. 6 is a 
line of constant internal energy; 
and, by the first law of thermo- t 2 
dynamics, 

dQ = dE + dW T 

Since dE = 0, 

dQ = dW T| 

Thus the area *SVl-2-*S 2 is also the 
equivalent of the Avork done in 
heat units. 

Adiabatic Process .—An adiabatic process is, by definition, one in which 
no heat flows to or from the gas from its surroundings. Thus the area 
on a T-S diagram under an adiabatic operation must be zero. This can 
be true only if the line representing the change is a straight vertical line 
of constant entropy. An adiabatic operation can also be called one at 
constant entropy or isentropic. 

Such an operation is shown by 1-2 in Fig. 7. By the first law 



dQ = dE + dW 
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and since dQ = 0, 

dE — die 

Tt has already been shown that the internal-energy change of a perfect 
gas is measured by 

E 2 - E 1 = wC v (7\ - 1\) 

Hence it follows that, if lines of constant volume are plotted on the 
T-S diagram as shown by the 
dotted lines, then area *SVl-4-£ 4 = 
heat added for the constant-vol¬ 
ume operation 1-4 that is heating 
from Ti to 7\. Also area S i-2~3 -S 3 
= heat added for constant-volume 
operation 3-2 from Ti to 7Y 
Either of these areas is thus the 
change of internal energy or the 
heat equivalent of the work done 
during the adiabatic compression 
of a gas from point 1 to 2. 

C onsi ant-volume Process .— 

During a constant-volume proc¬ 
ess, by Charles’s law, there is an 
increase in pressure and temperature as heat is added. It follows that a 
constant-volume line is as illustrated in Fig. 8. By the first law, 



dQ = dE + dW 

but, for a constant volume, 

dW = fPdV = 0 
dQ = dE 

Thus 

Si- 1-2-$2 = heat added = change of E 


Also 


dQ = T ds = C v dT 



S 2 ~ Si = c\ 




(33) 


Constant-pressure Process .—In this case, the heat added goes to 
increase the internal energy and to do work. It follows that, if the same 
heat is added as in the constant-volume process, the resulting tempera¬ 
ture must be lower than for a C v operation, since some of the heat goes 
into work. 
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Thus a C v line is of less slope than one at C v , as shown in Fig. 9. 
Since the area under the diagram is equal to the heat added, then for the 
same heat addition there must be a greater change of entropy for a C p 
than for a C v change. 

dQ = T ds = C p dt 

as before 

S* - St = C v log, (34) 

Again it was shown that C v — ~ or, for a given range of temperature 
T 2 and T\, 

iJ: c ’ dT - ^ 



Fig. 9. Fig. 10. 


But by the definition of specific heat at C P , this is the heat added for 

the change from T i to T 2 , which must therefore equal the area 

Thus the change of enthalpy from 1 to 2 is given by the area $rl-2-$ 8 . 

General Polytropic PV n = C .—In this case the T-S diagram can be 
of any form depending upon the value of n. Let 1-2 of Fig. 10 be a 
change of such character. It follows that the heat added is the area 
£rl-2->S2. But it was proved on pages (19 and 20) that such an operar 
tion had an equivalent specific heat of 
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14. Further Consideration of the Adiabatic.—In the theory of the 
internal-combustion engine, as well as that of superchargers, the adiabatic 
operation is of great interest, since many of the actual operations approxi¬ 
mate this type of change. Thus some further consideration is in order 
at this point. An adiabatic operation from state 1 to state 2 is repre¬ 
sented in Fig. 7. If this compression or expansion is to be adiabatic, the 
operations must be reversible. By reversible is to be understood that the 
initial state can be restored by reversing all the changes. If work was done 
by the gas, then the same work is to be added. If heat loss occurred, 
then in reversing the same quantity of heat is to be added, and so on 
for every change of heat to work or internal energy; i.e., a process is 
reversible if the system under consideration together with all iis surroundings 
can be completely restored to their initial states after the process has occurred. 

The second law of thermodynamics states that It is impossible to 
construct an engine working in a complete cycle which does work and receives 
heat only. In other words, it is impossible to transform all the heat added 
to an engine into work. 

With the aid of this law, it can be shown that no process is reversible 
that is accompanied by (1) friction, (2) heat transfer resulting from a 
temperature difference, or (3) an unresisted expansion. Take an expan¬ 
sion in an engine cylinder as an example. 

1. Work is done by the gas on the piston. 

2. The gas also does work in overcoming the friction of the piston 
rings and piston. 

3. Heat flow takes place from the cylinder charge to the water jacket. 

Suppose that, at the end of the stroke, the piston is forced back to 

TDC without exhaust taking place. The cycle will be reversible if, 
during this backward stroke, the work done on the piston is the same as 
before. In addition, the work done against friction on the expansion 
will have to be returned to the gas as heat, while the cooling jacket will 
also add back to the cylinder charge the heat it received on the expansion. 

It is obvious that the first, the work done on the piston, can duplicate 
the work of expansion, but on the return stroke extra work must be done 
to overcome the friction which again acts against the motion. Similarly, 
the heat still continues to flow from the gas to the jacket and not in the 
reversed direction. Thus such a process is nonreversible. For a 
complete discussion of this principle of reversibility, consult a text on 
thermodynamics. 

It is seen that, with the three limitations above, no practical opera¬ 
tion can be reversible; and the adiabatic path 1-2 of Fig. 7 is possible 
only if the machine effecting the change is heat-insulated and free from 
friction, and the change is made infinitely slowly so that the gas is in 
equilibrium at all times. 
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The compression in all forms of superchargers must also be a non- 
reversible process, since heat loss, friction, etc., exist; and, in order to 
arrive at the actual conditions at exit, some allowance must be made 
for these factors. 

It is usually assumed that for superchargers the ideal compression 
could be represented by an adiabatic operation and that in a practical 
machine some irreversibility will occur; i.e. } work must be done against 
friction, heat losses occur, etc. 

Consider an adiabatic compression from T\ to T 2 , as in Fig. 11. 
Then, for the reversible process 1-2, the work done is equal to the change 
of internal energy, and this change dE is equal to and can be represented 




by the heat change dQ of a constant-volume change from T 1 to 7Y 
Thus the area $i- 2-3-$ 3 is the heat equivalent of the work done in the 
compression process; i.e., the compression in an engine cylinder of the 
charge from Vi to F 2 , on the P-F diagram, the work being the area 
Fi-l-2-F 2 foot-pounds. 

However, it has been proved that, for a flow machine in which the 
medium enters at P 1 V 1 T 1 and leaves at P 2 F 2 T 2 , the relation 

Pi = H 2 ± W ± Q 

represents the process. If the process is adiabatic, Q *= 0, and 

Hi = H 2 + W 
W = Hi - H 2 

= C p (T 2 - Ti) per lb (36) 

Thus, for'a supercharger or turbine, the work done will be represented by 
the area /S 4 *4-2~$i under the constant-pressure line if the change is a 
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reversible adiabatic . This is also represented by the area Pi-l-2-P» on 
the P-V diagram. 

Now in practice some losses will occur—bearing friction, air friction, 
turbulence, etc.—all of which involve some loss of energy. It follows 
that the actual work done delivering the charge during a compression 
must exceed that shown by the area $ 4 -4-2-$Y Let the suction conditions 
be PiV 1 T 1 and delivery at pressure P 2 be the same as before. During 
the process, work is converted into heat in the form of an increase of 
energy of the gas and also the friction. In addition, heat may have 
been lost to water jackets, etc.; and it is this total quantity of work 
involved which must be shown. 



i<R,. 12 

In Fig. 12, let 1-2 be the reversible adiabatic between pressures Pi 
and P 2 . Then the work done is // 2 — Hi = C P (T 2 — 1\) represented 
by the area $ 8 -3-2 -$i. Now assume that during the process the charge 
is contained in a cylinder and heat is lost to the jackets. It follows that 
a line such as 1-4 must represent the process. The delivery pressure is 
constant at P 2 , $ 4 -4-1 -$i represents the heat lost to the jacket during 
the compression, and the change of enthalpy (h 2 — hi) through the 
machine is $3-3-4-$ 4 . The process is still represented by 

Hi = H % - W + Q 

Thus the work done is 

W = H 2 - Hi + Q 

— $3-3-4-$ 4 “f* $4-4-1 -Si 

= $ 3 - 3 - 4 -!-$! 
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Now assume that the process involves more work than the adiabatic; 
in this case, the excess work over and above the adiabatic must reside in 
the gas by a further increase in temperature, i.e.> an increase of dE over 
and above that for adiabatic temperature rise so that, although the final 
pressure is still P 2 , the temperature must exceed 7\. It is still assumed 
that Q - 0. In this case, 

Ih = H h - W 
W = Ih - H , 

Thus the work added equals area <S 3 -3-5-<S 5 . 

If the work done during this process, over and above the adiabatic, 
went directly into internal energy of the gas, the result would be a pressure 
of P 6 higher than P 2 . Actually the excess work is added to the gas and 



Fig. 13. 


then dissipated in the form of heat via turbulence, friction, etc., which of 
course are nonreversible processes and thus cannot be represented on the 
T-S diagram. The result is that this dissipated heat increases the entropy 
from Si to S b so that, for a work addition W, the delivery pressure is still 
only P 2 and 5 represents the final state. 

Again the state at point 5 could be reached via some reversible process 
represented by the path 1-5, In this case, by the first law, 

dQ~dE + dW 

the heat added equals 

Hi = Ih W ~ Q 

W « Hz - H x ~ Q - - S r l-M» 
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It is seen that the reversible process involves less work, since heat has 
been received from external sources during the operation. In most 
supercharger problems, the heat flow through the casing is negligible, 
and the case represented by 1-5 records the actual conditions quite 
closely. 

Progress is demanding increased power and higher and higher mani¬ 
fold pressures and thus accompanying temperatures. It may soon prove 
necessary to water-jacket or otherwise cool the supercharger casing. In 
this case, there will be some heat loss, and the work of compression will 
be given by 

W - H t - H x + Q 


In this case, in Fig. 13, if all the work done by the impeller were added 
to the gas in the form of internal 
energy, the compression would 
have to be along line 1-4, the 
adiabatic, reaching pressure P 4 , 
and the work done would be rep¬ 
resented by $ 6 -6-4 -$i. However, 
because of some heat loss in the 
process, the temperature will be 
reduced to Tz at some pressure 
P 8 > Pi for the same total work; 
but, because of a conversion via 
turbulence of some of the work 
done into heat, the delivery tem¬ 
perature is constant while the actual delivery pressure must fall to P 2 at 
temperature T z accompanied by an increase of entropy to $ 2 . The total 
work done is represented by 



W = H 2 - Hi + Q 

= $ 6 -5-3-$ 8 + $5-3-1-$! 
= $6-6-4-$! 


One thing to be noted is the fact that, if the turbulence factor could 
be eliminated, the pressure obtained with heat loss for a given work addi¬ 
tion would be greater than P 4 ; whereas the temperature T z is less than 
Ti for adiabatic compression. 

This suggests carrying this heat-loss factor to the maximum and com¬ 
pressing at constant temperature. This condition is shown in Fig. 14, 
where 1-2 is an isothermal compression. In this case, by the first law 


dQ - dW 
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Thus the work to be done is equal to the area $2*2-1 -$i. Now, in order 
to reach this same pressure P 2 by an adiabatic compression along 1-3, the 
work required is the value of 

H z - H x - $2-2-3-$! = C V (T Z -T X ) 

It is seen that a greater amount of work must be available for a given 
compression ratio. 

Assuming the same work is added as for the isothermal, then the 
maximum pressure available as a result of adiabatic compression would 
be P 4 where $V5-4-$i = $ 2 -2-1 -$i. 

Thus, for a given expenditure of work, the isothermal gives the maxi¬ 
mum delivery pressure. Or, in other words, the greater the heat loss 
from the machine during the passage of the charge through it the less 
the work absorbed for a given pressure rise. 



CHAPTER III 


THE ENGINE CYCLE 

Before proceeding further with the special application of thermody¬ 
namics to the supercharger, it is advisable to consider the changes that 
result from supercharging in the engine cycle itself. Inasmuch as this 
text covers supercharging as applied to the aircraft engine in general, 
it is proposed to examine the gasoline-engine cycles only, generally termed 
the constant-volume or Otto-cycle engines. 

1. Constant-volume Cycle. —The theoretical representation of this 
cycle using pressure and volume coordinates is shown in Fig. 15a and is 



(a) V (b) 


Fig. 15. 


seen to consist of an adiabatic compression from some inlet conditions 
Pi, V h Ti through a definite compression ratio , defined as the ratio of the 
volume at bottom to top dead center. If Vt is the total cylinder volume 
when the piston is at BDC and V c is the clearance volume at TDC, then 


Compression ratio r 


Vt 

Vc 


V T = Vc + V 8 


where Vs = swept volume of the piston, or displacement volume. Thus 

V s + V c 
r =--- 
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Let P 2 , F 2 , T 2 be the conditions at point 2 at the end of the compression 
stroke, at which point heat due to combustion is added at constant volume, 
the pressure changing from P 2 to P 3 at point 3, with an accompanying 
temperature of TV This heat addition is followed by an adiabatic 
expansion from the clearance volume to the total cylinder volume at the 
end of the stroke. At this point 4, where P 4 , V 4 , T 4 is the state of the 
gas, heat rejection at constant volume follows until the initial state Pi, 
Vi, T\ is again reached, completing the cycle of events. 

It is seen that, in this ideal engine, no method is specified for adding 
heat; thus it is possible to assume that it is unnecessary to renew the 
charge each cycle, and the same quantity of medium could be used over 
and over again, provided that some means of heating and cooling it can 
be devised. In general, it is assumed that the medium in the engine 
cylinder is atmospheric air; hence the term air standard cycle is generally 
employed for this ideal condition. 

It should also be noted that, so far, no limit has been placed on the 
value of Pi, T h the pressure and temperature at the beginning of the 
compression stroke. Thus the P-F diagram so obtained can represent 
a supercharged or unsupercharged engine, depending on the magnitude 
selected for Pi. If Pi is assumed to be atmospheric pressure, the engine 
is considered to be unsupercharged. As soon as this pressure exceeds the 
prevailing pressure in which the engine is operating, it is necessary to 
provide it with a compressor or supercharger to maintain the inlet condi- 
tions, and the engine is said to be supercharged. 

No practical means are available by which heat can be added through 
the walls to, and subtracted from, the air inside an engine cylinder at the 
rate demanded for any actual engine. Thus, to construct a workable 
engine, it became necessary for the air to carry with it, into the engine 
cylinder, its quota of heat in the form of fuel which, as a result of combus¬ 
tion with the oxygen of the air, releases the heat responsible for the pres¬ 
sure rise from P 2 to P 3 of the cycle. It follows that this uses up the 
oxygen, and one charge cannot be used over and over again but must be 
discharged and replaced with fresh air if the cycle is to repeat. Thus the 
practical Otto-cycle engine consists of four strokes: ( 1 ) suction stroke, 
(2) compression stroke, (3) firing stroke, and (4) exhaust stroke. 

During strokes 1 and 4, suitable valves connect the engine cylinder 
to the atmosphere* permitting the cylinder charge to change. This, of 
course, adds to the actual cycle, and it becomes necessary to represent 
these phases on the indicator diagram. In an unsupercharged engine 
drawing its charge from, and exhausting to, the atmosphere, these strokes 
can be idealized as a suction of charge at pressure Pi of the atmosphere 
from 5 to 1, and discharge at P% from 1 to 5. Thus the diagram is as 
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shown in Fig. 156 by the addition of a line 1-5 representing the exhaust 
of the burned gases from the cylinder followed by 5-1, also at atmospheric 
pressure, to represent the suction stroke. It is seen that these additions, 
to make a practical engine, do not change the indicator diagram at all, 
its area, etc., remaining as before. 

Now consider the effect on the cycle of supercharging the engine at 
some pressure P i > P a , the atmospheric pressure. As already pointed 
out, the portion of the diagram 1-2-3-4 remains unchanged except as 
regards actual magnitudes, which, of course, will change as Pi changes. 
But the process of emptying and refilling the engine cylinder will be 
affected to a marked extent under certain circumstances. Figure 16 
shows the ideal representation of 
this process, where point 4 is the 
beginning of exhaust, the pressure 
falling along the line 4-5 to the 
atmospheric pressure P a as before. 

The exhaust stroke from 5 to 6 
then takes place, discharging the 
used gases, and at 6 the intake 
valve opens, as the exhaust closes, 
and the clearance space is filled 
with fresh mixture until the pres¬ 
sure has increased to P m , the mani¬ 
fold pressure (maintained constant 
by the supercharger). The suc¬ 
tion stroke 7-1 follows, during 
which pressure P m is maintained 
on the piston. Compression follows, and the power portion of the cycle 
operates as before. 

Examination of Fig. 16 reveals that the suction pressure exceeding 
the exhaust pressure, by some margin P m — results in a net perform¬ 
ance of work represented by the area 6-7-1-5 being performed in addition 
to the power part of the cycle proper. In evaluating the total work of 
the cycle, allowance must be made for this pumping work , as it is com¬ 
monly called. 

For small degrees of supercharge, the correction for this pumping is 
of small order; but consider a highly supercharged engine, employing say 
30 psia manifold pressure and operating at an altitude of 20,000 ft where 
the atmospheric piessure is 6.75 psia. Then P m — P a — 24.25 psia, and 
a net increase of this amount is theoretically applied to the mean pres¬ 
sure of the power cycle, as a result of the charging process. This is about 
10 per cent of the net power output, a considerable amount. It is true, 



Fig. 16.~ 


Indicator diagram of a supercharged 
engine. 
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in practice, that the full benefit of these intake and exhaust pressures is 
not obtained because of pressure drop through valves, passages, etc.; 
but, for an ideal cycle, these practical imperfections can be neglected. 

As a first approximation in determining the possibilities of the Otto 
cycle, assume that the cylinder charge is air, as for the air standard cycle, 
and examine the power diagram of the supercharged engine. Then, by 
the usual definition of engine efficiency , viz., 


Efficiency = 


heat added — heat rejected 
heat added 

heat converted into work 
heat added 


the cycle can be examined for its possibilities as regards efficiency and 
power output. 

Since heat addition and subtraction are assumed to occur at constant 
volume, it follows that, for the combustion diagram, 


Heat added = C V (T Z - 7\) - Q 2 . 3 
Heat rejected — C v {Ti — 7\) = Q 4 -i 


Therefore 


Efficiency rj 


C v (7\ - 7\) - C\,(7\ - r i\) 
C v (7\ - Ti) 

7\ - 7\ _ (Tyro - 1 

Tz - 7\ (7 \/T 2 ) - l 


X73 


7\ 


Compression and expansion are adiabatic; thus 


thus 


It follows that 



7\ 7\ 

Ti 7\ 


or 


7\ 

T\ 


Tj 

T, 



where r = compression ratio 
Mep of cycle = 


work done 
change of volume 

C,(T 3 - r,) - C V (T 4 - Tx) 
Vi - v 2 


vQ 2-3 
Fi - F 2 



r l ~~ k ) 


m 
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This analysis applies equally well to the power portion of the cycle 
of a supercharged or unsupercharged engine, and it is seen that the effi¬ 
ciency is a function of the compression ratio only. A plot of the value of 
7 1 against r is given in Fig. 17. It is seen that the efficiency increases with 
r. So far the analysis has been based on the assumption that the mani¬ 
fold pressure P m is equal to the exhaust-manifold pressure. This condi¬ 
tion represents the naturally aspirated 
engine, as well as that of the super¬ 
charged engine equipped with a turbo¬ 
compressor, since, in general, this 
condition of P m ~ P e also exists in 
this case. 

Now examine the case of the engine 
supplied at manifold pressure P m but 
exhausting at atmospheric pressure 
P a . It is convenient to forget for the 
time being the fact that the air must 
be supplied by a supercharger that 
absorbs power; but, since only the 
work done on the piston is being con¬ 
sidered, the diagram of Fig. 16 repre¬ 
sents actual conditions. The power loop of the diagram 1-2-3-4 is of 
course the same as in the previous analysis, viz., 

_ Q‘2-3 ~~ Q 4-1 

11 




Fig. 17.— Efficiency vs. compression 
i atio. 


However, if P m > Pe, the pumping loop 1-5-6-7 must be added to 
obtain the net work. Thus the total work done by the piston of the 
engine is given by 


W = Q 2 -8 - Q4-1 + (Pm ~ Pa)(V 1 - VJ14&78 


and efficiency is 


Q 4-1 . AP(Fi - V 2 ) 
Q2-3 Q 2-3 


x 


144 

778 


where A P = P m ~ P e - Thus 


V 


s j — j.i~k 

= 1 - r 1 -* + 


AP(Vi - Vt) 144 
C,(T, - Ti) 778 
A P Vi(r - 1) 144 
C,(T, - T 3 ) 778 


(39) 


(40) 
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M — work done 
^ change of volume 

. C 9 (Tt - Tt) - C V (T 4 - T x ) + P(V X - y 2 )*^78 ux > 

Vt - v 2 1 ; 

The analysis outlined above is based on the assumption that the 
cylinder charge is air, that this medium behaves as a perfect gas, and that 
no change of composition occurs during the cycle. In an actual engine 
cylinder, the medium during the suction and compression strokes is a 
mixture of air and hydrocarbon fuel. After combustion, the gases present 
change to CO 2 , H 2 O, CO, etc., some of which are known to depart quite 
widely from the perfect gas laws. It follows that a cycle analyzed in the 
manner given above gives results that cannot be achieved in practice. If 
a similar theoretical cycle can be examined with the cylinder charge com¬ 
posed of the actual gases employed, it follows that the results obtained 
will approximate possible achievements. Thus, during suction and com¬ 
pression, a mixture of fuel and air should be present; and, during combus¬ 
tion, the cylinder charge should change to the composition determined 
by the actual fuel/air ratio employed, and the following expansion should, 
at each stage, be carried out using the composition applicable to that 
state. 

The state at any point is a function of the pressure, temperature, and 
composition and depends upon the equilibrium constants of the mixture 
employed. To obtain the exact composition of the cylinder charge 
involves a rather long and complex calculation, the details of which will 
not be given here, since results are all that is required.* The complete 
analysis of the fluid for a reasonable range of mixtures has been effected 
in the reference and the results plotted in a series of diagrams that can 
be used to obtain the state inside the engine cylinder at all times. 

The diagrams are reproduced in Figs. 18 to 21. They show the prop¬ 
erties of a mixture, before combustion, containing 10 per cent excess air, 
the theoretical air, and a mixture with 85 per cent of the theoretical 
requirements. These three fuel/air ratios correspond approximately to 
that giving maximum economy, the normal mixture, and that giving 
maximum power. It is obvious that one such chart should be available 
for all mixture ratios if complete analysis is required for all cases. This 
is hardly justified, but the NACA extended this range^with charts cover¬ 
ing five mixture Ratios in place of three. These will probably be pub¬ 
lished in the near future. 

The charts shown on Figs. 19 to 21 give the properties of the same 

* Heksiiey, R.L., J.E. EbebHaedt, and H.C. Hottel, Thermodynamic Proper¬ 
ties of the Working Fluid in Internal Combustion Engines, SAE J. } 39 , No. 4,409-424 
(October, 1936). 



THE ENGINE CYCLE 


43 


three mixtures after combustion on the assumption that complete chem¬ 
ical equilibrium is reached at each state. 

These charts can be used like the T-S diagram already described 
and used in Chap. II. It will be observed that the chart is a plot of 
internal energy against entropy with superimposed lines of constant 
volume, pressure, temperature and enthalpy. A complete definition of 
the various terms employed is necessary, as follows: 

Mass of Gas. —The chart records those properties of the gas which 
depend upon the weight present for a total weight of 1 lb air plus the 
necessary fuel to give the correct mixture ratio. The properties affected 
by this are, of course, the volume, internal energy, enthalpy, entropy, etc. 
The actual compositions are 

Weak mixture.. . 1 lb air + 0.0005 lb fuel 

Theoretical mixture. 1 lb air -f 0.0665 lb fuel 

Rich mixture. 1 lb air -f 0.0782 lb fuel 

The same total weights 1.0605, 1.0665, and 1.0782 lb are used in 
plotting the combustion charts. Thus the mixture and the products of 
combustion have one thing in common, viz., the equivalent of 1 lb air is 
present in each case. 

Temperature. —The temperature lines are plotted for every 200° 
interval and are on the absolute scale. 

Volume. —This is the volume in cubic feet of the total gas, air plus 
fuel, whether it consists of unburned mixture or burned gases. 

Pressure. —The lines of constant pressure on the chart represent psia. 

Entropy. —The entropy scale gives the value of the change of entropy 
calculated from zero at 14.7 psia and 60°F. 

Sensible Internal Energy. —The composition of the gas varies from 
point to point because the chemical equilibrium conditions change. This 
means that heat is evolved or absorbed because of combustion or dis¬ 
sociation from point to point. By sensible energy is meant that energy 
which would be given up in cooling the gas from one temperature to another 
if no change in composition occurred during the cooling process. 

Total Internal Energy. —By total internal energy is to be understood 
the sum of the energy contained in the gas due to the state at which it exists 
plus the energy available in the gas in the form of chemical energy that can 
be released on combustion . 

It follows that, on the combustion chart, the total energy is made up 
of (1) the energy due to the temperature of the gas plus (2) the chemical 
energy that would be released if combustion was complete. It is known 
that, because of chemical equilibrium, the combustion process is never 
complete at high temperatures; thus some chemical energy is always 
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present. If the gas was cooled to 60°F, a definite amount of heat would 
be extracted. This heat (the total energy) would be that given up by the 
gas in cooling plus that released by completion of the combustion process 
as it progressed to completion on the cooling of the gas. 

Enthalpy .—The enthalpy of the gas is that function defined in Chap. 
II and is given by 


// = /? + 


144PF 

778 


Btu 


As for internal energy, there is a sensible and total enthalpy defined in a 
similar manner. 

Exhaust Dilutant .—In all engines, the cylinder charge contains some 
small percentage of exhaust gas left over from the previous cycle. This 
gas consists of air and fuel combined in the proportions under consideration 
and is considered to form part of the 1 lb air plus fuel. To be strictly 
correct, a new chart should be available for each value of this exhaust 
gas as well as each mixture ratio. However, the effect on the properties 
of varying quantities of exhaust, in the proportions likely to be encoun¬ 
tered, is small, and the charts are plotted for an average value likely to 
be encountered in practice. However, the Btu contained in the engine 
cylinder do vary as this gas varies, and this, of course, causes variations 
in the heat added due to combustion. This factor is taken into account 
by varying the internal energy due to combustion. If E c is the internal 
energy due to combustion, then 

E c (weak mixture) — 1,163(1 — f) 

E c (theoretical mixture) = 1,280(1 — /) 

Ec (rich mixture) = 1,507(1 — /) + 300/ 


where / = the portion of the total charge by weight represented by the 
exhaust gas 

Thus the amount of unburned air in the engine cylinder will be (1 — /) 
while the unburned fuej before combustion will be fuel/air ratio X (1 — /). 

The use of Figs. 18 to 21 can best be illustrated by a few examples. 
For a complete understanding of the subject, the reader is referred to 
the original article mentioned on page 42. 

Example 1 . —An engine contains a correct mixture of octane and air 
at 14.7 psia and 200°F, the residual exhaust present being 4 per cent. 
Obtain the thermodynamic properties of the gas at the beginning of 
compression. 

Solution .—Using Fig. 18 giving the properties of the above mixture, 
locate the intersection of T = 660°F and the constant-pressure line of 
P *** 14.7 psia when the following properties result: 
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S (entropy) = 0.115 
E 6 (sensible internal energy) = 29 Btu 
H a (sensible enthalpy) = 76 Btu 
V [volume of (l + 0.0605) lb] = 17 eu ft 

Thus 

Ot) 

E„ per lb — 10005 = ^7.4 P er ^ 

H 8 per lb = = 71.5 Btu per lb 

1 0(4)5 

V per lb — — 15.95 cu It per lb 

L.UimjO 

Example 2.—The above charge is compressed through a ratio of 
0.5:1. Obtain the properties at the end of adiabatic compression. 

Solution. —During an adiabatic compression, no heat is added to or* 
lost by the gas; hence the entropy is constant. It follows that the state 
at the end of compression must be on the line of S = 0.115. Since the 
compression ratio = 6.5, 

Vi 

V 2 (at end of compression) — — 

o o 

= 2.61 cu ft 

Thus the final state is represented by the intersection of S = 0.115 
and V = 2.64. At this point, it will be found that, for 1.0665 lb charge, 

P = 180 psia 
T = 1230° abs 
E 8 = 151 Btu 
H h = 238 Btu 

In addition, the charge at both points will contain chemical energy given 

by 

E c = 1280(1 - /) where / = 0.04 

= 1280(1 - 0.04) 

= 1230 Btu 

Thus total internal energy at 

Beginning of compression = 29 + 1230 

= 1259 Btu 

End of compression = 151 + 1230 
= 1381 Btu 

Example 3. —Determine the state at the end of constant-volume 
combustion. 
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Solution .—At the end of the combustion process, some of the chemical 
energy has been released in the form of heat, but some is still retained in 
the chemical form because of the existence of the equilibrium state. How¬ 
ever, since no work is done during combustion, the total of these two forms 
of energy is still 1381 Btu; and, since combustion has been specified to be 
at constant volume, the conditions E = 1381 and V = 2.64 cu ft specify 
the state at the end of combustion. The gases now existing in the engine 
cylinder are the products of combustion; thus the properties are recorded 
on Fig. 20 from which, at the point of intersection, of E = 1381 and 
V = 2.64, can be read 

Sz = 0.5325 P 3 - 775 

H z = 1760 T z = 5040° abs 

Example 4.—Obtain the state of the cylinder charge at the end of an 
adiabatic expansion process to the initial volume of 17 cu ft. 

Solution .—Since the process is adiabatic, the entropy will remain 
constant during the operation. Thus at point 4, the end of expansion, 
it is known that 

Si = 0.5325 and V 4 = 17 cu ft 

Obtaining this point of intersection on the chart results in giving the fol¬ 
lowing values to the other properties: 

p 4 = 88 Ti = 3570 Ei = 782 

It has been shown how the energy charts for a gas may be employed 
to obtain the properties of the gas throughout any cycle. The same dia¬ 
grams, Figs. 18 to 21, can be employed to obtain other rather important 
data regarding an engine and its supercharger. It should be pointed out 
that the engine being considered throughout the above cycle is one with 
a cylinder large enough to contain 1 lb air plus the fuel. Any other size 
of cylinder can be employed without affecting the pressures of the cycle 
except that, if the capacity is halved, 3^ lb air is present and half the 
amount of work is done, etc. Thus the data obtained are of general 
application. 

The various stages examined above if added together complete the 
cycle of an engine utilizing the four-stroke constant-volume cycle of Fig. 
156. Since expansion and compression are adiabatic, it follows, by the 
first law, that the work done is equal to the charge of internal energy. 
Thus 

Work of cycle: 

Work of compression = E* — E\ 

Work of expansion * Ez — E 4 
Net work of combustion cycle *= {Ez — E 4 ) — ( E 2 — E%) 
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If a pumping loop exists, as in Fig. 16, then 

Pumping work = (P m - P e )(Vi - 

where P m — inlet manifold pressure, psia 
P e = exhaust back pressure, psia 

Total work of cycle = ( E 8 — E A ) — (E 2 — E\) 

+ (P m - P e )(Vi - F 2 ) 14 ^778 Btu (42) 

Also, since 

•« *- work done' 

Mean pressure = 


Indicated mep 

_ 778[(JS?3 - E a ) 


change of volume 
(E 2 - E 0 + (P m - PMV, - V 2 )^h 1H ] 


umw - r 2 ) 


(43) 


Fuel consumption: Let the total work of the cycle as given above in 
Eq. (42) be equal to W Btu per lb of air. Now 

• 33,000 

1 hp per mm = = 42.4 Btu per min 

But the cycle does W Btu per lb of air. Thus 


Lb of air per ihp = 


42.4 

W 

2545 

W 


lb per min per ihp 
11 ) per hr per ihp 


If the fuel/air ratio is F/A, then each pound of air contains F/A lb 
of fuel. Therefore, the fuel flow is 


Fuel per hr per ihp = 


F 2545 
A W 


lb per ihp per hr 


Efficiency of cycle: The charts are plotted on the assumption that the 
calorific value of the fuel is 19,270 Btu per lb. It follows that 

F 2545 

Heat added = ^ X 19,270 Btu per ihp per hr 

Work done = 1 hp 

= 2545 Btu per hr 

. £ , work done 

Efficiency of cycle - gladded 

2545 W 


F/A 2545 X 19,270 
W 


19,270 F/A 


( 44 ) 
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It is seen from the above that it is possible to predict the actual per¬ 
formance, fuel consumption, cylinder pressures, etc., of any cycle by the 
aid of the energy charts. The cycle so analyzed is what is commonly 
called an ideal cycle; it is what the engine would do it the cylinder walls 
were nonconducting, all processes were reversible, and no friction, etc., 
existed. Thus it does represent a yardstick with which an actual engine 
can be measured; however, it also follows that it is a cycle that cannot 
be employed so long as existing practicable materials are used and friction 
exists. Since the water jacket of an engine alone takes off a fairly high 
percentage of the heat added, it is obvious that, because of this factor 
alone, the results obtained by the above method will be on the high side. 
The cycle as outlined above can thus be used oply for comparative pur¬ 
poses, but it does make it possible to estimate the relative magnitudes of 
any changes for an actual engine. 

The engine examined in the above examples would possess the fol¬ 
lowing characteristics: 


Indicated mop = 


Jl{E, - E 4 ) ■ 
144 (y; 


(£o_ • 

: V 2 ) 


A')\ + A: 


v i - r 2 


Vt) 


Since P m = P ( for the problem in question, 

778[(1381 - 782) - (151 - 29)] 
144(17 - 2.64) 

179 7 psi 
775 psia 

(E z - E<) - (£, - E x ) 

477 Btu 

254 %77 = 5.34 lb per hr per ihp 

F 

~T X 5.34 
A 

0.0665 X 5.34 
0.3545 lb per ihp per hr 

Thus the major important characteristics of a perfectly ideal engine 
operating under the conditions outlined above are determined. These 
results represent the best possible performance that could be expected 
from such an engine. Practice will fall short of this ideal by some margin 
to be determined. 

By repeating the above calculation for varying compression ratios, 
manifold pressures, etc., a series of curves shown in Fig. 22 can be plotted 
giving the ideal engine performance. These curves are plotted for a 
constant back pressure of P e = 14.7 psia. 

The curves of Fig. 23 show the results of a similar series of calcula- 


lndicated mep = 

Maximum combustion pressure = 
Total work of cycle = 

Air consumption — 
Fuel consumption = 



THE ENGINE CYCLE 


49 


tions for an altitude of 30,000 ft where the back pressure is constant at 
4.36 psia. The difference between these two sets of curves is due to the 
change in pumping work of the cycle, all other factors remaining constant. 
Thus the effect of altitude is illustrated, and it will be observed that the 
efficiency of the cycle 4 , and the indicated mep increased with altitude'. 
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In the curves under discussion, no allowance has been made for the power 
to drive the supercharger to supply the air at the required conditions. 

Diagrams such as these can be used to predict the approximate rela¬ 
tive changes in the performance of an actual engine that could be expected 
for variations in compression ratio, supercharge, etc. For example, con¬ 
sider a naturally aspirated engine as represented by the curve for 30 
in. Hg abs manifold pressure. If the compression ratio is increased from 
5:1 to 8:1, the indicated mep changes from 201 to 220 psi, while the effi¬ 
ciency as represented by the fuel consumption reduces from 0.447 to 
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0.366 lb per ihp per hr, the maximum cylinder pressure rising from 720 to 
1,175 psi. 

Now consider what would have happened if the compression had been 
kept constant at 5:1 and the engine was supercharged to reach the same 
maximum cylinder pressure; i.e. y consider that the magnitude of the 
cylinder pressure represents the weight of the engine, since it will influ¬ 
ence the weight of the parts to a major extent. 



Compression Ratio 

Kia. 23.—Typical performance curves at 30,000 ft. 

It is seen that a manifold pressure of 45 in. Hg abs gives approximately 
the same peak pressure but results in an indicated mep of 310 psi accom¬ 
panied by a fuel consumption of 0.436 lb per ihp per hr. Some power is 
required to supply the air at 45 in. Hg abs, but it will be found later that 
it is much smaller than the above increase from 201 to 310 psi. Thus, 
from an aircraft-engine standpoint , where power is the chief consideration, 
it is more advantageous to employ a low compression ratio and high super * 
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charge than a high compression. In actual practice, the gain in fuel 
economy indicated above is not achieved because of the power required 
to operate the blower; the result is that a power increase is obtained for 
about the same fuel per ihp. It follows that, for maximum power for 
the least weight, e.g., for a fighter, a low compression at high boost is 
desirable; whereas, for maximum range of operation, e.g., for a bomber, 
as high a compression ratio as possible consistent with obtaining the 
required maximum power is the desirable combination. 

2 . Supercharged Constant-volume Cycle.—It would be well at this 
point to consider the cycle in somewhat greater detail Tn order to 
supply an engine cylinder with mixture al pressure P,„ which is greatei 



Fig 24 

than P a , the atmospheric pressure, the air must be compressed. Assume 
that some volume V a of air is drawn into a compressor at P a , compressed 
adiabatically to P m , and delivered into a manifold from which the engine 
draws its charge. This operation can be represented by the diagram 
7-6-1-8 of Fig. 24, and the area of this figure will be the work done during 
compression. The engine cylinder takes its suction stroke 8-1 at this 
pressure and compresses along 1-2, followed by combustion 2-3, 
expansion 3-4, and exhaust 4-9-7. The intake valve then opens, increas¬ 
ing the cylinder pressure from point 7 to point 8, the starting condition. 
As before, the sum of the areas 1-2-3-4 and 7-8-1-9 has been called the 
indicated work of the cycle . But, to achieve this, the engine has to supply 
to the super-charger, when driven off the engine, the work represented 
by 7-0-1-8; thus 
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New output = (1-2-3-1) + (7-9-1-8) - (7-9-1-8) - (1-6-9) 

— area 1-2-3-4 — area 1-6-9 

- ( E 3 - E a ) - {E 2 - E x ) 

- [{Ex ~ Ei>) ~ P«(F. - F 9 ) 14 ^ 78 ] 



Net output = (E s — Ea) — {E>> — E i) 



3. Turbosupercharger,—In the discussion above, the engine exhausts 
at state 4, and the pressure falls to state 9, the pressure of the atmosphere. 
If it were possible to continue to increase the cylinder volume past its 
original value, adiabatic expansion could continue to occur along the 
line 4-5, delivering more work to the propeller. Such an engine, having 
the expansion stroke of V 7 to F& with a compression stroke of V 7 to F<>, 
has yet to be perfected. 

However, the exhaust gas leaving the engine does possess the energy 
represented under the adiabatic curve 4-5, but not all of this is available. 
The pressure in the exhaust manifold cannot equal P 4 , since it is necessary 
to discharge the gas rapidly from the engine cylinder. At ground level, 
the exhaust-manifold pressure P c is approximately equal to atmospheric 

P.. 

As altitude is gained, P a , the atmospheric pressure, decreases, but in 
general P e is maintained at the ground-level value of 14.7 psi, and the 
engine in effect continues to operate at sea-level conditions. Since a 
pressure drop P c to P a is now available between the exhaust manifold 
and the atmosphere, this drop can be used to operate a turbine placed in 
the exhaust system, which can in turn be used to drive the supercharger, 
relieving the engine of this load. In general, it is usual to permit the 
back pressure to exceed sea-level atmospheric pressure, and it is fairly 
common practice for P e to be equal to P m . In this case, when the exhaust 
valve is opened, the gas expands without doing useful work from P 4 to 
P m , Such an expansion is represented by 4-10 and is at approximately 
constant temperature, except for heat losses and work done against pres¬ 
sure P m . For theoretical considerations, the gas can be considered to 
exist in the manifold at state 10, where 4-10 is an irreversible adiabatic 
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expansion doing work equal to P e (V 10 - V A ) ft-lb. The gas now enters 
the turbine and expands from 10 to 11. The work available is the area 
8-10-11-7, which is seen to be considerably greater than the work of the 
supercharger 8-1-6-7. Thus, provided thal the efficiency of the turbine 
is high enough so that the actual work produced at the shaft exceeds 
8-1-6-7 by a sufficient margin, supercharging can be achieved from the 
energy of the exhaust gases. 

Under these conditions, the indicated power developed on the piston 
is represented by 

Indicated work = 1-2-3-1 

Since the exhaust pressure P, is equal to the manifold pressure P„ M there 
is no pumping loss. 

No deduction has to be made for the work of compression; thus 

Net output = area 1-2-3-4 

— (Ez — E a ) — (P 2 — Ei) Btu per cycle 

Theoretically the work developed in the turbine can be 

Turbine work = area 8-10-11-7 
Compressor work — area 8-1-6-7 


Thus the excess of turbine work over compressor requirements is the 
area 6-1-10-11. 

The work represented by this area could, by a suitable gear connec¬ 
tion, be added to the engine output, increasing the horsepower of an 
engine by a considerable amount, particularly at high altitude, where P n > 
is much greater than P fl . So far as is known, this has yet to be done in 
practice. 

Assume that the values of P m and P e , the inlet- and exhaust-manifold 
pressures, are held constant as altitude is gained. It follows that no 
change in the area of the combustion loop of the diagram occurs; thus the 
ihp of the engine remains practically constant, with the exhaust gases 
providing the increase of power required by the compressor. In prac¬ 
tice, some change of temperature occurs with altitude and affects this 
conclusion slightly. 

4. Possibilities of Supercharged Cycle.—In order to bring out the 
relative values of power output, efficiency, etc., that can be achieved by 
supercharging, the curves of Figs. 22 and 23 have already been referred 
to. These curves are for the ideal cycle as calculated in the previous 
example (page 44). They assume no heat and friction losses and that 
chemical equilibrium and combustion are complete (as far as the condi¬ 
tion permits) at point 3 of the diagram. It is well known that the peak 
of the diagram is not a sharp point and that combustion and chemical 
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equilibrium do not reach a stable state at the speed of a modern engine. 
Also considerable heat loss does take place from the charge to the engine¬ 
cooling medium. All these factors tend to reduce power output and 
increase fuel consumption. 

In order to predict the actual expected performance of an engine 
cylinder, it is necessary to be able to make some allowance for these 
various losses, and the author has developed the scheme outlined below. 
To illustrate the method, a calculation for an ideal cycle and an actual 
cycle for the same conditions will be developed. It is first necessary to 
know the magnitude of the average heat losses to be expected. Figure 
25 gives a plot of such losses against manifold pressure for an average 



Fig. 25.—Heat lo«s for constant-volume cycle. 


engine. Of course, individual engines can vary considerably, but the 
change due to such variations is not too great. 

Assume the cycle to be examined is that of an engine that has a 
compression ratio of 6.5:1 and an inlet-manifold condition of 70 in. Hg 
abs at 200°F, and that for maximum power output the engine uses a rich 
mixture of octane and air. 

a. Ideal Cycle .—Then the ideal cycle can begin compression at 70 in. 
Hg abs and 200°F without any exhaust gas present. Using the charts 
as outlined previously, the following data are obtained: 

Point 1: 

Given: Pi « 70 in. = 34.4 psia 


Ti ** 200 + 460 = 660° 
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Read from chart (Fig. 18) 

Vi = 7.6 cu-ft E x = 28 Btn Si = 0.056 H x = 75 
Point 2: 

Given: Compression ratio = 6.5:1 

V, = 14 = 1.17 cu ft So = 0.050 
0.5 

Read 

Pi = 399 E t - 144 T 2 = 1180 H» = 229 
E r = 1507(1 - /) + 300/ where / = 0 
- 1507 

Point 3. 

Given: V, = = 1.17 eu ft 


Read from Fig. 21 

P 3 = 1890 

Point 4: 

Given: S* = 0.5215 
Read 

Pi = 185 

Work of compression 


E% — + E, 

= 111 + 1,507 
= 1051 Btu 

7' 3 = 5200 S, = 0.5215 
l r 4 = 7.0 

Ti = 3370 Ei = 1032 

W c = Et - Ei 
= 144 - 28 
= 110 Btu 


Work of expansion 


W e — Ei — Ei 

= 1651 - 1032 
= 619 Btu 


Pumping work 

W p = ( P m - P,)(Vx ~ F 2 ) 14 5778 Btu 
= (34.4 - 14.7)(7.0 - 1.17)14^78 
= 23.4 Btu 

Net work of cycle — W E + W p — W r 
= 619 + 23.4 - 116 
= 526.4 Btu 


Heat added per cycle = E c 


Efficiency of ideal cycle 


1507 

526.4 

1507 


= 34.9 per cent 
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work 

change of volume 
526.4 X 778 
144(7.6 - 1 17) 

442.2 psi 
25-15 
526.4 

4.84 lb per hr 
0.0782 lb 
4.84 X 0.0782 
0.3785 lb per ihp per hr 

b. Cycle With Heat Loss .—In order to obtain the performance of an 
actual engine, some allowance for heat losses must be made Using the 
curve of Fig. 25, assume that the heat loss to the cooling medium is 
10 per cent and to the oil is 1.2 per cent of the heat of combustion. 

Of the above heat loss, only a portion escapes from the cylinder during 
the compression and expansion strokes; the remainder is lost during the 
suction and exhaust. The losses during these last two events do not 
affect the power output, since the pressure during these operations is 
approximately constant. The heat losses during the various strokes of an 
engine have been examined by Taylor and Taylor.* Employing a slight 
modification of their results to allow for the higher supercharge pressure 
being considered at the present time, it is estimated that the heat losses 
for the various strokes would be approximately as follows: 

Heat loss during compression = 0.3 per cent of E c 
Heat loss during combustion — 2.0 per cent of E c 
Heat loss due to incomplete combustion = 2.0 per cent of E ( 
Heat loss during expansion = 4.0 per cent of E c 
Heat loss per stroke to the oil = 0.3 per cent of E c 
Heat loss during suction and exhaust unaccounted 

for = 2.6 per cent of E c 
Total heat loss = 11.2 per cent of E c 

If the above heat losses are used and applied to the ideal cycle as deter¬ 
mined by the charts, a close approximation to the actual engine output 
should be achieved. 

In addition, the mixture flow to the cylinder will receive heat from the 
hot valves, etc., and also suffer a slight pressure drop due to resistance. 
Assume that, at the beginning of compression, the temperature has 
increased to 275°F and the pressure dropped from 70 to 69 in. Hg abs. 

* “The Internal Combustion Engine,” p. 139, International Textbook Company, 
Scranton, Pa., 1938 


Indicated rnep = 


Air per ihp per hr = 

Fuel per lb air = 
Fuel consumption = 
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In addition, in an actual engine, some exhaust gas will be left over from 
the previous cycle; assume this to amount to 2 per cent of the charge 
weight. 

Initial conditions: The starting point for the actual cycle under full- 
throttle conditions will thus be approximately as follows: 


Manifold pressure P m — 70 in. Hg abs 
= 34.4 psia 

Cylinder pressure P i = 69 in. Hg abs 
= 33.9 psia 

Manifold temperature T m = 200 + 4G0 

= 660° abs 

Cylinder temperature r l\ = 275 + 460 

= 735° abs 


Exhaust dilutant / = 0.02 


Point 1: The properties of the rich mixture at the beginning of com¬ 
pression can be obtained from Fig. 18. They correspond to the inter¬ 
section of Pi = 33.9 psia and T x — 735° and are as follows: 

Pi - 33.9 T i - 735 Si = 0.087 Fi = 8.5 cu ft 

Ei = 43 Btu Hi = 95 Btu 


Point 2: Point 2 is reached by a compression through a ratio of 6.5:1, 
the new volume being 

V 2 = = 1.31 CU ft 

6.5 

This compression is no longer adiabatic, 
since now a heat loss of 0.3 per cent of 
E c occurs to the coolant and 0.3 per 
cent of E c to the oil. 

Heat loss during compression 


0.6 

100 


X E c 


E e = 1507(1 - /) + 300/ 

/ = 0.02 

E c = 1507 X 0.98 + 300 X 0.02 

* 1477 + 6 

* 1483 Btu 



Fig. 26. 


0.6 


Heat loss from 1 to 2 = X 1483 
= 8.9 Btu 
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If the compression were plotted on a temperature-entropy diagram, 
it would be of the form shown in Fig. 26, where 1-2 is the compression, 
and the area S 1 -I- 2 -S 2 would equal the heat loss of 8.9 Btu. Point 2 
would be on the volume line of Vo = 1.31. The change of entropy 
Si — £2 will be seen to be quite small; hence the curve 1-2 can be con¬ 
sidered practically a straight line. On this assumption, the area is 
given by 

(Si — So) ^ Ti + —-g——^ = heat loss = area $ 2 - 2 - 1 -$! 

($1 - $ 2 )(Ti + T 2 ) = 2 (heat loss) - 17.8 Btu (45) 

Now obtain a point on the volume line of 1.31 cu ft that satisfies 
Eq (45). 


S, 

0.08 

0 075 

0 078 

T, 

1270 

1245 

1265 

(Si — Si) (7' 1 -f- 'Ti) 

14 03 

1 

23 7 

18 0 


The last value of the entropy $ 2 = 0.078 is close enough to satisfy 
Eq. (45) for all practical purposes; hence it follows that 

P 2 = 380 T 2 = 1265 r 2 = 1.31 $2 = 0.078 

E 2 = 165 Ho = 255 

Work of compression: To obtain the work of compression, apply the 
first law 

dQ = dE + dW t 
-Q = (E 2 - Ei) + W e 
W t - ~(E 2 - E\) - Q 
= — (165 - 43) - 8.9 
= —130.9 Btu 

Point 3: From point 2 to point 3, a constant-volume process occurs 
during which a heat loss of 0.02 X 1,483 plus an incomplete combustion 
loss of the same amount occurs. Thus the heat added during the opera¬ 
tion amounts to 

Heat addition = 1483 X 0.96 
- 1422 Btu 

Thus the state at point 3 is given by the point of intersection of 

E = E 2 + 1422 - 1587 Btu 

and the volume line F 3 — 1.31 on Fig. 21, and 

Pz = 1620 f 3 = 5,040 V% = 1.31 $ 3 - 0.518 

E z » 1587 Ih = 1980 
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Point 4: An expansion from point 3 to point 4 now occurs with a heat 
loss of 0.04 X 1483 = 59.3 Btu. This operation is treated in the same 
manner as for the compression, Fig. 27 representing the process. If 3-4 
is considered to be a straight line 

(S 3 — Si)(Ts + T 4 ) = 2 (heat loss) 

= 118.6 Btu 



0 5 

1 0 505 

0 501 

T t 

3050 

3075 

3005 

+ 

CQ 

1 

145 

105 5 

113 5 


The last value in the above table is as close as the diagram warrants. 
Thus 

P 4 = 148 Ti = 3065 

Va = 8.5 >84 = 0.504 

Ei = 940 i /« 4 = 880 

Work oj expansion: The work 
of expansion is again obtained by 
the first law 

dQ = dE + dW 
-Q = (Ei - E t ) + dWn 
dW E = -(940 - 1587) - 59.3 
= 587.7 Btu 

Pumping work: The pumping 
work is the work done during 
suction and exhaust represented 
by the rectangular area enclosed by the diagram during these strokes. 
This work will be due to the pressure difference actually existing on the 
piston during this period. 

During suction assume that the mean pressure is 1 psi below manifold 
pressure, and during exhaust assume that it is 1psi above atmospheric. 
Pumping work dW p = [( P m — 1) — (Pa + 1.5)](1T — F 2 ) 14 ^78 
= (33.4 - 16.2)(8.5 - 1.31) 14 ^ 78 
= 22.9 Btu 

Net indicated work of cycle: 

Net work = dW e + dW p — dW c 
= 587.7 + 22.9 - 130.9 
= 479.7 Btu 
Heat added per cycle = 1483 Btu 



S 


1 Hi 27 
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±79.7 
1483 

32.3 per cent 
work 

change of volume 
479.7 X 778 
(8.5 - 1.31)144 
361 psi 

Since / = 0.02, the 479.7 Btu of work are done by 0.98 lb fresh air 

Air per ihp per hr = X 0.98 

= 5.21 lb per ihp per hr 
Fuel/air ratio = 0.0782 
Fuel per ihp per hr = 0.0782 X 5.21 

= 0.407 lb per ihp per hr 

c. Actual Cycle With Heat Loss .—The cycle'examined above gives an 
indicator diagram with sharp corners, as in Fig. 16. An actual engine, 
because of valve timing, etc., produces a diagram with rounded corners; 
thus the actual ihp developed will be somewhat less than that indicated 
above. In general, the ratio of the area of the actual diagram to the 
above theoretical indicator card is of the order of 0.90 to 0.92. 

Therefore, if the diagram factor is assumed as 0.91, the expected 
engine performance for the assumed manifold conditions will be 


Efficiency of cycle with heat loss = 
Indicated mep with heat loss = 


Net work = 479.7 X 


Efficiency = 


. ~ 0.98 

445 Btu per lb air 
445 X 0.98 X 100 
1433 


= 29.4 per cent 
Indicated mep = 361 X 0.91 
= 328 psi 

Air per ihp per hr = = 5.73 lb per hr 

Fuel consumption = 0.448 lb per ihp per hr 


If these last results are compared with actual engine-performance 
figures obtained from single-cylinder engines, it will be observed that 
there is quite close agreement between these theoretically calculated 
results and those actually found at a compression ratio of 6.5:1. If the 
figures are compared with a multicylinder engine, some allowance must 
be made for poor mixture distribution; the power output will decrease 
slightly, and fuel and air flow will increase, depending on the magnitude 



THE ENGINE CYCLE 


61 


of the inequalities of distribution. An allowance of about 3 to 5 per¬ 
cent for this variation would be an average condition. Multicylinder- 
engine performance with a 4 per cent allowance would be represented by 

Indicated mep = 315 psi 

Efficiency = 28.3 per cent 
Air flow = 5.96 lb per- ihp per hr 
Fuel flow = 0.466 lb per ihp per hr 

Again it will be observed that these values agree with good multi¬ 
cylinder-engine performance. 

The peak cylinder pressure of the diagram is given as 1,620 psia 
before rounding of the corners. After correcting the diagram, this pres¬ 
sure will be found to be some 85 to 90 per cent of the above value, say 
1,400 psia, a value that agrees with actual measurements 

5. Unsupercharged Engine.—As a further check on the estimated 
performance, the case of an engine operating with sea-level pressure at 
inlet and exhaust will be examined Examination of Fig. 25 shows that 
the heat loss for such a case will be about 19 per cent to the coolant and 
1 per cent to the oil of the total heat added in the form of fuel, winch can 
be divided about as follows: 

Heat loss during compression = 0.5 per cent to coolant 

+ 0.25 per cent to oil 
= 0.75 per cent 

Heat loss during combustion = 25 per cent 
Heat loss due to incomplete combustion = 2.0 per cent 

Heat loss during expansion = 6.25 per cent to coolant 

+ 0.25 per cent to oil 
= 6.5 per cent 

Total loss accounted for = 11.75 per cent 
Balance during suction and exhaust = 7.25 per cent 
Total losses = 19.0 per cent 

Because no excess manifold pressure above the exhaust pressure 
exists, scavenging will not be so good; hence a somcwfliat larger per¬ 
centage of exhaust gas will be left in the cylinder, say / = 0.03. In 
addition, since power output is reduced, the heating of the charge during 
inlet will be reduced somewhat. Assume that the mixture increases from 
about 125 to 175°F in passing into the cylinder. 

Thus the manifold conditions will be 

P m = 30 in. Hg abs 

T m = 125°F or T m = 125 + 460 = 585° 

Fuel/air ratio = 0.0782 
Compression ratio = 6.5:1 
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Assumed conditions at beginning of compression: 

Pi = 29 in. Hg abs = 14.22 psia 
Ti= 175 + 460 = 635° abs 
/ = 0.04 


Point 1: 


Point 2: 


Pi = 14.22 J\ = 635° Vi = 17.3 Si = 0.106 

Ei = 22 Hi = 68 

Heat of combustion = 1507(1 — /) + 300/ 

= 1507 X 0.97 + 300 X 0.03 
= 1470 Btu 
0 75 

Loss during compression = X 1470 


11.02 Btu 


Vi 


Thus as before 


1*2 = = 2.66 cu ft 

6.5 


(Si ~ S 2 )(Ti + T t ) = 2 X 11.02 
= 22.04 


Sz 

0 095 

0 0925 

0 092 


1120 

1098 

1095 

j 

y: 

1 

17 55 

21 7 i 

22 5 


Using S, = 0.0925 from the above table, 

Pi = 170 'Pi = 1095° V 2 = 2.66 St = 0.0925 
Ei = 123 Ih = 200 

Work of compression: By the first law 

dQ = dE + dW c 
dW c = -(Et - Ei) -Q 
= -(123 - 22) - 11.0 
= -112 Btu 

Point 3: Constant-volume combustion will release E c = 1470 Btu but 
of this a total of 4.5 per cent will be lost; thus 

Heat addition = 1402 Btu 

It follows that the state at 3 will be represented by the intersection 
of = 2.57 cu ft and E — Et + 1402 = 1525 Btu 

P» = 780 = 4860 V 3 = 2.66 S 8 = 0.5605 

Et = 1525 Ht = 1910 
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Point 4: From 3 to 4, a total loss of 6.5 per cent E, occurs equal to 
95.5 Btu; thus 

($3 — S4 )(r 3 + T4) = 2 x 95.5 

= 191.0 Btu 

Volume I r 4 — 17.3 cu ft 


1 ' .. 

s< 0 r>i 0 :>;ir> 0 530 

T 4 2920 2800 2870 

(£3 - Sa)(Tz -f T 4) ir>S 0 197 0 ! 189 2 

_I_!_I_ 


Assume S 4 = 0.536, then 

p 4 = 69 T 4 - 2870 V A = 17.3 S A - 0.536 
E 4 - 880 // 4 - 808 

IVor/c 0 / expansion: By the first law 

dQ = dA -f* (fit 
IF* = - (E A - Ed - Q 
= -(880 - 1525) - 95.5 
= 549.5 Btu 

Since P m and P a are equal in this case, the pumping work is almost 
zero. However, with a 1-lb drop during suction and a 1 1 2 -lb increase 
during exhaust, there is a negative pumping loop equal to 

dWr = — 2.5(Ki - T 7 2 ) 144 7 78 
- —6.78 Btu 

Net indicated work: 

Net work = dW e — dWp — dW c 
= 549.5 - 6.78 - 112 
- 430.72 Btu 

Efficiency: 

Heat added = 1470 Btu per cycle 
430 72 

Thermal efficiency = ^ 7 {) ^ 

= 29.3 per cent 

Indicated mep — - WO *~ ;—— 

^ change oi volume 

_ 430.72 X 778 

14.64 X 144 

= 159.0 psi 
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This work is done by 0.97 lb fresh air. 


Air per ihp per hr 


2545 X 0.97 
430.72 


= 5.74 lb per hr 
Fuel air ratio = 0.0782 
Fuel consumption = 0.0782 X 5.74 

= 0.448 lb per ihp per hr 


Using a diagram factor of 0.90, in this case due to smaller total area 
of diagram, the actual expected results could be as follows: 


Net work = 


430.72 X 0.9 
0.97 


= 399.5 Btu per lb air 


Thermal efficiency = 


430.72 X 0.9 
1470 


= 26.6 per cent 
Indicated Mep = 159.0 X 0.9 
= 143.0 psi 


Air flow = 


574 

0.90 


= 6.39 lb per hr 

Fuel consumption = 0.499 lb per ihp per hr 


It will be observed that these performance figures correspond approxi¬ 
mately to that of an actual unsupercharged engine with a compression 
ratio of 6.5:1. 

The effect of the additional relative heat loss resulting from the reduc¬ 
tion of power shows up in the increased fuel consumption for a given 
fuel/air ratio. By repeating this calculation for various fuel/air ratios, 
a series of curves could be plotted giving the average performance for 
various supercharge pressures and temperatures, thus providing typical 
data before actual test results become available from any proposed engine. 
It is true that such data would provide information that is approximately 
true for only one heat flow, but by continuing the process a series of curves 
could be obtained that would cover the whole usable field. The remain¬ 
ing problem would then be to guess the heat losses of any proposed engine. 
With some other similar engines as a guide, this should not be difficult. 

6. Effect of Altitude on Engine Cycle. —The examples analyzed so far 
have not involved any variation of engine altitude. It is well known 
that, because of the compressibility of the air composing the earth’s 
atmosphere, the density, or weight per cubic feet, varies with altitude, 
being a maximum at sea level and gradually reducing as the height above 
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sea level increases. This change of density with altitude arises from the 
fact that at any height the air is subjected to the weight of the atmos¬ 
phere above it, and since air is compressible the greater the height to 
the topmost layer of the earth's air above the point under consideration 
the smaller the volume into which a given weight of air is compressed. 

The weight of a column of air depends upon (1) the height of the 
column and (2) the temperature of the column. Thus the pressure at 
any point in the earth's atmosphere will depend upon the altitude and 
the temperature of the column above the point under consideration. 

The fact that the temperature of the atmosphere is not constant is 
well known, for any high snow-capped mountain in mid-summer estab¬ 
lishes this to the most casual observer. In addition, the temperature at 
any given altitude can vary over wide limits, and as a result the pressure 
at any height is not a constant but can fluctuate. 

In aircraft flying over any irregular terrain, considerable variation 
in altitude can occur in order to clear mountains. For fighting airplanes, 
high altitude is a vital necessity. It is thus necessary to investigate the 
effect that atmospheric changes at varying altitude have upon the power 
output of an internal-combustion engine. 

Returning to the air standard cycle for a moment; it was established 
that 

Efficiency of cycle = 1 — r l ~ K — rj 

where r = compression ratio 

k = ratio of specific heats 
W = vQa 

Work done = W Btu 

Qa = heat added in the form of fuel 

The expression for the efficiency is seen to contain no reference to the 
pressure, density, or temperature of the air supplied to the engine, and it 
depends solely on the compression ratio. Since no assumption regarding 
altitude was made in the development of this expression, it is perfectly 
general for all altitudes. It follows, at least to a first approximation, 
that the efficiency is independent of the altitude . 

It should be remembered that the above expression gives the indi¬ 
cated work done; thus the varying mechanical efficiency with altitude 
does not enter to complicate the picture. However, in an actual engine 
for a given manifold pressure, there is a gradual reduction in exhaust 
back pressure at increasing height. This will result in a slight increase 
in net work due to the larger pumping loop, as already explained on 
page 39. Thus the efficiency on an ihp basis will show a slight tendency 
to increase with altitude, other things being equal. 
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The expression for the work done W involves the efficiency rj and the 
heat added Qa . The heat addition is that supplied in the form of fuel 
(E c ) and is of constant magnitude per pound of fuel. However, the 
mixture supplied to the cylinder consists of some definite fuel/air ratio, 
this ratio having rather definite and narrow limits depending on the 
production of a suitably inflammable mixture. This mixture ratio, 
commonly called the fuel/air ratio , will vary only from about 0.06 to 
0.08, i.e., 0.06 to 0.08 lb fuel to each pound of air for normal operation; 
whereas, at full-throttle take-off conditions, it may increase to about 
0.08 to 0.09 or even higher. Thus it is reasonable to assume that Qa, 
the heat added in the form of fuel, is constant per pound of air in the 
engine cylinder for any given set of conditions/ It follows then that, 
if P m and T m , the manifold pressure and temperature, as well as P e , the 
exhaust back pressure, are constant, the power output as well as the 
efficiency of the cycle are of constant magnitude independent pf altitude. 
This is the condition encountered in an engine operated with a turbo- 
driven supercharger where the back pressure in the exhaust manifold is 
maintained at about its ground-level value. 

In an unsupercharged engine, the pressure in the engine intake and 
the exhaust manifold vary with altitude but are about equal to one 
another; hence the negative or pumping loop is of constant magnitude, 
and the firing loop will also be constant per pound of fuel burned. How¬ 
ever, the pounds of air in the engine cylinder are reduced because of the 
reduced air density as altitude is gained; hence the fuel flow must be 
reduced in proportion, and therefore the power output is decreased, 
although the efficiency remains constant. 

The energy chart could be used in the same manner as before to obtain 
the actual expected values of each item with changes in atmospheric 
conditions. Thus means are available to predict engine performance 
under any desired conditions, provided that an approximate idea of the 
likely heat losses is known. 



CHAPTER IV 


TYPES OF COMPRESSORS 

The methods employed for obtaining the indicated horsepower of any 
engine cycle have been outlined. It is now necessary to study the same 
thing for the various types of apparatus that can be used for supplying 
the engine manifold under the desired pressure in order that the two 
may be combined into the net performance. 

The various forms of machines available for supplying air under pres¬ 
sure can be summarized as follows: 

1. Positive-displacement compressors. 

2. Centrifugal compressors. 

The first may be subdivided into the following types: 

a. Reciprocating compressors. 

b. Displacement blowers without compression. 

c. Displacement blowers with compression. 

The second can be subdivided into 

a. Radial flow. 

b. Axial flow. 

c. Combined flow. 

Each type has certain advantages and disadvantages for use as a 
supercharger for internal-combustion engines, and an analysis of the 
method of compression and work required by each type will bring out 
the main points of each. 

POSITIVE-DISPLACEMENT COMPRESSOR 

1. Reciprocating Compressor. —A typical reciprocating compressor 
is shown in Fig. 28. It consists of a double-acting piston driven by a 
crank and connecting rod from the crankshaft of the engine. In some 
instances, a multiple of engine speed can be employed if the mechanism, 
valves, etc., can be made to withstand wear and work efficiently at high 
speeds. 

The compressor shown is that employed as a scavenge blower for a 
Nordberg two-cycle oil engine and incorporates at the same time the 
high-pressure compressor for blast air. In what follows, only the low- 
pressure scavenge blower is being discussed. If this type were used as 
a supercharger, its construction would not change materially from that 
shown. 


67 
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The complete mechanism involves the use of suction and delivery 
valves at each end of the cylinder, together with piston rings, piston-rod 
packing gland, etc. 

The piston draws in a charge of air at a little below the existing atmos¬ 
pheric pressure through the inlet port, compresses it to a pressure slightly 
above the pressure in the engine manifold, and discharges it through the 

delivery valves into the connecting 
passage to the engine. It follows 
that the compression is of a nature 
similar to that in the engine cylinder 
itself; thus it follows the general poly¬ 
tropic equation PV n = C, where n 
will be of the order of 1.30 to 1.4 
depending on speed, design, and local 
cooling action. The higher value, 1.4, 
is approximately that of adiabatic 
compression in which the work done 
will equal the change of internal 
energy. This is the condition in a 
high-speed unit where little time is 
available to lose heat during compres¬ 
sion. In moderate- and slow-speed 
units, the value of n may be below 
that of the adiabatic, as indicated; 
and heat is lost, during compression, 
to the water jacket with which such 
compressors are usually surrounded. 

The work of compression can be 
conveniently represented on a P-V 
diagram as in Fig. 29. This dia¬ 
gram is somewhat idealized, since it 

Via. 28.—Nordberg scavenge blower. represents a ' compressor with zero 

clearance volume, a condition that is 
impossible in practice but that can be approached fairly closely in a 
large compressor. At point 1, the inlet closes, and the air is compressed 
to pressure P 2 along the line 1-2 according to PV n = C; and, as already 
pointed out, n can be as high as k, the adiabatic, viz., 1.4. This type of 
compression is represented by line 1-2 in Fig. 29. Under favorable cir¬ 
cumstances, with good cooling and low speed, compression occurs accord¬ 
ing to line 1-3 where PV n * C, it is conceivable that by careful jacketing 
and slo\V speed the isothermal compression 1-4 could be approached. 
The last type is considered to be the ideal compression for this type of 
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compressor, since it would involve the least expenditure of work. The 
thermodynamic efficiency of the reciprocating type of compressor is then 
defined as 


Efficiency E — 


area P rH-? 2 
area Pi-1-3-P 2 


where the denominator represents the actual work done on the air by 
the piston, which may be as much as that represented by the adiabatic 
Pi- 1-2-P 2 . It follows from Chap. II that 


Work done = -P X V X + P ^4 -+ P,V 2 

1 — n 

= (PxV x - P 2 V 2 ) ft-lb 

Since PV = wRT, 

W * r^n wR ( Tl ~ T 

= r (7 \-T 2 ) Bill por lb air 

1 Tl 


The work done with the ideal isothermal comprcssoi is given by 


W T = —PiVi 

+ P,Vx log^ + P.P, 

but, if T = const., 

PiVi = P 2 F 2 

and 

Wr = PiVi log, J 

= RPi logs ~ Btu per lb 
P i 



Fig. 29. 


Thus the thermodynamic efficiency is given by 

R7\ log, (P 2 /P 1 ) _ log, (P 2 /P 1 ) 

V [nR/(l - n)](T l - r,) [n/(l - n)][ 1 - (r,/Ti)] 

= log, (P,/P,) 

[«/(» -1)] [1 - (Pl/Pl)" ] 

If the compression ratio of a compressor is defined as the ratio of delivery 
to suction pressure, then 
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Ratio of compression r = P 2 /P 1 
and 

log e r 

v =- — r 

[n/( 1 — n)J (1 — r n ) 

This expression is commonly called the type efficiency. 

In practice, the actual value of rj can be as high as 0.80 or better 
depending on the speed, compression ratio, etc. 

The value rj is determined from the work added to the air and thus 
does not take into account the frictional losses of bearings, rings, etc.; 
but, for a well-designed lightweight compressor, no reason is seen why the 
mechanical efficiency should not be about 90 per joent. Thus the actual 
work done at the shaft of the compressor would be 

rj "D p «~J 

Wa = (1 — r w ) ft-lb per lb air (46) 

and the indicated efficiency based on isothermal compression as the ideal 

__ 0.9(1 — n) log r r 

Vs -- 

n( 1 — r n ) 

If in place of isothermal compression as the ideal the adiabatic is 
used, then the efficiency would become 

k- 1 

= 0.9(1 - n) k_ (1 - r * ) 

n 1 — k itzl 

(1 - r n ) 

and thus, if compression were adiabatic (about the maximum work addi¬ 
tion that could occur), then n = k and tja = 0.9; or an over-all efficiency 
of 90 per cent based on the adiabatic could be expected. 

As will be seen later, this is perhaps the highest attainable efficiency 
for any of the types of compressors that could be used as superchargers. 
! However, the reciprocating compressor is of little use for an engine oper- 
j ating at high altitude. This can be demonstrated in the following 
manner. 

Assume that an engine consumes 5.9 lb air per ihp per hr, and from 
this calculate the volume of the compressor required to pump this amount 
at sea level and, say, 30,000 ft. 

The suction line Px-1 of Fig. 29 represents the air drawn in per stroke. 
Hence, if N is the rate of revolution of the compressor per minute, 

Volume aspirated = ViN cu ft per min 

Weight of air = — — lb per mm 
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At sea level: 

Pi = 14.7 7\ = 60° 

thus 

V v _ 5.9 X 53.4 X 520 
1 60 X'144 X 14.7 

= 1.29 cu ft per ihp per min 


If the compressor were made double-acting, the minimum displacement 
would be given by 


_ ft = o 645 

4 X 1,728 v 


where d = diameter ot compressor cylinder, m. 

I = length of stroke, in. 

At 30,000 ft: At this altitude, the engine still requires 5.9 lb air per 
ihp per hr, but the suction or atmospheric conditions are now 

Pi = 8 88 in. Ilg abs = 4.36 psia 
Ti = — 48°F = 412° abs 

Thus 

T __ 5.9 X 53.4 X 412 
1 60 X 144 X 4.36 

= 3.44 cu ft per ihp per min 

Thus, to operate at the altitude in question, the compressor would be j 
almost three times the size required for sea-level operation. * 

The average engine displacement per ihp for a modern supei charged 
engine is about 1 cu ft per min per ihp. It follows that the superchargei, 
it of the reciprocating type, would have to have a capacity somewhat 
gi eater than the engine displacement for sea-level operation and about 
three times this for high-altitude work. The main reason for the lack 
of reciprocating compressors in the aircraft field is obvious. However, 
because of their high efficiency, a number of applications for them exist 
for ground-level use where weight and space are of minor importance. 

In order to have a simple means of comparing the theoretical capa¬ 
bilities of various types of compressors, it is proposed to establish the 
work absorbed in providing the air for 1 ihp-hr at sea level and at 25,000 
ft altitude. 

Example. —Assume a high-speed reciprocating compressor having 
adiabatic compression delivering to a manifold maintained at 60 in. Hg 
abs and that 5.9 lb air per ihp per hr is required. 

At sea level: 

Atmospheric conditions P a = 14.7 psia 
T a = 60°F 
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Volume of 5.9 lb = 

_ 5.9 X 53.4 X 520 
144 X 14.7 
= *77.3 cu ft 


Thus the total suction volume Vi for 5.9 lb will be 77.3 cu ft. This 
volume could be compressed in one stroke in a large cylinder or in any 
number of strokes of smaller volume. Obviously the last method would 
be the one employed in practice, but for ease of calculation assume that 
compression occurs in one stroke, i.c., V\ of Fig. 29 = 77.3 cu ft 


At 25,000//: 


PiV\ 4 = P 2 V \ 4 . 

14.7 X 77.3 1 4 - 60 X 0.491 X V\ A 

I 4 - 7 -.Vi77 3 

2 \60 X 0.491/ 

= 47.2 cu ft 

Work of cycle = Y ~ ~ n “ P 2 V 2 ) 

= 127,200 ft-lb per 5.9 lb air 


Atmospheric pressure = 11.1 in. Hg abs 
= 5.4 psia 

Amospheric temperature = — 30.1°F 

- 429.9° abs 

Volume of 5.9 II. - 5 - 9 X 53 ' 4 X 429 ' 8 


144 X 5.4 
= 174.0 cu ft 
PiV\ A = P 2 V\ a 

V, . (gf* V , 

-OK.)* 


174.0 


= 51.8 cu ft 


Work of cycle = (P\V\ — P 2 F 2 ) 

= (5.4 X 144 X 174 - 29.46 X 144 X 51.8) 

— 295,000 ft-lb per 5.9 lb air 


Efficiency at sea level: 

Type efficiency = 


isothermal work 
actual work 


i 
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Isothermal work = P\V X log. 


Pi 


= 14.7 X 144 X 77.3 log. 


29.40 

14.7 


Efficiency = 


= 113,900 ft-lb 
113,900 


127,000 
= 0.894 


If a mechanical efficiency of 85 per cent is assumed, it follows that 

127,200 
0.85 

150,000 ft-lb per 5.9 lb air 


Work at drive shaft 


Over-all isothermal efficient*v 


= 113,900 
150,000 
= 0.70 ✓ 


Efficiency at 25,000 ft: 


Isothermal work = 5.4 X 174.0 X 144 log, 


29.40 

5.1 


= 229,400 ft-lb per 5.9 lb air 
™ . 229,400 

EfllClenCy = 29p00 
= 0.778 


With 85 per cent mechanical efficiency 

Over-all isothermal shaft efficiency = 


229,400 X 0.85 
295,000 
0.662 11 


The above calculations assume that compression was perfectly adia¬ 
batic. In actual practice, some small heat loss will occur, but at the 
same time some extra pumping work will occur because of pressure drop 
across the valves, leakage, etc. Assuming that these two effects offset 
one another, then the efficiency based on the adiabatic compression as 
the ideal in both cases would be 


Adiabatic efficiency = 


adiabatic work 
actual work 
0.85 


2. Quantity Control. —The control of the air flow for a reciprocating 
compressor is obtained by throttling the intake so that at the beginning 
of compression the same cylinder volume is filled with air at subatmos- 
pheric pressure; thus the weight of charge is reduced according to 
PV » wRT. This charge is then compressed and delivered to the engine 
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manifold at some pressure that results in the engine obtaining the 
desired charge for the power output required. 

As shown by Eq. (46), the power required is a function of the com¬ 
pression ratio P 2 /Pi per pound of air. Thus, so long as the ratio of 
compression was constant, the power absorption would remain constant. 

3. Displacement Blowers without Compression.—A displacement 
blower without compression is usually a machine employing rotating 
elements in place of a reciprocating piston, the elements alternately 
occupying and evacuating some definite volume. The best known exam¬ 
ple of this machine is Roots blower, illustrated in Fig. 30. It consists 
of two impellers mounted on parallel shafts that are connected together 
by gears so that the impellers rotate in opposite directions. The shape 




*ic. 30 j u , 31 

of fire impellers is roughly a figure eight, and thus in effect they are two 
gears each having only two teeth, and acting exactly as a gear pump. 

Other designs, such as that of Fig. 31, employ more than two lobes 
per impeller, three and four being common. In some cases, they are 
made with helical rotors. The principle of operation and the work 
absorbed per pound of air is unchanged by the number of teeth the 
impeller has. 

Air is drawn in through the inlet and carried round by the impeller 
between the impeller and the casing, as in compartment A (Fig. 30), and 
is forced out the delivery by the displacement action of a lobe of the other 
impeller. Since these blowers operate with little internal contact, 'fric¬ 
tion is negligible, and no internal lubrication is necessary. However close 
the clearances between the impeller tip and casing are maintained with¬ 
out actual contact, some slippage from the delivery to the suction side 
is sure to occur, resulting in losses; and, although such slippage is small 
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at high speeds, it increases as the speed is reduced. The friction loss is 
almost wholly that of two shaft bearings per impeller plus the gear loss. 

The impellers are balanced about their center of rotation, and thus 
relatively high speeds are possible. However, the speed is limited by 
the point where difficulty is encountered in getting the air through the 
inlet port into the impellers in the time available; consequently volu¬ 
metric efficiency begins to fall off above this speed. 

The characteristics of this type of blower can be visualized after its 
action has been studied. The simplified theoretical machine may be 
summarized as follows: A volume Vi eu ft of air flows into the space 
between the lobe and casing, is trapped in space such as A (Fig. 30), 
and is carried around until the compartment A opens up to the delivery 



Fig. 32. 


pressure. Back flow from the delivery pipe then occurs, and the pres¬ 
sure in A rises almost instantly to P 2 , the volume of the chamber remajji- 
ing constant at V\. Thus the typical indicator diagram is shown in 
Fig. 32. 

Work of cycle = — P 1 F 1 + P 2 7i 

- Vi(Pt - Pi) ft-lb 

It follows that the work done is proportional to P 2 — Pi, the boost 
pressure. Therefore, theoretically the horsepower for a given boost 
depends on V\, the volume flowing per minute; and, if slippage is con¬ 
stant, the horsepower will be a straight-line relation. The energy 
absorbed to reach pressure P 2 could be reduced considerably by the use 
of adiabatic compression along the line 1-3 of Fig. 32. 

In order to make a comparison on some well-recognized basis, it is 
generally assumed that an ideal compressor with which to compare this 
type of machine is one that has such adiabatic compression. Thus the 
ratio of the adiabatic work to the actual work is taken as the type 
efficiency. 
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n n . adiabatic work 

lype efficiency =--—,-;— 

actual work 


t)t — 


For the adiabatic compressor 


[*/( 1 - k)](PiVi - P 2 F 2 ) 
Vi(Pt - Pi) 


PiV\ = P,V\ 


II 

Vi 


thus 


Vt = 


[*/( 1 - k)]P 1 V 1 [l - (PtVt/PiV!)] 

F,(P 2 - P l f 

[k/{\ - k))P l V 1 [ 1 - {Pt/P l )(P 1 /P i fi'] 


PiViiPt/Pi) - 1 


if P%P\ = r, the pressure ratio, 


k- 1 


Vt 


(Lr r _L\ 

\ - k \ r - \ ) 


Repeating calculations similar to those carried out lor the reciprocating 
compressor for this supercharger at sea level and 25,000 ft, the results 
are as shown below. 

At sea level: 

Suction conditions as in the previous example Pi 

= 14.7 psia Vi = 77.3 cu ft 
Delivery conditions P 2 — 29.40 psia 

Work cycle = 77.3 X 144(29.40 — 14.7) 

= 77.3 X 144 X 14.76 
= 164,200 ft-lb per 5.9 lb air 


This compares with 127,200 ft-lb for adiabatic compression and 113,- 
900 ft-lb for isothermal compression. 


Adiabatic type efficiency = 


Isothermal type efficiency = 


adiabatic work 
actual worF~ 

127.200 

164.200 
77.5 per cent 
113,900, 

164,200 / 
69.3 per cent 


These figures compare with 100 and 89.4 per cent, respectively, for 
the reciprocating compressor, before any allowance was made for friction. 
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At 25,000 ft: 

Suction conditions Pi = 5.4 psia F, = 174.0 cu ft 
Delivery conditions P 2 = 29.46 psia 

Work of cycle = 174.0 X 144(29.40 - 5.4) 

= 174.0 X 144 X 24.06 
= 602,000 ft-lb per 5.9 lb air 

Adiabatic type efficiency = X 100 

= 49.0 per cent 

Isothermal type efficiency = X 100 

= 38.1 per cent 


against 100 and 77.7 per cent, respectively, for the reciprocating compres¬ 
sor. The limitation of the positive-displacement blower without com¬ 
pression for supercharger work is apparent. So far the mechanical losses 
have not been allowed for. These losses are small but will reduce the 
above efficiencies somewhat to about those shown below, assuming a 
0.95 mechanical efficiency. 

At sea level: 


Over-all adiabatic efficiency = 0.95 X 77.5 

= 73.5 per cent ; 

Over-all isothermal efficiency = 0.95 X 69.3 

= 65.8 per cent 


At 25,000//: 

Over-all adiabatic efficiency = 0.95 X 49.0 

= 46,5 per cent 

Over-all isothermal efficiency = 0.95 X 38.1 

= 36.2 per cent 


It is seen that at sea level fairly good efficiencies are possible. This, 
in conjunction with the simplicity and the fairly high speed of rotation 
possible, presents a somewhat favorable picture for this type of compres¬ 
sor. Also the size for a given output is not too great, and this means a 
moderate weight. 

The disadvantages of this type are mainly the results of distortions 
under operating conditions. The inlet side is kept cool by the flow of 
cold air, and the delivery side is hot because of the rise of temperature 
through the machine. It follows that, if the casing is bored circular 
under cold conditions, it is out of round under operating conditions, and 
had leakage occurs. To offset this, the casing generally is machined a 
very small amount off center to the bearings so that, under operating 
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conditions, a somewhat closer clearance can be maintained between the 
impellers and the casing. 

Leakage, if of any magnitude, is serious, since the result is a leak of 
high-temperature air back to the suction side. This, in turn, increases 
the inlet temperature, and thus the delivery temperature, which again 
leaks back at a still higher temperature, setting up a vicious circle. In 
addition, of course, extra power is absorbed by the leakage. 

The delivery from a two-lobed Roots compressor is seen to consist 
of four impulses per revolution; thus a steady flow is not secured unless 
the volume of piping or casings, at the delivery, is great enough to damp 
out these oscillations in pressure. 

Examination of the impeller design reveals that there should be no 
out-of-balance forces except those arising from errors in casting, etc., 
which can be eliminated by passing each impeller through a balancing 
machine and removing stock as required, until some desired standard of 
balance has been secured. It follows that the possible speed of rotation 
should be high. The limit appears to be the possible inlet area that can 
be secured, since the machine takes its suction in four sudden impulses, 
thus requiring large areas. 

If the machine is operated at too high a speed, the volumetric effi¬ 
ciency begins to fall off, as already mentioned. Machines of this type 
have been operated at speeds of 7,000 to 8,000 rpm in small sizes. At 
such speeds, the power absorbed per pound of air is above the most effi¬ 
cient value, and the volumetric efficiency has also passed its maximum. 
Values of 3,500 to 5,000 rpm appear to give about the best over-all 
results. 

Performance curves of this type of compressor are illustrated in Fig. 
34, from which it is seen that the best adiabatic efficiency is secured at a 
pressure ratio of about 1.25:1 at 3,500 rpm, the value being about 58 
per cent. The over-all theoretical type efficiency for a compression 
ratio of 2:1 was calculated to be 73.5 per cent. The curves indicated 
an actual value of about 49 per cent, about 65 per cent of the ideal. 
This difference is due to leakage and the other losses at inlet and delivery, 
and brings out the fact that the blower is unsuitable for a high compres¬ 
sion ratio, the economical value being of the order of from 1.2:1 to 1.5:1. 

F. A. Hiersch, in a paper before the ASME, develops equations from 
which the most desirable dimensions for such a blower can be calculated.* 
For one such design, it is estimated that, for maximum volumetric effi¬ 
ciency, the length of the impeller should be about half the diameter. 
In actual practice, this would, in general, result in a rather large diameter 

* Proposed Expressions for Roots Supercharger Design and Efficiencies, Tram. 
ASME , efi, 853-855 (November, 1943). 
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for a given displacement, particularly since in most cases the blower is 
mounted alongside the engine. Blowers for most multicylinder engines 
have a length/diameter ratio of from 1:1 to 1^:1. 

The Roots-type supercharger when attached to an engine that is 
controlled by varying the charge weight, as is the case with the gasoline 
engine, must also be capable of delivering a varying weight of charge. 
This can be achieved by throttling the intake air or by-passing some of the 
delivered air back to the suction side via a throttle valve to reduce the 
manifold pressure to the desired value. The results of the two methods 
of control are shown in Fig. 35, where the area abed is the work done 
when the compressor draws its air direct from the atmosphere at pressure 
P a and delivers it at the desired manifold pressure P m , which is controlled 
by wasting some of the air delivered, as stated above. The second 
method would involve throttling the inlet until the inlet pressure was 

reduced to P s , where the weight 
of air at P s and volume V\ 
resulted in the desired charge. 
This is then compressed to pres¬ 
sure P m , as before, and the work 
is represented by efed. Since, for 
this machine, work is pressure 
increase times charge of volume, it 
is seen that it w r ill take more work 
to compress a small weight of 
charge by throttling the intake 
than to compress a large one by the by-pass method. It follows that the 
blowing off or recirculation of mixture is the usual control method 
employed. 

4. Displacement Blowers with Compression.—The factors outlined 
above indicate that the main disadvantage of the displacement type of 
blower is its lack of compression, which accounts for its major loss. A 
Roots-type supercharger can be fitted with a set of delivery valves or 
its equivalent that prevent back flow of the delivered air; then the com¬ 
pression resulting from further rotation of the impellers past the point 
of port opening will compress the air to be delivered to the pressure of 
delivery with a resultant reduction of power, improvement in efficiency, 
etc. The improvement that can be obtained increases as the compression 
ratio increases because of the reduction of horsepower per pound of air 
to drive the blower, and also because of the effect of reduced tempera¬ 
ture rise as a result of improved efficiency, the reduction of work due to 
compression being area 1-2-3 of Fig. 32. As an example it is estimated 
that, using a displacement compressor with compression, in an engine 
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charged at 6 to 7 psi, an increase in adiabatic efficiency of the compressor 
from 60 to 70 per cent will account for an increase in power output of 
the engine by 1.2 per cent due to the reduced power absorbed by the 
compressor plus an increase of 2.2 per cent in the weight of charge inducted 
into the cylinder due to reduction of delivery temperature. These two 
effects together will account for an increase of about 3 per cent in power 
output.* These gains would be increased if compression were made with 
a constant-volume compressor such as the Roots type. 

Approximately adiabatic compression is achieved in several types of 
rotating machines such as the Centric, shown in Fig. 36, and other vane- 
type blowers. All these machines involve rubbing and sliding contacts 
that must be lubricated at high 
speed. This is a great handicap 
for gasoline engines, since lubri¬ 
cating oil has a very low octane 
rating and tends to produce deto¬ 
nation, if it mixes with the charge 
going to the cylinders. Even in 
the oil engine, where the presence' 
of the oil does not produce such 
harmful results, the lubricating oil 
breaks down because of exposure 
to high-temperature air, produc¬ 
ing gums that stick to valve stems, passages, etc The increase in oil 
consumption should also be avoided if at all possible. 

A machine of the positive-displacement type having compression 
without the aid of valves, vanes, or special fittings is the Elliott-Lysholm 
rotary compressor shown in Fig. 37. This compressor possesses the 
desirable characteristics of the Roots type, such as freedom from internal 
friction due to absence of metal contact. Thus lubrication is avoided, 
and the rotors are of a balanced design permitting high speed of rotation. 

The air is transported diagonally from one end of the compressor to 
the other with the aid of a pair of helically lobed rotors that interact to 
provide an axial as well as a cross seal. The charge enters at the suc¬ 
tion end into the space between the casing, the tooth flanks, and the 
end walls. The rotor helices are so chosen that a particular thread space 
is filled and sealed off from the suction just as the space is entered at its 
opposite end by a coacting lobe on the other rotor. This gives about 
240 deg wrap of thread on the convex-lobed rotor and gives large dis¬ 
charge ports. Further rotation establishes an axial seal, which separates 
this charge from the charge in the succeeding grooves. As rotation pro- 

* The Elliott-Lysholm Supercharger, SAE 61, No. 6 (1943). 
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ceeds, this seal moves axially, effecting a reduction in volume of the charge 
and a substantially adiabatic compression. When the leading lobes of 
the grooves pass the boundaries of the discharge port, the compressed 
medium is brought into communication with the discharge. Thus vary¬ 
ing the position of the discharge port will vary the built-in compression. 
The change of volume of the air during its passage across the blower 
lobes is shown by the curves of Fig. 38. 




V V 

(a) (b) 
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Typical theoretical indicator diagrams when operating against vary¬ 
ing delivery pressures are shown in Fig. 39. The built-in compression 
developed because of the design of the rotors and ports is illustrated at 
a, where the suction is line ab, compression be, and delivery cd, the com¬ 
pression just reaching the delivery pressure P 2 required, and the area 
bee representing the saving over a Roots type. Should the pressure at 
delivery be increased above the built-in value, the diagram will be 
PidabPz as in Fig. 39b, the area abc being the excess work done above that 
of adiabatic compression and deba the reduction below a Roots type. In 
the case of reduced delivery pressure, Fig. 39c shows the type of diagram 
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obtained. The gas is compressed to P 2 due to the build-in compression 
but immediately expands to the delivery pressure. The excess work 
above the adiabatic is abc and the reduction of work below the Roots 
type is deb. 

Variation of number and proportions of the lobes is possible, but 
optimum results are attained with a few lobes of large height, and best 
port areas are stated to be secured with a larger number of lobes. 

The tooth profile is all addendum on the rotor with convex lobes, 
whereas the mating rotor has a tooth largely dedendum. The convex 
rotor absorbs approximately 110 per cent of the power, the concave rotor 
being driven by the air. The two .shafts are maintained in correct phase 
with one another by means of timing gears. 

Test results, shown in Figs. 40a and b, show a maximum adiabatic 
efficiency of 72 per cent, whereas 70 per cent or better was achieved in a 
small machine over a wide compression ratio 1.25:1 to 1.65:1 (the 
machine was designed for 1.3:1), indicating that the built-in compression 
ratio is not of vital importance, since any reasonable change above and 
below this value is permissible with little change in efficiency. It is 
claimed that close clearances are not essential, the above performance 
figures being secured with 0.005 to 0.(X)0 clearance. The volumetric 
efficiency gradually decreases as the compression ratio is increased, 
owing, of course, to slippage as in the case of the Roots blower. 

Large machines with a four to six-tooth combination and a 6-in. male 
rotor delivering 11,000 cfm gave an adiabatic efficiency of 79 per cent 
at a pressure ratio of 2.0:1 (see Fig. 406). 

The rotors of this design are balanced and thus high speed is possible. 
A compressor delivering 11,000 cfm is claimed to operate at over 10,(XX) 
rpm. This, of course, keeps the over-all size and weight at a minimum 
for any given delivery. 

Another form of positive-displacement compression blower already 
referred to is of the vane type. An example of this, the Centric super¬ 
charger illustrated in Fig. 36, operates on the principle of trapping air 
between two radial blades mounted in slotted trunnions in a drum that 
is mounted eccentrically to the bore of the main casing. During rota¬ 
tion of the drum, the volume of the space between blades first increases; 
and, during this phase of the rotation, the increasing volume between the 
blades is in communication with the suction port, permitting this space 
to fill with air. Near the point of maximum volume, the rear vane of any 
compartment passes off the suction port, trapping air between the blades, 
drum, and casing. Further rotation results in a reduction of the volume 
of the space between blades, increasing the air pressure approximately 
adiabatically through some built-in ratio which depends upon the posi- 
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Figs. 40a and b.—Performance curves of Lysholm compressor. 

tion of the delivery port. Delivery of the air begins when the leading 
vane uncovers the delivery port during that phase of the rotation when 
the volume between blades is reducing rapidly to almost zero. Generally 
the drum is fitted with four blades, which result in four delivery impulses 
per revolution. 
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This type of machine has the following advantages: 

1. Its adiabatic efficiency at compression ratios of 1.5:1 or greater 
is relatively high, particularly for small machines, reaching as high as 
65 to 70 per cent. 

2. A high degree of accuracy as compared with the Roots type is 
unnecessary, since the points of leakage have been reduced. 

3. It is relatively silent, because the pressure differences as the ports 
uncover can be kept low. 

4. No gears are required. 

The disadvantages can be stated as: 

1. Lubrication of the internal moving parts is necessary; and, to 
lubricate the trunnions, etc., adequately, difficulty in controlling the oil 
flow is encountered. 

2. The high speed of rubbing of blades on the external casing causes 
difficulty. Theoretically contact does not occur, but in practice it is 
difficult to avoid without excessive leakage. 

3. Test results indicate a rather rapid increase in frictional losses at 
high speed. 

4. As a result of 2 and 3, the peak speed is usually limited to 6,000 
to 7,000 rpm for small machines and somewhat lower for large capacities. 

5. The displacement per revolution for a given over-all diameter is 
not great, because of the large size of drum necessary to get the required 
blade action. 

The type efficiency of any of the positive-displacement compressors 
with built-in compression can be determined as follows: 

When the machine is operating at its designed compression ratio, 
the theoretical indicator diagram will be as shown in Fig. 29, a volume 
Vi of air being drawn in at pressure Pi, compressed toP 2 , and volume V 3 
then being delivered. The work done during this cycle is the same as 
calculated for the reciprocating compressor. 

W = (P,F, - P 2 Fa) 

The adiabatic work is 

w^ b = (P,F1 - P 2 F 2 ) 

_ fc(l - n)(P,F, - P 2 F 2 ) 

VT n(l - k)(P l V 1 - PJ>») 

In most high-speed machines, the value of n will be almost equal to 
fc, and riT becomes almost 100 per cent. However, in an actual machine, 
there are various losses due to slippage, turbulence, and mechanical 
friction. The first two depend, to a major extent, upon the size and 
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design of the machine, but the efficiency due to these losses can be figured 
at about 92 to 95 per cent. The mechanical efficiency will be low in small 
machines at high speeds, say 65 to 70 per cent, increasing to perhaps 85 to 
90 per cent in large slow-speed compressors. Thus the over-all adiabatic 
efficiency, from shaft horsepower to air horsepower delivered, will vary 
from about 32 to 86 per cent depending on the size of the machine 




400 c 
350 ^ 
300 o 
250(3 
10 £ 
65 3 
60 u 


Typical test results for a vane machine of the type under discussion are 
given in Fig. 41. 

If the delivery pressure exceeds that of the built-in value, then the 
theoretical indicator diagram becomes that shown in Fig. 396. From 
the previous developments, it is seen that, in this case, for adiabatic 
compression, 

w = y— (P l v 1 - p 2 f s ) + v,(jp;- 

* Pitchford, J. H., Supercharging of Compression-Ignition Engines, SAE 7, 
No. 3 (1938). 
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where P*/Pi is the built-in compression ratio. Thus 

[*/(i - mijyi - p,v t ) 

VT = [*/(l - fc)](P,7, - P 2 F 2 ) + (P 3 - P 2 )F 2 

When this type of compressor is employed for a delivery less than the 
built-in value, the diagram becomes that of Fig. 39c. Thus the thoretical 
work of delivery is 

W = jA- (P,F, - P 3 F 3 ) - (P, - P 2 )F 3 
IF.** = (P.Fx - P 2 F 2 ) 

Thus 

[*/(l - *)](^iFi - P 2 F 2 ) 

1,7 [*/(l - &)](PiFi" — P 3 F 3 ) - (P 3 - P 2 )F 3 

In practice, the actual values of i\ T would probably be 92 to 95 per 
cent of these values, as indicated above. 

It is not proposed to evaluate the work done in the typical engine at 
sea level and 25,000 ft, since, if the built-in ratio were correct for each 
level, the calculation would be the same, as for the reciprocating blower. 



CHAPTER V 


TYPES OF COMPRESSORS ( Continued) 

CENTRIFUGAL COMPRESSOR 

The centrifugal compressor is of sufficient importance to be given a 
chapter of its own. The analysis of this type of rotating machine is 
also carried out in a manner somewhat different from that of the types 
considered in Chap. IV. In this case, there is no pressure-volume dia¬ 
gram, since there is a change of velocity through the machine in place 
of a change of volume. 

1, The Radial-flow Centrifugal Compressor. -This machine is 
illustrated in Fig. 42 and is seen 
to consist of an impeller A driven 
at high speed by the engine or 
some other source of power, rotat¬ 
ing in a casing B. The air enters 
the impeller axially and leaves 
radially at the circumference of 
the impeller, with high velocity. 

The air leaving the impeller passes 
into a diffuser C, where its velocity 
is reduced through the action of a 
gradually increasing passage area, 
thus converting some of the kinetic 
energy of the air into pressure 
energy, giving an increased com¬ 
pression ratio. Photographs of the individual components of such a 
machine are shown in Fig. 43. . 

All the machines so far considered can be defined as flow machines: 
air entering at a steady rate and condition, and leaving at some other 
condition but at the same rate in pounds per unit time. In the centrif¬ 
ugal machine, a P-F analysis is out of the question; hence use will be 
made of the flow equations. 

2. Theory of the Adiabatic Centrifugal Compressor.—A centrifugal 
supercharger is a, flow machine , air entering at some condition Pi, Fi, T\ 
in a uniform stream and leaving at P 2 , F 2 , T 2 also in a uniform manner, 
work being added to the medium during the process. Under these 

89 
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conditions, the change of enthalpy through the unit is related to the work 
done, etc., in the following manner: 

Hi = Hi + W ± Q (see page 25; 

where Hi = enthalpy before compressor 
Hi = enthalpy after compressor 
W = work added by the impeller 

Q = heat added or lost through the casing in the process 
The absolute ideal case for such a machine could be imagined to be 
a compressor in which the compression occurred without change of 
temperature. 


p * 



Fig. 43. 


Pratt dc Whitney Aircraft. 


In this case, T i ~ T 2 , and therefore Hi = Hi. Thus, if Wj = iso¬ 
thermal work of compression, 

= Q 

Work added = heat lost 

However, this case is an impossibility, since the casing is so small com¬ 
pared with the air flow that the heat loss via the casing, even if it was 
water-jacketed, is negligible. In practice, the theoretical approximation 
to the actual machine is rather the case where the heat change ±Q is 
zero, in other words, an adiabatic operation. In this case, 

Hi - H! + W a 

where W a — work of adiabatic compression 

The mixture supplied to an engine can be considered as a perfect 
gas having the approximate characteristics of air, and therefore 

H i * t oC P Ti and ff 2 - wC P T' 
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where W * weight flow, lb per min 
T i = initial temperature 

T' — final temperature in an adiabatic compressor 


Thus 


W a = wC v {T - Ti) 


k~\ 


For the adiabatic operation T f = 


W a = wC p T 1 



Btu per min (46a) 


1 Btu per mm 


If r = Pi/P\ is the compression ratio more exactly defined as the pressure 
ratio, 

K-l 

IF, -- wC p 7\(r ~* -1) (47) 

k i 

For a given compression ratio, r k — 1 is a constant and is usually 
denoted by F. Then 

W a = wC p YTi Btu per min 

— .JwCpYT i ft-lb per min (48) 

For air, the following values are to be assumed: C P = 0.24T Btu per lb, 
k = 1.4, and J = 778.26. It follows that 


W a — 1S7.7 wY7\ ft-lb per min 


and that the supercharger horsepower to be given by the impeller to the 
air is 


Up 


187.7 VT 
33,006 w} Tl 
= 0.005684w?F7'i 
= 94.8 X 10~ 6 u>i7Ti 


(49) 


where w = weight flow, lb per min 
Wi = weight flow, lb per hr 

Examination of the above equations shows that the ideal horsepower 
to be supplied by the impeller of a supercharger depends upon 

1. Weight flow of air. 

2. Pressure ratio of the supercharger. 

3. Inlet temperature. 

4. Temperature difference, AT, between inlet and delivery. 

Now consider the changes of velocity as a gas flows through a rotating 
impeller. First, take the case of a small element of mass of weight dw 
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lb (this could be the mass of an individual molecule), 
law, the force acting on a body is given by 


By Newton's 


Force 
F 

Force — mass X 


mass X acceleration 
dw dv 
9 dt 

change of velocity 
time 

change of momentum 
time 



-Vf, 


ps 


Now consider that the small mass is rotating 
as in an impeller. The mass A of Fig. 44 is 
rotating at radius r ft at an angular velocity of 
u) radians per sec. The tangential force F lb 
acting on the mass at any instant gives it an 
acceleration in the direction of F of a ft per sec 
per sec; thus 


F 


dw 

- X a 

9 


lb 


Kiti. 44. 


The linear acceleration a results is an angular 
acceleration of p radians per sec. 

a — rp 

dw , 

F = — rp 
9 

r, dw 0 , 
j Fr = — r l p 

9 

Torque = ^ r 2 p 
_ dw do) 


9 ^ 

dw dv 
' 9 r dl 

Work done = torque X angular velocity 
_ dw dv 
~ ~9 


/Mb 


V dt * 


Now ( dw/g)dv is the change of momentum and ( dw/g)dv r is the moment 
of this momentum about the axis of rotation, called the angular momen¬ 
tum; thus 


Torque = 

ss 


change of angular momentum 
change of time 

change of angular momentum per unit time 
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Work = co X change of angular momentum per unit time 
Consider the case of a compressor in which 

w — weight flow per unit time, lb 
Ti — radius at entry, ft 
7*2 = radius at exit, ft 
Vi = velocity of impeller at inlet, fps 
V 2 = velocity of impeller at exit, fps 
V h — tangential velocity of the air at entry, fps 
V t3 = tangential velocity of the air at exit, fps 


If a centrifugal impeller is considered as having radial blades at inlet * 
and exit, and it is assumed that no slippage of air occurs, then the tan¬ 
gential velocity of the air at exit will equal the tip velocity of the impeller. 

w 

Change of angular momentum per unit time = - (V t2 r 2 — 


But 


= torque 

Work done = torque X w 

w fir 

= - a>(7 t ,r 2 — 
(J 


VtSi) 


Thus 


Vi = ojri and V 2 = cor 2 


Work W = - (V-,V t , - V\V h ) 
9 


and, on the assumption of tangential blades at exit as outlined above, 


V t2 = V, 


and, if the air enters the impeller axially with zero rotation, which is 
usually the case, 

V h = 0 


Thus 


Torque = — Ib-ft (50) 

9 

Work = -V\ ft-lb per sec 

9 


Thus, if an impeller were employed having a very large number of 
blades so that no slippage occurred, every molecule would enter with 
zero tangential velocity and leave with a tangential velocity equal to 
that of the impeller tip; then 

W = ^ V 2 ft-lb per sec (51) 

(J 

where w = weight flow, lb per sec 

V = tip velocity of the impeller, fps 
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Equation (51) gives the maximum work capacity of the impeller; 
under no circumstances could more work than that given by this relation 
be transmitted to the air for any given velocity of the impeller. 

In actual practice, only a limited number of vanes can be employed; 
hence some slippage, occurs, and in addition the air must have some radial 
component of velocity for flow to occur through the impeller. The 
general result is that the air actually leaves at some velocity less than V, 
the tip velocity. The effect of this on the performance will be seen later. 

With the above equations relating the pressure ratio, work, tempera¬ 
ture rise, and velocities of an impeller of a centrifugal supercharger, it 
is possible to develop the relations shown below. 

Adiabatic work = JC p wYT i 
w 

Maximum work supplied by impeller = — F 2 

Thus it follows that the maximum compression ratio that could be 
obtained for any given velocity is given by 


For air, 


therefore 


Since 


therefore 


thus 


YT 1 


F 2 

J g C P 


Cp = 0.241 at the average temperature 
./ = 778.26 
g = 32.2 
R = 53.35 


YT X = 


F 2 

6,040 


k -1 

[Y = (r k 


(r>y = _Z!_ + 1 

\Pj 6,040Fi ^ 


R(gas) 

J 


CpJ = 


fcR 


Adiabatic work = 


k 

kR 


1 )] 


k 


wYTi ft-lb (R = gas const.) 


(52) 


From Eqs. (46a), (48) and (52) 

T - T x = AT 


7Urf = pio 
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Thus the temperature rise through an adiabatic compressor is F 2 /f>»040. 

The temperature entropy diagram for the maximum possible work of 
an adiabatic compressor running at a velocity F fps is as shown in Fig. 
45. The line 1-2 being the adiabatic compression with a temperature 
rise from 1 to 2 of F 2 /6,040, the work done during the process is shown 
by the area $8-3-2-$i under the constant-pressure line 3-2, this area being 
M, the change of enthalpy. It 
can be concluded from the above 
that, for the ideal adiabatic 
compressor, 

1 . The work done on the air 
is independent of the diameter of 
the impeller, depending solely on 
the tip velocity. 

2. As a result of 1, it follows 
that, for any given impeller oper¬ 
ating at a definite speed, there is 
some well-defined maximum com¬ 
pression ratio. 

3. In the ideal compressor, the compression ratio is independent of 
the rate of flow and depends only on the work capacity per pound, i.e., 
the tip velocity squared and the initial temperature. 

4. In the ideal machine, for a constant tip speed,-there is associated 
a constant temperature rise, this temperature rise representing the work 
done per pound of air (if there are no mechanical losses). 

3. Actual Centrifugal Supercharger. —The theory outlined above is 
based upon all the work added by the impeller being converted into an 
increase of internal energy, there being no losses, such as heat transmission 
through the casing and eddy and turbulence losses in the air. It is well 
known that eddies and turbulence can easily be created in air; thus, with 
an impeller operating at the tip speeds necessary for the type of compres¬ 
sor under discussion, it would be more than surprising if losses did not 
occur. 

Now it has been demonstrated that there is a maximum compression 
ratio for each tip speed. It follows that, if losses occur, the actual ratio 
must be less than this maximum adiabatic compression ratio. This is 
a different characteristic from all the other forms of superchargers so 
far considered, which in all cases are capable of adding sufficient work to 
the air by the impellers to reach any desired pressure (in reason). The 
actual centrifugal compressor, for a given size and speed, will therefore 
give less and less pressure rise as the losses increase. However, there is 
one other side of this to remember, viz., that the work done by the impeller 



Fig. 45. 
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is that work required for the adiabatic compression of the air plus all 
the losses due to turbulence. It follows, from the first law of thermo¬ 
dynamics (see page 12), 

dQ = dE + dW 

that h% — hi ± Q ± W for any machine, adiabatic or otherwise. Since 
the heat loss from the casing is very small and the casing can be lagged 
if necessary to keep the heat in, it follows that 

h, - hi = W 

i.e., all the work added to the air by the impedler in any form still appears 
as heat in the delivery air. Thus, as the pressure ratio decreases for a 
constant tip speed, because of lack of efficiency, the delivery temperature 
does not decrease but remains constant if the work per pound is constant. 

Again, as the mass flow per unit time increases, for a given impeller, 
a point is soon reached at which the increasing friction and losses accom¬ 
panying this change of flow result in a drop in delivery pressure. Thus a 
constant compression ratio is not obtained for a given tip speed. Hence, 
for an actual compressor, the following can be concluded: 

1 . The work capacity of an actual impeller at a given speed is less 
than the ideal, i.e., less than V 2 ft-lb per unit mass per sec. 

2 . The compression ratio falls off with increasing flow. 

3. The temperature-rise ratio depends solely on the actual work 

k- 1 

capacity of the impeller and will be greater than Tj(r k — 1) because 
of losses resulting from skin friction, eddies, etc. 

The performance of the actual centrifugal supercharger can be repre¬ 
sented by two functions, the temperature-rise ratio and the pressure 
coefficient. 

Temperature-rise Ratio. —It was established that, for an actual com¬ 
pressor (efficient or otherwise) by the aid of the principles of the flow 
machine and the first law of thermodynamics, 

hi — hi — W 

provided that the heat losses Q are small compared with the total flow. 

Change of enthalpy = h 2 — h x 

= C V {T% — Ti) Btu per lb 

where Cp = specific heat at constant pressure 
Ti = delivery temperature 
T\ = inlet temperature 
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Thus work done by the actual compressor for a flow of w lb per min is 
given by 

W = wC p {T 2 — Ti) Btu per min 

= JwC p (T 2 — T i) ft-lb per min 

If the actual compression ratio obtained at a given speed and flow 
is P 2 /Pi , it follows by Eq. (40a) that the ideal machine would have 
developed this same ratio for an expenditure of 

W^ h = JwC p (T' - Tt) 


and from what has been said, T 2 > T because of the various losses. It 
follows that the ratio represents the adiabatic type effi¬ 

ciency of the machine. This lias been given the name temperature-rise 
ratio and will be represented by e? thus 


But 


JwC p (T f - T/) 
tT JwC„(f« - T i) 

__ T f — T] __ AT for adiabatic machine 
T 2 ~ T\ AT for actual machine 


v- j 

T = 7 T x(r) * 

k~i 

Ti(r * - ]) _ YTi 

T 2 - 7\ AT 


(53) 


where AT = actual temperature rise through compressor 
From the above, it is seen that 


W 


actual 


k-\ 

JwCpTyjr * - 1 ) 

tT 


The value of e T is found to vary with the tip speed, and thus some knowl¬ 
edge of its magnitude for each speed is necessary. For rough calculations 
of an average supercharger, its value can be taken as 0.70 if the tip speed 
does not exceed about 1,100 fps and may reach as high as 0.75 at lower 
velocities. This matter is considered in greater detail on page 101. 

In the equation for the actual work, J and C p are constants, and tr 
for average conditions is only moderately variable. Thus it can be con¬ 
cluded that the work done by a centrifugal compressor depends upon 

1. Weight of air flowing.* 

2 . Inlet temperature. 

3. Compression ratio. 

, 4. Temperature-rise ratio. 

The adiabatic and actual compressor can be represented on the same 
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T-S diagram, as shown in Fig. 46, where point 4 represents the result of 
ideal adiabatic compression reaching some pressure P 4 , the impeller sup¬ 
plying its maximum work capacity, V 2 ft-lb per unit mass adiabatically 
and reaching some delivery temperature T 4 by the adiabatic 1-4. Now 
because of slippage, eddies, etc., the actual work an impeller does is 
< V 2 ft-lbs per unit mass, and the delivery is at some pressure P 2 < Pa 
and temperature TV An ideal adiabatic compressor could have delivered 
at the same pressure P 2 and a lower temperature T f by adiabatic com¬ 
pression along 1-3, absorbing less work in the process. The work in 
each of the above cases is represented by — ha nt & = W. Thus 

W m*x ideal ^ $l-4-5-$6 

IF actual ~ $2-2-6-$ 6 

TFmiu ideal = $ l«3-6-$ 6 

and 

— area $i-3-6-$ 6 
Cr area $ 2 -2-6-$ 6 

Of course, if it were possible to cool the air during its passage through 
the machine, compression to pressure P 2 could be along the line 1-6 at 

constant temperature 7\, absorb¬ 
ing $e-6-l-$i Rtu of energy. This 
work is seen to be the least of the 
magnitudes involved and would 
thus give maximum efficiency. 

Figure 46 brings out one other 
important function regarding cen¬ 
trifugal compressors, viz, coeffi¬ 
cients. 

Pressure Coefficient .—The pres¬ 
sure coefficient in a way measures 
the efficiency of the machine for 
converting the maximum energy 
that can be supplied by the im¬ 
peller into energy stored in the air. 
It has been established that an impeller having a tip velocity V fps has an 
absolute maximum work capacity represented by 

W = — F 2 ft-lb per min 

9 

if all the energy, capable of being added by the impeller, is converted 
into change of internal energy adiabatically. This condition is repre¬ 
sented by the area $i-4-&*$s on the diagram of Fig. 46. 

Actually the pressure of delivery is only P 2 , not P 4 , and pressure P® 



Fia. 46. 
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could have been reached by the expenditure of work represented by the 
area $i-3-6-$e had no losses been incurred. Thus another efficiency 
called the pressure coefficient is given by 


_ area 

v area /SV4-5-&5 

This is seen to be the ratio of the minimum expenditure of work needed 
to reach the delivery pressure P 2 to the maximum work the compressor 
is capable of at any given tip velocity. 


Thus 


But, by Eq. (53), 


Area &i-3-6-S 6 
Area Si-4-5-S b 


C P (T' - 7\) 

JC P (T' - Ti) ft-lb per lb 
V 2 ft-lb per unit mass 

V 2 

- ft-lb per lb 


V 


YT 1 


JgC p (T' - Tx) 

V 2 

JgC p Ti(r~™ - 1) 
V 2 

V v 2 

JffCp 


(53a) 

(54) 


YTi = e T A7 7 = €t(T 2 - Ti) 


Thus 


*t(T 2 — T 1 ) 


17 F 2 
6,040 


(55) 


an equation relating the temperature-rise ratio, the pressure coefficient, 
and the temperature rise through the compressor with the tip velocity. 

Horsepower to Drive Compressor .—It has been shown that the work 
done by the impeller is given by 


W = 


JwCpT 1 
€r 

JwC p 


k -1 


(r 


€r 


YT 1 


1) ft-lb per min 
ft-lb per min 


It follows that the horsepower to drive the impeller is given by 

rr JwCpYTi 
Hp = --- 


33,000«r 

0.005684 


wYTi 


94.8 X 10- 6 


€r 

wxYTi 




(56) 
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where w = flow, lb per min 
Wi = flow, lb per hr 

This is the power to be supplied by the impeller to the air. In most 
actual installations, there is a set of step-up gears to give the impeller 
its high rotative speed, and of course these involve some additional losses. 
The actual losses will vary with the individual setup, but if of average 
design an estimated efficiency of 93 to 95 per cent will be satisfactory. 
Thus the shaft horsepower required is given by 

Hp* = 94.8 X U)^ W - lYTl (57) 

< J €r 

where mechanical efficiency e — 0.93 to 0.95, or. since 



(58) 

(59) 


Collecting together these important equations for the actual centrifugal 
compressor, 

Work = JwC p (T 2 - Ti) = ( r V _ i) 

tr 


JwC P YT , 


ft-lb per rain 


Temperature-rise ratio tr = 


T' - Ti YTi 


' T 2 - T i AT 

Maximum work capacity of impeller = wV 2 ft-lb per min 


Pressure coefficient ij 


JgCpTi ( r * - 1 ) 

F 2 

JgC P YTi 

F 2 


vt = jjZL = 3YL 
1 JgC p 6,040 

Hp = 94.8 X 10- 6 —— = 14.82 X lO" 9 

tT tT 

Hp s = 94.8 X 10-e^ = 14.82 X 10~ 9 ^^ 
etr etr 


where Cp * specific heat at constant pressure, Btu per lb 
T i = inlet temperature, °abs 
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T 2 = outlet temperature, °abs 

T' = adiabatic temperature at outlet for actual ratio 
AT = temperature rise across supercharger 
- T 2 - T 1 

k-l 

Y = compressibility factor = (r k — 1 ) 

Wi — weight flow, lb per hr 

V = tip velocity of impeller, fps 
€ T = temperature-rise ratio 

77 — pressure coefficient 
e = mechanical efficiency of gear drive 
With these equations and a knowledge of the variations in the magni¬ 



tudes of €t and 17 for various compression ratios, most problems on centrif¬ 
ugal superchargers can be solved. 

An idea of the magnitude of €t and tj for various compression ratios 
can be obtained from Fig. 47. The values given are average ones, 
although it is possible, under the most favorable circumstances, to achieve 
efficiencies some 2 or 3 per cent higher than those indicated by the curve. 
For design purposes, it is as well to use values slightly below the maximum; 
thus values selected from these curves will give data close enough for all 
practical purposes until actual tests of the supercharger become available. 

In order to familiarize the reader with the use of these equations, it 
is proposed to work some examples involving their use. 
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Example 1.—A centrifugal compressor is supplied with a theoretically 
correct mixture of octane and air at 150°F and 14.7 psia. The adiabatic 
efficiency is 71.5 per cent when the delivery pressure is 30 psia. Utilizing 
the chart (Fig. 20), give all the properties of the mixture leaving the 


compressor—entropy, temperature, 
per pound of air. 

Initial condition: Let point 1 of 



Km. 48. 


etc.—together with the work done 

Fig. 48 represent the starting point 
of the compression process. The 
intersection of 14.7 psia and the tem¬ 
perature of 610°abs locates point 1. 
Reading from the chart, the follow¬ 
ing properties are obtained: 

Pi — 14.7 psia 
E Sl « 19.0 
Vi « 15.7 cu ft 
H Sl - 61.0 
T\ = 610°abs 
Si = 0.0925 

Adiabatic compression would result 
in reaching 30 psia pressure at point 
2 at constant entropy. For this 
point, the properties are 


P 2 — 30 psia F« = 9.2 cu ft T* = 740°abs 

E 2 = 45 Btu S 2 = 0.0925 P 2 == 98 Btu 


The work of the adiabatic process is 

W — H 2 — H\ 

- 96 - 61 

= 37.0 Btu per lb air 

adiabatic work 


Efficiency of compressor = 


actual work 


0.715 = 


Actual work 


37.0 

W 

37.0 

0.715 


* 51.8 Btu per lb air 

~ H z -Hi 


where H% is the enthalpy of the gas as actually delivered, thus 
51.8 ~ Hz-Hi 
H z - 51.8 + 61 

* 112.8 Btu per lb air 
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The conditions at delivery are then given by the intersection of H z = 112.8 
with the line of 30 psia, as at point 3, from which 

Pz = 30 psia Vs = 10.1 cu ft T z = 800°abs - 340°F 

E z = 57 Btu ‘ Sz = 0.116 Ih = 112.8 

Although we know the actual operation will occur along some line 1-3, 
the intermediate points cannot be determined. 

Example 2.—A centrifugal supercharger having an adiabatic effi¬ 
ciency of 72 per cent supplies mixture to an engine at a critical altitude 
of 8,000 ft. Calculate the horsepower per pound, of mixture per minute 
required to drive the compressor if the manifold pressure is 40 in. Hg abs 
and k = 1.395. Using the diagram (Fig. 20) for a correct mixture, 
determine the properties of the mixture in the manifold. 

Solution .—At the critical altitude, the atmospheric conditions can be 
obtained from the standard tables, or the temperature can be calculated 
from 

T = To - 0.00357 h 


where To = sea-level temperature = 59°F 
h = altitude, ft 

Thus 


Assume *t 


T 7 = 519 — 0.00357 X 8000 
= 491°abs 


k- 1 


w _ C v T \{r * - 1 ) 




- 0.72, 


778 X 0.241 X 491 


W = 


[7 40 

[\ 22 . 22 / 


0.72 


- 128,100 X 0.183 
= 23,420 ft-lb per lb mixture 
= 23,420 
P 33,000 

= 0.712 hp per lb mixture per min 


Shaft hp 


0.712 

0.94 


€r 


= 0.758 hp per lb mixture per min 

r - Ti 


r*~ t x 


Ti - Tx 

fc -1 

Tx(r * - 


i) 


tt 


1 
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thus 


401 

T t - Tl ~ 0J2 X 0183 
= 224.9 

1\ = (>15.9°abb 


Delivery conditions can be found from the intersection of P 2 = 40 in. 
Hg abs with the temperature of 615.9°abs, and the following data are 
read from the chart: 


P 2 = 40 in. Hg = 19.64 psia T> = 615.9°abs 

V 2 = 11.9 cu ft S 2 = 0.075 P 2 — 19.0 Btu per lb air 

H 2 = 61 Btu per lb air 


Example 3. —A supercharger 11 in. in diameter operates at a constant 
speed of 22,000 rpm at altitudes of 0, 5,000, and 20,000 ft, respectively. 
Obtain the approximate manifold pressure and delivery temperature in 
each case. If the maximum manifold pressure is P m — 50 in. Hg abs, 
when is the engine throttled? 

Tip speed of impeller = X d — impeller diameter 
= 1,056 fps 


At this tip speed, assume e T = 0.72, and 77 =• 0.68 
At sea level: 


Pi = 29.32 in. Ilg r, - 59° 


YTi 


v V 2 

6,040 


_ 0.68 X 1,056 2 


k - 1 


6,040 X 519 
= 1.238 
= 2.112 


- = 0.238 - r 


- 1 


Thus 


Therefore 


Pa = 2.112 X 29.92 = 63.3 in. Hg abs 
YTi 
(T = AT 

_ 0.238 X 519 
0.72 
= 171.4 °F 

T 2 = 230.4°F 


Pi = 24.89 in. Hg 
y _ 0.68 X 1,056 2 
6,040 X 501 


T 1 = 41°F 
0.251 


At 5,000 ft: 
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r = 2.19 

P 2 = 2.19 X 24.89 
= 54.5 in. Hg 
YT 1 
€T AT 

_ 0.251 X 501 
0.72 
= 174.8°F 
r l\ = 501 + 174.8 
= 075.8°abs 
= 215.8°F 

At 20,000 ft: 

P, = 13.84 in. Hg 
_ 0.08 X 1,056 2 
* 0,040 X 445.7 

Therefore 


13.84 X 2.353 
32.0 in. Hg 
Yl\ 

AT 

0.2774 X 445.7 
0.72 
171.8°F 
145.7 + 1*71.8 
617.5°abs 
J57.5°F 


Thus 


r - 2.353 
P 2 = 

€ T = 
AT = 




r J\ = — 14.3°F 
- 0.2774 


Horsepower at sea level: 

Hp = 


JwC p 


(T 2 - Ti) 


33,000 
JwCp AT 
33,000 

778.20 X 1 X 0.241 X 171.4 
33,000 

= 0.975 hp per lb air 


Since AT is the same at 5,000 and 20,000 ft, it follows that the horsepower 
per pound of air remains constant. 

The engine must be throttled in the first two cases to keep the mani¬ 
fold pressure at the limiting value of 50 in. Hg. 

Note 1 : Value of Y and thus the compression ratio increases with alti¬ 
tude for a constant tip speed because of reduction of 7V 
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Note 2; Temperature rise is constant for constant tip speed and er 
despite varying value of 7 with altitude. This should be so, since rj is 
assumed constant; thus the work done by impeller is constant for a given 
tip speed, and W * (T 2 — 1\). 

Note 3: The horsepower per pound of air is constant and independent 
of altitude for a supercharger at constant tip speed and er. 

Returning to the problem that has been solved in each case for the 
other types of superchargers (see pages 71 and 76), the compression at 
sea level is from 29.92 in. Hg to 60 in. with an inlet temperature of 60°F. 


Ratio of compression = 


60 


29.92 2005 

At this ratio, e T = 0.72, and t\ = 0.69 approximately. 

fc-i 

Y = (r * - 1) = (2.005 0 * 283 - 1) 

Therefore 

7 = 0.22 

JwCpYTi 


Work per 5.9 lb air = 




__ 778.26 X 5.9 X 0.241 X 0.22 X 520 
0.72 

= 175.900 ft-lb per 5.9 lb air 

At 25,000 ft: 

Atmospheric pressure = 11.1 in. Hg T a = — 30.1°F 

60 

Ratio of compression = yj-y = 5.405 
At this ratio, use t T — 0.67 and tj == 0.63. 

fc-i 

7 = (r * - 1) = (5.405 0,286 - 1) 

= 1.62 - 1 
= 0.62 

Work per 59 lb air = — 1 

€T 

_ 778.26 X 5.9 X 0.241 X 0.62 X 429.9 
0.67 

= 440,000 ft-lb per 5.9 lb air 

The shaft work at 0.95 and 0.93 mechanical efficiency, respectively, 
would be 

At sea level ** ® 185,100 ft-lb per 5.9 lb 

At 25,000 ft = = 473,500 ft-lb per 5.9 lb 
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These values are to be compared with 141,500 ft-lb at sea level and 328,- 
000 ft-lb at 25,000 ft, respectively, for the reciprocating compressor. 

The diameters of the impellers necessary to obtain these results will 
now be determined to give a basis of comparison with the previous types. 
Tip velocity at sea level: 


YTi = 
V 2 = 


rjV 2 
6,040 
6,040 ft 7 ! 

V 


6,040 X 0.22 X 520 
0.69 


= 1,000,000 

V = 1,000 fps 


If impeller speed is 20,000 rpm, 


At 25,000 ft: 


Impeller dia. 


1,000 X 60 X 12 
7r X 20,000 


11.52 in. 


6,040ft 7 ! 

V 


6,040 X 0.62 X 429.9 
0.63 

= 2,589,000 
V = 1,609 fps 


If speed is constant at 20,000 rpm, this would require an impeller 
as below. 


Impeller dia. 


1,609 X 60 X 12 
7T X 20,000 
18.42 in. 


The impeller diameters calculated above indicate the relatively small 
size of the centrifugal compressor for the cases assumed. This, of course, 
is its main advantage, since it is seen that, on an efficiency basis, it is 
somewhat inferior to some of the other types of compressors discussed. 

The impeller for the 25,000 ft altitude is seen to be rather large for an 
average aircraft engine, but the tip speed is almost within values at 
present in use. The size could be reduced by the use of a higher speed 
of rotation, which would be practicable, or preferably a two stage com¬ 
pressor, described on page 161 could be used. This latter course would 
permit a drop in tip speed, which would not only reduce the diameter of 
the impeller but also effect an increase in both the temperature-rise 
ratio and the pressure coefficient with an all-round beneficial result (see 
Pig. 47). 
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Example 4.—An engine is fitted with a supercharger of in. 

diameter operating at a maximum speed of 20,000 rpm. The manifold 
pressure required is 40 in. Hg abs. Obtain the approximate critical 
altitude and the compression ratio of the machine. 

First some idea of the value of r, the compression ratio, is necessary 
in order to be able to select values of e T and rj intelligently. Assume an 
altitude of 10,000 ft, where Pi = 20.57 in. Hg abs and T x = 23.4°F, and 
assume that r? = 0 . 66 . 

yt = JZ! 

1 6,040 

0.66 /tt X 101 <1 X 20,000 \ 2 
1 “ 6,040 X 483.4 \ 12 X 60 ) 

__ 0.66 X 839,000 
“ 6040 X 483.4 
- 0.1898 

k — 1 

= (r k — 1 ) 

If k =» 1.4, r = 1.83; thus 

Pn = 1.83 X 20.57 
- 37.62 in. Hg 


i.e. y 10,000 ft is above the critical altitude, since the desired manifold 
pressure cannot be reached, but it establishes that the ratio of compres¬ 
sion is less than 2:1; thus 77 can be revised to about 0.68. Assume 
h = 9,000 ft, Pi = 21.38, and Ti - 27°F. 


Therefore 


0.68 X 839,000 
"6,040 X 487 

r 0 283 = 1.1943 


0.1943 


r = 1.861 


P 2 = 21.38 X 1.861 = 39.8 in. Hg 


against the 40 in. Hg desired; thus the critical altitude is about 9,000 ft. 

4. Limitations of Centrifugal Compressors. —In the previous exam¬ 
ples, no limitation was placed upon the performance of the centrifugal 
supercharger, except that determined by the temperature-rise ratio and 
pressure coefficient. It is now proposed to examine the limitations, if 
any. 

First the equation for work, 

w — JwCpKPi 
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can, by substitution of 

VT - ” F2 

YTl - JVC 

become 

w = 'zaP 


gtr 


i.e ., the work done per pound of air delivered depends on only the tip 
velocity and the values of t T and rj . 

Thus, if the value of the last two coefficients or even the ratio of one 
to the other, remains constant, then the work done per pound of air is a 
constant even in an actual compressor. It follows that, for a constant 
velocity of the impeller, the work done, to a first approximation, is 
unchanged no matter how the compression ratio is changed by means of a 
throttle or other means employed to vary the delivery pressure, for con¬ 
stant inlet conditions. This throttling to obtain cruising conditions with 
a reduction of manifold pressure involves losses of considerable magnitude 
which tend to increase the specific fuel consumption and reduce the power 
output compared Avith that which could be obtained under ideal cruising 
conditions. This can be overcome by designing the supercharger specifi¬ 
cally for the desired cruising conditions, but then a large sacrifice must 
be made at maximum power. The result is that most supercharger 
designs are a compromise to give what is thought to be the best over-all 
performance for the type of ship for which it is to be used. 

Secondly, nothing has yet been said regarding any limitation there 
might be to the tip velocity of the impeller. It was claimed for many 
years that the tip velocity should not exceed the velocity of sound in the 
surrounding medium, in fact that it should be somewhat below this value. 
If this velocity was exceeded, it was claimed that the bottom dropped out 
of the efficiency and that it was impossible to operate under such condi¬ 
tions because of (1) great increase in power required to drive the super¬ 
charger for a given compression ratio and (2) as a result of (1), the 
temperature rise was excessive, inducing detonation, etc., making opera¬ 
tion under such conditions impossible in any case. 

These arguments were true to some extent; there is a drop in effi¬ 
ciency as the tip velocity increases. It remained for the Rolls-Royce 
concern to design efficient compact superchargers operating with impeller 
tip speeds above the velocity of sound without a great sacrifice in effi¬ 
ciency. Such impellers are now becoming available in this country. 
Perhaps of more importance than the tip-velocity limitation is the fact 
that, at these high speeds, the impeller tends to stretch under the centrif¬ 
ugal forces resulting from its own weight, placing a limit on the maximum 
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velocity that can be employed apart from that resulting from performance 
figures. 

As a result, it follows that a single impeller is capable of some maxi¬ 
mum compression ratio. If the engine demands a ratio in excess of this, 
it is necessary to compress the air in more than one stage. This can be 
far more efficient than a high-speed single-stage compression, since, as 
a result of dividing the total ratio between two impellers in series with 
each other, the tip velocity of the two-stage compressor will be consider¬ 
ably lower than that of a single-stage. This results in increasing the 
magnitudes e r and above those for the single impeller, thus involving 
a considerable reduction in power requirements and a reduced delivery 
temperature. (The two-stage compressor is discussed in greater detail 
on page 161, Chap. VII.) 

A third limitation is that presented by the phenomena of surge. This 
is a condition encountered as a supercharger is throttled to reduce the 
flow. When the flow falls below some limiting value, a pulsation begins, 
the air surging to and fro through the impeller. Under suitable condi¬ 
tions, this surge can be of sufficient magnitude to cause mechanical failure 
if allowed to persist. A discussion of surge is given in Chap. VIII. 
Impellers of high tip speed are more prone to surge than those of lower 
velocity, again introducing difficulties in the operation of high-speed 
impellers. 

5. Compressor Efficiency.—As has already been mentioned, the per¬ 
formance of a centrifugal supercharger depends upon the values of e T 
and rj. As these decrease, the magnitude of the compression ratio 
decreases. This is the main difference between the centrifugal machine 
and those of the displacement type already discussed. The latter will, 
in general, deliver at any desired ratio no matter how the efficiency varies. 
Thus a study of the factors on which the efficiency of the centrifugal 
machine depends is in order. 

Dimensional analysis indicates that the efficiency of such a compressor 
can be expressed as a function of certain nondimensional expressions, 
viz., 



where R = Reynolds number 

q = volume flow at inlet conditions 
N = impeller speed 
d * diameter of impeller 
V » impeller-tip velocity 
V 8 *= velocity of sound at inlet 
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Of these factors, it can be shown that the only one of serious moment 
at the average conditions now used is q/Nd z , although the magnitude 
V/Va may assume greater importance with the higher speed impellers 
now coming into use. Considering the quantity q/Nd z for a given impel¬ 
ler, the diameter d is a constant; thus the expression simplifies to q/N 
for any given compressor. This results in its being common practice 
to plot the values of the two coefficients e T and rj against the magnitude 
q/N , which is the cubic feet of flow at inlet conditions per revolution of 
the impeller. 

Newer and better methods of plotting the performance characteristics 
of compressors are available, but unfortunately these have yet to be 
released for general publication. 



0.12 016 0.20 0.24 0.28 0.32 


q,yN-Cu Ft./Rev. 

Fig. 49. —Temperature-rise ratio and pressure coefficient vs. capacity per revolution. 


Thus the characteristics of a centrifugal compressor can be represented 
as in Fig. 49; a series of such curves, for different tip velocities, will give 
the characteristics of the supercharger, and thus, for any given value of 
q/N, the coefficients are known for each tip velocity. Each compressor 
will, of course, have its own particular relation; a design may be good or 
bad for any given value of q/N. Different machines can have widely 
varying values of e T and rj, but for a given machine a value of q/N for any 
tip speed will be accompanied by definite values of these two efficiencies. 

6. Practical Allowances. —So far the compression ratio has been 
defined as the ratio of the delivery to the inlet pressure measured at the 
supercharger. It is thus necessary to make some allowances for pressure 
loss in the inlet and delivery systems. 

If a carburetor precedes the supercharger, it is usual to allow a drop 
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of pressure, from that of the atmosphere existing at the altitude of flight, 
of from 1 to 1.5 in. Hg at full flow, dropping to as little as 0.5 in. Hg at 
low cruising flows. Thus the supercharger inlet pressure P\ at full flow 
is giyen by 

Pi — P a — to 1.5 in. Hg) 

where P a — atmospheric pressure at altitude of flight 

In the case of an inlet duct only without a carburetor, the drop could be 

changed to 0.5 to 1 in. Ilg. 

By means of an inlet scoop, it is possible to utilize the forward velocity 
of the ship to ram the inlet to some pressure above atmosphere. This is 
often employed; but, for general engine testing ixnd rating purposes, any 
gain due to this feature is neglected. 

One other effect of importance is the drop of temperature that results 
from the introduction of the fuel, because of the resulting evaporation. 
This is usually considered to amount to about 40°F. If the carburetor 
is close ahead of the supercharger impeller, this magnitude is divided into 
a 20° drop at the inlet followed by a 20° drop at exit from the impeller. 

Thus, if T a represents the atmospheric temperature at the altitude of 
flight, T i, the inlet temperature, can be obtained from 

Ti = T a - 20 

and the delivery temperature is related as follows: 

k- 1 

_ T f - J\ __ Ti(r~ r - 1) 
er TV-Ti Tt-Ty. 

and, allowing for the 20° drop at delivery, 

k-l 


cr 


Thus delivery temperature T 2 is given by 

T 2 = - ( - r * - 20 4- (Ta - 20) 




(Ta - 20)(r * - 1) 


€r 


+ Ta- 40° 


Also on the delivery side of the supercharger an aftercooler and the 
necessary duct work may be placed to form the engine inlet manifold. 
In such a case, a pressure drop of from 1 to in. Hg is necessary for 
the cooler and 0,5 to 1 in. Hg for the duct. 
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Thus the manifold pressure P m will be given by 

1. No aftercooler 

Pm = P 2 — (0.5 to 1.0) in. Hg 

2. With aftercooler 

P m = P-i - (1.5 to 2.5) in. Hg 
where = delivery pressure of the supercharger 



CHAPTER VI 


THE IMPELLER AND DIFFUSER 

When an impeller of a centrifugal supercharger rotates, the air con¬ 
tained in it is rotated with the impeller and will move outward under the 
action of the centrifugal force produced. As & result, air must flow in 
from the atmosphere at the inlet near the axis of rotation. This air in 
turn flows to the exit, and thus a continuous circulation is maintained. 

The air leaving the impeller has a high velocity and thus possesses 
considerable kinetic energy. Generally it is claimed that the action of 
the diffuser surrounding the impeller is that of changing this kinetic 

energy into pressure energy, 
because of the change of velocity 
occurring in the expanding pas¬ 
sages of the diffuser. On this 
basis, Fig. 50 indicates the changes 
in velocity and pressure during 
the passage of the air through the 
impeller and diffuser. The air 
enters at A with a moderate veloc¬ 
ity, which is increased greatly 
during its passage through the 
impeller, and leaves at B with a 
tangential velocity almost equal 
to the tip velocity of the impel¬ 
ler. At the same time, the air 
has undergone an increase of pres¬ 
sure. As it enters the diffuser, its 
velocity is reduced, accompanied 
by a further increase of pressure, 
and it finally leaves at D, into the 
collector, with pressure P 2 and velocity V 2 . 

1. Increase of Pressure through the Impeller. —To evaluate the 
increase of pressure from inlet to outlet of the compressor, the following 
method can be used. 

On page 93, Chap. V, it was shown that the work done on the air 

114 
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is given by 

W = - {V%V — FiF j) ft-lb per lb air 

where V 2 — impeller velocity at radius 2 
Vi = impeller velocity at radius 1 
V tl = tangential velocity of gas at 1 
V h = tangential velocity of gas at 2 
The tangential component is the resolved velocity of the absolute gas 
velocity in direction of tangent, as in Fig. 51. If, as is generally true, 
the tangential component V h at entry is zero, then 

W = i (V*V h ) 

If V ni is the actual velocity at entrance, then 

V\ 

Initial energy of 1 lb gas = — + P\Vy + C v l\ 

72 T v a, 

= 2 ^ 4" h 1 F 10 . 51. 

where P 1 = initial pressure 

Vi = initial volume per lb 

— specific heat at constant volume 
T 1 = initial temperature 

At point 2, a short distance inside the impeller, assuming that no 
slippage occurs, the tangential velocity V t2 is equal to V 2 , the impeller 
velocity at this point, and the radial velocity V rt will depend upon the 
compression of the air and the change of area of the impeller passage. 
If ai = area at inlet, 

a 2 = area at point 2 

Then, if points 1 and 2 are close together so that the specific-volume 
change between 1 and 2 is negligible, 



V aj&l V rtO ,t i 

v = ?! v 

ra a 2 ay 


Thus absolute velocity V ai of the air at 2 will be 

- Vn+fey-.)’ 


fps 


( 60 ) 
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Work done on air between 1 and 2 


1 


= g VI 

Thus at 2 

Initial energy + work done = total energy 


T + h]+ = T + ** 

2 </ ff 2(? 


F| f'2, 


Therefore 


r, 


ho 


1 


= ] 2 0(vi, - n,) + ~l 

= C P (To - Tr) 


h - (K* - F* + 2F|) + 1 


T i 2gC/J\ 

For an adiabatic compression, 

fc-i 

* = 2,rk ^ + 2Fi) + 1 


= teY 

Ti \Pj 


(61) 


( 02 ) 


Thus the pressure rise from entry to a point 2 close to the entry is given 
by 



In order to obtain the value of AP, the value of V a2 is required. This 
depends upon F r „ the radial velocity at point 2, which in turn depends 
upon the specific volume of the air at this point. 

The magnitude of V as can be estimated to a first approximation by 
the use of Eq. (60), and the value of A P can be obtained. The actual 
magnitude of F ra , the radial velocity at point 2, will depend on both the 
pressure and the temperature. 

The temperature at point 2 can be estimated by the use of Eq. (61), 
which can be written as 

h* = C V T, « ft, + A ( 7 2i - VI) + g 


from which, with the aid of the value of V ai already obtained, the tem¬ 
perature Tz can be estimated and the actual volume flowing past point 
2 corrected for compression by the use of PV = wRT . Then, using 
this new volume, a correction can be applied to both pressure and tern- 
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perature, using the new value of F rs so obtained. If the two sections 
are close together, this correction is small. However, the value of T % 
is desired in any case to permit interpretation of the value of F n , the 
radial velocity at the next point 3, in the same manner, etc. By repeat¬ 
ing the process, an estimate can be made of the actual pressures, velocities, 
and temperatures through the impeller. 

As outlined above, the process has been assumed to occur adiabatically 
without slippage, and in effect the results would be the best that could be 
obtained from any given impeller at the velocity investigated. 

The actual case could be approximated by assuming that some slip¬ 
page occurs and that the tangential velocity at any point is some 0.88 
to 0.93 of the wheel velocity, modifying the work addition accordingly 
and thus changing the magnitude of 7V7h given by Eq. (62). In addi¬ 
tion, the compression will now occur according to PV n = C, and the 
equation for A P will then read 


A P - P, 


1 


L2 gC„Ti 


(VI - VI + 2V.V t ) + 


w-l 


(02 a) 


where V f ,, the tangential velocity of the gas at point 2, will be 0.88 to 
0.93 V>, as already indicated. 

In addition, the new value of T« will be given by 

CpT t = h + Y q (VI, ~ VI) + V ^ “ 


which can then be employed as before. 

The magnitude of n in PV n = C is somewhat uncertain for the flow 
through the impeller. The over-all value for the whole compressor is 
easily determined, but it is generally considered that most of the losses 
occur in the diffuser in converting the velocity back to pressure. The 
magnitude of n for the whole process is about 1.7, and for the impeller 
itself perhaps 1.5 would represent the conditions. 

With these assumptions, it would be possible to obtain an approxi¬ 
mate idea of the changes occurring during the passage through the 
impeller. 

2. Diffuser Passage. —The air on leaving the impeller enters the 
diffuser passage, where, theoretically, the absolute velocity of the air is 
partly converted into pressure. Reducing air from a high velocity to a 
low one, with an accompanying increase of pressure, is an operation that 
demands a very gradual expansion of the passage area if it is to be carried 
out with any degree of efficiency. In practice, it is impractical to provide 
the requisite expansion at the necessary slow rate without exceeding 
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excessive outside diameters and introducing considerable frictional loss 
on the guiding surfaces in the process. Thus the transformation process 
occurs rather inefficiently, accompanied by turbulence, eddies, and shock 
losses. 

If the process did occur in the theoretical manner, the increase of 

pressure through the diffuser 
could be figured in the following 
manner: 

Let Fig. 52 represent the dif¬ 
fuser passage, and consider the 
section at right angles to the 
direction of flow at the point as 
shown. The cross-sectional area 
is An, the absolute velocity Vn, and temperature T I} . 

Work done by impeller on air = i V»V t2 ft-lb per lb air 

= - V\ ft-lb per lb air 

for a radial-bladed impeller. Since no other work is added at any point, 
this represents the total work that has been added to the air over its 
initial condition at any point during its passage through the diffuser. 
Thus, as for the impeller, 



Initial energy + work done = total energy 

VI Vi VI 

^ + fci + ^ ^ 4- h D 

2 g g 2 g 

1 Vi 

i. i A /tto tro \ i * $ 




= C,(T D - Ti) 


VI + 2Ff) 


If the whole process is adiabatic, 


T ° - T ‘ ~ T ' (k ~ ') 

A" 1 

'’'[(ft)’ 

k 

T x “ (Va, -V D + 2V t ) + l]*' 1 (62ft) 
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From this, the value of Pd at any point during the passage through the 
diffuser can be calculated for the theoretically perfect machine in a man¬ 
ner similar to the calculation of its passage through the impeller. 

3. Type of Impeller. —The above equations with modifications to suit 
each case can be applied to an investigation of the effect of impeller- 
blade shape on the performance. In general, impellers are of three types: 
(1) forward-curved blades, (2) radial blades, and (3) backward-cur\;ed 
blades, all shown diagrammatically in Fig. 53. 

A detailed analysis of these three cases indicates the following effects: 

Pressure Ratio .—The magnitude of the pressure ratio produced by 
the three impellers is as follows: 

1. Radial blade, highest. 

2. Backward-curved blade, intermediate. 

3. Forward-curved blade, lowest. 



Fig. 53 . 



(c) Backward curve 


Velocity at Impeller Exit. 

1. Forward-curved blade, highest. 

2. Radial blade, intermediate. 

3. Backward-curved blade, lowest. 

Total Pressure Rise .—If the velocities leaving the impellers could be 
converted completely into pressure, the over-all pressure rise would be 
in the following order: 

1. Forward-curved blade, highest. 

2. Radial blade, intermediate. 

3. Backward-curved blade, lowest. 

It follows that, on theoretical grounds only, the forward-curved blade 
would be the best. However, to realize this, it is necessary to convert a 
large exit velocity into pressure. As has already been pointed out, this 
process is not generally an efficient one, and large losses can occur; and 
the forward-curved blade may therefore not hold first place. It is seen 
that the least kinetic energy is possessed by the air leaving the backward- 
curved vane; hence, if the efficiency of conversion for the three diffusers 
were approximately constant, the losses in the diffuser would be least 
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for backward-curved blades and greatest for forward-emved blades with 
radial blades intermediate. However, the radial-blade type has a 
higher pressure ratio than the type with backward-curved blades to 
begin with. Hence, in practice, the impellers usually arrange themselves 
in the following order of merit as judged on pressure ratio: 

1. Radial blades. 

. 2. Backward-curved blades. 

3. Forward-curved blades. 

On an efficiency basis, they would rearrange thus: 

1. Backward-curved blades. 

2. Radial blades. 

3. Forward-curved blades. 

In practice, the small deficiency of the backward-curved blades, as 
regards pressure ratio, can easily be made up by a slight increase in 
diameter or speed of rotation. It follows that, for aircraft-engine work, 
the backward-curved blade would be the logical choice, although actually 
the radial blade is in general use. The reason for this is the practical 
difficulty encountered, until recently, of producing a backward-curved 
impeller. Under the action of the very high centrifugal forces encoun¬ 
tered at the high speeds of rotation employed, the curved blades tend to 
straighten out, and failures result. The radial blade is not subject to 
this difficulty. Recent progress has indicated the possibility of employing 
the curved blade in the near future with an accompanying increase in 
over-all efficiency, which will be reflected in a reduction of power required 
to drive the compressor and of the delivery temperature. This will 
permit a higher degree of supercharging to be used before detonation 
sets in, increasing the power output of the engine still more. 

4. Losses, —In what has gone before, no attention has been given to 
the losses that may occur because of the following: 

1. Surface friction. 

2. Shock. 

3. Leakage. 

4. Disk friction. 

Of these items, a fair estimate can be made of the magnitude of 1, 3, 
and 4, but unfortunately 2 is by far the greatest loss and is at the same 
time not amenable to calculation with the existing knowledge on this 
subject. Hence, except in very large machines, where the other items 
may amount to considerable power, an estimate of these losses is not 
justified. 

6. Radial Impellers. —The radial impeller represents present practice, 
and a more detailed analysis of its operation is therefore justified. Figure 
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43 shows a photograph of a typical supercharger impeller. It consists 
of an aluminum forging made from the Aluminum Company of America’s 
alloy 25S-T or some similar forging alloy. Alloy 25S-T has the following 
composition: copper 4.5 per cent, silicon 0.8 per cent, manganese 0.8 per 
cent, aluminum the remainder. In the heat-treated state, the alloy will 
possess an ultimate tensile strength of 55,000 psi with a yield strength of 
30,000 psi elongation of 16.0 per cent and hardness of 100 Bhn. 

The impeller show n has radial blades, usually some 16 to 22 in number, 
and at the entering edge the blades are bent over to form an inlet bucket. 
This forming process is carried out while the material is in the soft state. 
This is followed by the hardening process. The entering angle is theo¬ 
retically adjusted so that the air 
enters the wheel without shock 
losses, as will be seen later. In 
some designs, the entering bucket 
portion of the impeller is machined 
in a separate piece fastened t o the 
same impeller shaft, which permits 
greater flexibility than the form¬ 
ing process. 

The aluminum alloj r is far too 
soft, even in the heat-treated 
state, to be splined directly on the 
shaft. It is fitted with two steel 
bushes inserted from each end and 
riveted through the impeller, as 
shown in Fig. 54. These bushes 
are then splined to take the drive 
shaft. 

The present design of* impeller 
takes in the air axially. The 
diameter of the hub, d ]f is of course 
determined from practical considerations such as shaft and bushing 
diameter and is of the order of 2 to 2% in. for an average modem design. 
The diameter of the inlet pipe, <tf 2 , iw such that an inlet velocity of some 
100 to 350 fps is obtained under sea-level conditions. 

The diameter at impeller entrance is increased, depending on the 
diameter d h to maintain the axial velocity approximately constant. 

6. Inlet Buckets. —The inlet buckets consist of an extra part of the 
impeller with shaped vanes bolted to the same shaft as the impeller itself, 
or the impeller blades themselves bent over to the desired angle, as already 
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explained. The vector diagram for the air at entrance is shown in Fig. 
55, where V a = axial velocity of flow of air, fps 
Vi = impeller velocity, fps 
Vr = relative velocity of air and blade, fps 

The impeller velocity V\ is usually considered as that at the mean 
height of the entering annulus when the impeller is large; whereas, for 
small machines where d\ is a large percentage of the total diameter d 3 , 
it is usual to use the impeller velocity at some diameter d rn that divides 
the inlet area between d\ and (is into two equal areas such that 



If dm is diameter in in., 

K --w it. 

= volume flow cfm 


Thus 


tan a 


Va 

VI 

700# 

rpm X d m {d\ — d\) 


fps 


From this, the value of a the entering angle of the buckets can be deter¬ 
mined. A section through the blades on the mean diameter d m at inlet 
is arranged as shown in Fig. 56. Thus, if n is the number of blades, the 
total inlet width is nh, where h is the. perpendicular distance between 
blades. Then at diameter d m the value of w i the width at right angles 
to the entering air flow, is 


w 


ird m 

n 


and 


sin a 


h 

w 


Thus 


h 


Trdm 


’ Sill a 


(63) 


This is the theoretical passage width at the mean diameter to obtain 
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shockless entry to the buckets. In comparing actual impellers, it will be 
found that the theoretical angle is departed from greatly; thus its sig¬ 
nificance as regards shockless entry must be of minor importance com¬ 
pared with that of obtaining a large available area between the blades. 
If the angle a is increased, the inlet area will increase, as is shown by 
Eq. (63), and this apparently improves the results despite theory. The 
same effect is encountered in small centrifugal pumps, where area is 
more important than angle. The average impeller has an inlet angle a 
of about 45 deg. This angle is also affected by the angle through which 
the material can be bent without producing incipient cracks, and 45 deg 
appears about the limit. The result of these limitations is to produce a 
value of h which is some 30 to 40 per cent greater than the theoretical 


V, f p . Direction of rotation inlet area ' With this value of h at 

-► the mean diameter, the blades can be 



Fig. 56. 


Fio 57. 


7. Impeller Exit Width. —During the passage of the air through the 
impeller, some compression of the mixture occurs, the magnitude of which 
can be estimated as shown on page 116. In order to obtain the area 
required at the exit from the impeller, some knowledge of this compression 
is necessary. As a first approximation, it may be assumed that the 
volume of the gas at exit is some 80 to 88 per cent of the inlet volume for 
moderate tip speeds (say 800 fps) to 65 to 75 per cent at some 1,200 fps. 

A vector diagram at the impeller exit will then be as shown in Fig. 
57, where 

V 2 = impeller tip velocity, fps 

Vr = radial or relative velocity of flow of air, fps 

V a = absolute air velocity, fps 

Comparison of impellers indicates that the value of Vr is kept small. 
In general Vr is selected at some 80 to 150 fps at sea-level conditions so 
that the angle 0 is between 5 ; and 10 deg, the smaller angle for moderate 
speed and the larger one for high tip speeds. Thus 

Vr - Vi tan 0 
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Then, for continuity of flow, the exit area of the impeller must be such 
that 


thus 


Area at exit a 4 — 


144 q A 
60 Vh 


— wdiUh 


sq in. 


w<- — 0.765 - in. 

«4 V R 

where w 4 = width of impeller at exit, in. 

<74 = volume flow at exit, efm 
(h = impeller diameter, in. 

8. Impeller Passage. —The impeller passage from inlet to exit can be 
determined approximately as outlined by the change of pressure and 

temperature through it. There 
is an increase of area from inlet 
to outlet, and this should be a 
gradual change from one value to 
the other. The slope of the blade 
is usually some 10 to 15 deg (see 
Fig. 58). Blades are usually as 
thin as possible consistent with 
strength; in addition they taper 
from the root to the tip with an 
angle of some 5 deg. An average 
thickness for the blade is about 
£32 to J'8 in. 

9. Pressure-equalizing Holes. —The impellers are provided with 
holes near the entering annulus diameter to relieve delivery pressure at 
the back of impeller due to leakage past the tip clearance (see Fig. 54). 
The total area of such holes should be almost equal to the clearance area 
at the outer diameter of the impeller. 

10. Diffuser. —The diffuser begins with an internal diameter some 
10 to 18 per cent greater than the impeller outside diameter. There is 
an efficiency loss if the diffuser blades approach too close to the impeller- 
tips, particularly at high tip speeds. Also close approach tends to set 
up vibrations causing stresses and failure as well as noise. 

The outside diameter of the diffuser seems to vary from 1.5 to 1.9 
times the impeller diameter and is fitted with a varying number of vanes. 
For radial engines, the number of vanes generally appears to be equal to 
the number of engine cylinders. Of course, the minimum number must 
be such that overlap of the vanes occurs; otherwise the guiding action 
would be lost. This minimum would vary with the dimensions. 
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The axial length w b (see Fig. 58) of the diffuser passage is usually 
equal to the total width of the impeller at exit plus the clearance as shown. 
Tn some designs, this width is increased somewhat over the above mini¬ 
mum limit. The remainder of the passage at increasing radii is generally 
parallel at width w 5 , though a somewhat flaring design with an angle of 
some 4 to 0 deg is also employed. 

At the point where the air enters the diffuser, the direction of the air 
flow is substantially that of the absolute velocity of the air, leaving the 
impeller as given by Fig. 57. The width of the blade w h in. has already 
been discussed; thus, if the distance between diffuser blades is / in. meas¬ 
ured at right angles to the flow, then 

Total diffuser inlet area =■ wdn d sq in. 

where n d = number of blades in diffuser 

The exit area from the impeller measured at right angles to the abso¬ 
lute velocity of the air is 

a d = a A sin (3 

The total inlet area to the diffuser is some 1.5 to 2.3 times the value 
of rid, the larger values being used for high-capacit y superchargers. Using 
the average ratio of about 1.9:1, thus 

w b ln d — 1.9 a a sin ft 

Again it is seen that the theoretical angle of the air flow is neglected 
in favor of securing the required area to allow for such turbulence as 
exists. Thus the vector diagrams as such do not appear to affect the 
design to any marked extent. 

As the air flows through the diffuser, the area of the passage gradually 
increases. This increase of area amounts to some 1.5 to 1.8:1; and, 
with the proportions given for the ratio of OD to ID of the diffuser, this 
increase corresponds to a change of area of about 1 sq in. per 8- to 12-in. 
length of diffuser passage. If this is compared with a circular passage 
as in a pipe, it gives a taper of some 5 to 9 deg total included angle, a 
value common for venturi tubes, etc. 

11. Exit Area from Diffuser.— The exit areas from the supercharger, 
when of the single-passage type, should be such as to maintain a gas flov r 
of sufficient velocity to prevent fuel deposition. A value of 150 fps will 
achieve this, a value corresponding to that employed with manifolds of 
unsupercharged engines. 

For a radial engine, where gas is being withdrawn at various points 
around the circumference of the collector ring, the area of the ring is 
made about one-half the size of the single passage, as determined in the 
previous paragraph. 
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In order to consider the design of a supercharger, it is necessary to 
obtain first an estimate of the conditions in the engine manifold, to 
develop the desired output, together with the air flow under all operating 
conditions. This can be achieved as follows: 

1. Calculation of Manifold Pressure. —Let brake mep = desired 
mean pressure in psi. Then, if d and L are the diameter and stroke 
in inches of an engine of n cylinders operating at a speed of N rpm on 
the four-stroke cycle, the power output is 

m _ b ra ke mep X L X vd* X n X N 
P 12 X 4 X”2“X^P60 

= 9.92 X 10 “ 6 brake mep X LdhiN 

The displacement per cylinder is 


Then 


7 rd 2 

T 


L 


= D 


<*u in. 


Hhp = 


brake mep X n X N X D 

7927000 


If x = F/A ratio for this output 

= 0.09 to 0.10 for maximum take-off 
= 0.08 to 0.085 for maximum power 
= 0.06 to 0.065 for maximum economy 
/ = lb fuel per bhp per hr 

= 0.55 to 0.65 for full power to take-off (depending on degree of 
supercharge, etc.) 

= 0.43 lb per bhp per hr at cruising 


Fuel per hr = bhp X / 
Air required = —- - ■ ^ 


ird^ L 

Engine displacement per hr = -j- 

4 l,/4o 


lb 

lb per hr 

Total mixture = 4* bhp X / 

= Jf 7 m lb per hr 

X X n X 60 cu ft per hr 
V cu ft per hr 
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Assume the volumetric efficiency of an unsupercharged engine to be 82 to 
87 per cent, including losses due to pressure drop, friction, etc. 

For a supercharged engine, let volumetric efficiency be defined as the 
ratio of the specific weight of new charge in the cylinder to the specific weight 
of the mixture under manifold conditions that would fill the displacement 
volume. 

This definition allows for carburetor pressure drop; and, because of 
compression in the supercharger, the higher temperature of the gas in 
the manifold results in less heat flow from the walls. Scavenging of the 
clearance can also occur; thus the volumetric efficiency will tend to 
improve with supercharging. Assume that the volumetric efficiency 
increases to 90 to 95 per cent. Under suitable conditions, it can actually 
exceed 100 per cent (see page 132). Specific weight of charge in cylinder 
equals W m /V lb per cu ft. 

If the volumetric efficiency is assumed equal to 90 per cent then 

W m 

Specific weight in manifold = lb per cu ft 

The pressure P m and temperature T m in the intake manifold must be 
such that the specific weight is equal to the above. 

Let P af V a , T a be the atmospheric pressure, specific volume, and tem¬ 
perature at some altitude (the critical) a ft. We shall neglect the effect 
of the ram and assume that the carburetor and ducts account for a pres¬ 
sure drop of 1% in. Hg, while the partial evaporation of the fuel accounts 
for a 40° temperature drop. Then, for a mixture of F/A ratio = x, if 
the fuel is assumed to be octane, 


C* H 18 + A( 0 2 + 3.77N 2 ) 

114 lb + A (32 + 3.77 X 28) lb 
114 lb fuel requires 137.6A lb air 
114 

X ~ A X 137.6 
. 0.829 


Number of moles 


1 mole fuel + 9J*?? 

X 


A mm t • 1 | 3.955 

X 4.77 mole air = 1 H- 

x 


Equivalent molecular weight = 
Equivalent gas constant = 


114 + 137.6(0.829/x) 
1 + (3.955/x) 
1,544(1 + (3.955/x)) 
114 + (113.9/a;) 
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Therefore P a , V a , T a are related by 

PaVa = WR T a 
P 


'aW 1,544 [ 1 + (3.955/*) 1 
Ta 144 [ll4 + “(113.9/Jr)J 

= 10.71 N 

yi4.r + 113.9/ 


ft 


Specific weight at engine intake = lb per cu ft 

V a 

nnft „/ll4*+ 113.9^ P a 1U 
= 0 0933 \~ x + 3.955 ) Y „ ,b per ™ 

Specific weight at supercharger inlet (after fuel addition) 

_ n nnoo A 14 * + 113.9\ (l\ - 1.5 X 0.49l\ 
0 0933 V r + 3.955 )\ T a -2i) ) 

Assuming 20° drop due to evaporation of fuel at inlet, if P w , T rn are 
the pressure and temperature of mixture at supercharger outlet, then 

Specific weight in manifold = —^ = 0.0933 

U.y V \ .r ~r o.95o / l m 

T m , the delivery temperature from the supercharger, is given by 

T - Ti 


*T = 


T m - T 1 

where 7\ = inlet temperature = T a — 20 


k -1 

r - <r. - 20) ‘ 


For a mixture of octane and air, 

k = 1.385 

For air only, 

k = 1.4 

If €t — 0.70 to 0.73, an average efficiency, 


- (r. - 20) 


[7_fs_\ 

L \K - 1.5 X 0.491/ 


A- — 1 
k 


1 


+ (r. - 40) (64) 


Taking the other 20° drop due to fuel evaporation at exit from the 
supercharger, thus 



w m 

0.9 V 
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0988 Jar) 


(T a - 20 ) 


Gc 


1.5 X 0.-191 

+ (T a ~ 


)*-J 

10) (05) 


from which P m can be calculated together with T m from Fq. ((>4) 

Using the calculated values of P m , 7 T W , and W m , the power required 
by the compressor can be determined by the equations on page 100. 

2. Calculation of Air Flow.—In reviewing the use of the gas charts in 
Chap. Ill, means were given of estimating the fuel consumption and air 
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1« ia. 59.—Performance vs. fuel/air ratio. 

flow for any given engine using any desired mixture ratio. Such cal¬ 
culations would permit the construction of a series of curves such as 
those of Fig. 59, which would give the specific air and fuel consumptions 
that could be expected from any engine under the best conditions. 

Alternatively, * the best specific fuel consumption per ihp at maximum 
* Pye, D.H., “Internal Combustion Engines,” Oxford University Press, New York, 
1937. 
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fefcoiioTcvy and mmimum specific air consumption per ihp at maximum 
power that have been achieved by single-cylinder engines can be plotted 
in the form of Fig. 60. Either of these two sets of curves can be used to 
estimate engine requirements per ihp; then, by the use of a reasonable 

mechanical efficiency and a factor 
to allow for multicylinders (ap¬ 
proximately 5 per cent increase in 
fuel and air flow), the bhp per¬ 
formance can be obtained. 

In order to achieve this in a 
satisfactory manner, some knowl¬ 
edge of the practical variations 
6 7 8 9 10 11 12 13 of the F/A ratio with output 

Compression Ratio is necessary. For the average 

Fio. '^^Performance vs. compression aircraft eng i ne Q f mo dern de- 

sign with a high-altitude super¬ 
charger, the F/A ratio with changing power output will vary approxi¬ 
mately as shown in Fig. 61. The engine speed will also change with 
power because of the use of a variable-pitch propeller. At the low cruis- 
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Fig. 61.—Fuel/air ratio vs. output. 


ing powers, about 40 to 50 per cent of maximum, the speed will have 
dropped to about 65 per cent of normal maximum; whereas, at 75 per 
cent power, the speed would be 85 to 90 per cent of normal maximum 
speed. With the aid of Figs. 60 and 61, a typical hypothetical perform¬ 
ance curve for an engine such as that shown in Fig. 62 could be built up. 

The ihp performance, so calculated, can be converted to bhp by assum¬ 
ing some reasonable mechanical-efficiency curve. The mechanical effi¬ 
ciency at constant full speed could vary from about 70 per cent at }£ 
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load to about 89 per cent at full load; and at % speed the change would 
be from about 85 to 92 per cent for to full load, in the case of a highly 
supercharged engine. 

Thus typical air and fuel flow can be obtained for all power outputs. 
The ihp will be found to vary almost directly as the weight flow and 



0 10 20 30 40 50 60 70 80 90 100 
Manifold Pressure -7o of Max. 

Fig. 62. 

thus as the manifold pressure for a constant F/A ratio and carburetor 
temperature. 

As a rough check, a minimum air flow of 5.9 lb per ihp per hr can be 
used for maximum power conditions for an average compression ratio, 
whereas at take-off this may be increased to 6.0 to 6.2 lb and reduced to 
5.7 lb per ihp per hr at maximum economy. 

Of course, by far the best and most accurate information is an actual 
engine test-performance curve similar to that shown in Fig. 62. Such a 
curve can then be fitted together with the performance curves of a 
supercharger to give the most favorable average operating conditions. 

3. Volumetric Efficiency. —One factor that musk be taken into 
account is the varying volumetric efficiency as the magnitude of the 
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manifold pressure is changed. This lesults in an increase in the weight 
flow of mixture and thus accounts for an increase in engine horsepower. 

This change of flow can be roughly estimated as follows: When the 
piston reaches TDC of the exhaust stroke, Fig. G2a, the clearance volume 
V c will be filled with exhaust gas at that pressure P e existing in the exhaust 



pipe. Then, if no scavenging of 
the clearance space is assumed, 
when the inlet valve is opened, the 
exhaust gas in the cylinder will be 
compressed, adiabaticallv, to the 
pressure of the intake manifold P m • 
Its volume will be reduced from V, 
to V c according to 



This, of course, is accompanied 
with a flow of new charge into the 
clearance volume to fill up the 


clearance. This flow will be V cu in. given by 


' r - r ‘- v -(0 

The piston will now proceed on its suction stroke and draw in an addi¬ 
tional volume Vs of charge; thus the total charge volume V T will be 



It follows that the ratio of the flows for two manifold pressures Pi and 
P% for a constant back pressure P t is given by 
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i 


V, ■ 

f i+ 1 

i JL± 1 

['-(ft)’]) 

1 

r,. 

11 + - ~ 

{ r + 1 

b-m 


1 


r - (/VP,)* 
r - (Pe/P 2 ) 1 


Thus, if the mixture flow at some manifold pressure Pi is known and is 
equal to Vj, then the mixture flow at P 2 for the same hack pressure P c 
is given by 


V 2 = V] 


r - (P , /P 2 )* 
r - (Pe/Pl)\ 


This permits the evaluation of Ihe new horsepower to be obtained from 
the flow Fa, since for moderate changes the ihp is proportional to the 
weight flow. 

In addition, there will be some change of pumping woik. If P 2 > Pi, 
the increased pressure will result in extra work done on the piston during 
the suction stroke, roughly equal to the change of pressure; thus 


Ahp (due to pumping) 


(p 2 — p i)Vs X n X rpm 


33,000 X 1,728 X 2 


where Vs = displacement of 1 cylinder, cu in. 
n = number of cylinders 

Thus the expected horsepower for a change of manifold pressure from 
Pi to P 2 will be 


Hp2 = hpi 


(P r /P 2 )* . (P s - Pi)Vs X n X rpm 


+ 


- (P,/Pi)* 


33,000 X 1,728 ~X 2 


(67) 


Of course, it is possible that some further change of power may result 
because of change of scavenging, etc., but the above would give an 
approximation in the absence of actual test figures. 

The calculation is similar if the exhaust back pressure P« changes from 
P ei to P ea for a constant manifold pressure P m , as when a supercharged 
engine changes altitude. The change of power and flow can also be 
figured by the above equations as 
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r - (PJP m )~ k 
Vl - 

/* ‘ (PeJP m ) 1 

. (/A, - /\ 2 )Fs X n X rpm X 144 ( . 

33,000 X 1,728 X 2 ^ ' 

The evaluation of this condition is also important; e.g ., when a turbo¬ 
supercharger is applied to an engine, and variable back pressure results. 

Example. —A gear-driven supercharger is required to give a critical 
altitude of 20,000 ft with a manifold pressure of 45 in. Hg. Examine the 
relative power output at this pressure for (1) single-speed machine and 
(2) two-speed machine. Compression ratio of engine 6.5:1. 

Single-speed Supercharger . 

At 20,000 ft: 

P a = 13.75 in. Ilg abs 

T a = —12.3 -+ 460 = 447.7°abs 

At this ratio, tr and tj can be expected to be about 0.70 and 0.66, maximum. 
Thus 

k-1 

Tur i iu * wC p Tj(r k — 1) 

Work per lb air = —--- 

, €t 

_ 0.24 X 447.7(3.275° 286 - 1) 

6.70 

= 61.9 Btu per lb air 
= 48,190 ft-lb per lb air 

Assuming an average air flow T of 5.9 lb per ihp per hr, 

Work per ihp per hr = 5.9 X 48,190 ft-lb per hr 

Ihus hp to drive compressor = 33 ~q qq 

= 0.143 per ihp output 

Thus, for 1 ihp at 20,000 ft, 

Net available hp = 0.8568 hp 

At sea level: At sea level with the same speed of operation, the horse¬ 
power of the engine with constant manifold pressure is approximately 
the same; thus the weight flow of air is similar, but the volume flow is 
reduced because of the increased density. Therefore, some improvement 
in the value of e T and could be expected because of the reduced value of 
Q/N for the supercharger. The change will be small and for the time 
being can be neglected. Equation (54) gives, for constant speed, 


V % = 


Hp 2 = hpi 


r — (P' t /P m Y 

r - (P (l /P m )l 
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k- 1 

T l (r * 



const. 


Thus the work done per pound of air is also constant, despite variations 
in the value of T i and r with altitude. 

Since 


€t 


A- — 1 

Ti(r * - 1 ) 

T* - T , 


it follows that the temperature rise 7*2 — T i through the compressor is 
the same at the two altitudes and is given by 


T, - Ti 


= ric /* 1 - i) 

_ 447.7 X 0.403 
0.70 

= 257.5°F 


Thus 

T 2 at 20,000 ft = 705.2°abs 
T 2 at sea level = 776.5°abs 
Density at sea level _ po _ 705.2 
Density at 20,000 ft p 2 o.ooo 776.5 


It follows that, for the same manifold pressure at sea level, the 1 ihp 
at 20,000 ft reduces to 0.91 ihp at sea level. 

In addition, the exhaust back pressure has changed from 13.75 in. 
Hg to 29.92 in. Hg. This results in a change of power given approxi¬ 
mately by Eq. (68): 


Hp 0 = hp 


20,000 


6.5 - (29,92/45)* 
6.5 - (13.75/45)*. 


144(13.75 - 29.92)5.9 X 51.5 X 705.2 
+ 33,000 X 60 X 45 X 144 X 0.491 


5.748 
6.068 
= 0.91 


- 0.0391 


Thus there is an additional loss of 0.09 hp because of change of back 
pressure. The horsepower at sea level is 

Hp 0 * 0.91 - 0.143 - 0.09 
= 0.677 
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To a first approximation, it follows that the net horsepower at sea level 
is 79 per cent of that at 20,000 ft. 

Two-speed Supercharger .—Assume a second critical altitude of 8,000 ft. 
At this altitude, P. = 21.12 and T a = 30 6° 


Work per lb 


45 


= 2.10 


21.12 

0.24 X 490.0(2.Hi"_ 
0.70 


D 


0.24 X 490.0 X 0.240 
0.70 


= 41.4 Btu per lb 
= 32,200 ft-lb 

Work per ihp per hr = 5.9 X 32,200 
_ 5.9 X 32,200 
33,000 X 60 
= 0.0958 

Thus 

Not ihp at 8,000 ft = t - 0.0958 
= 0.9042 

At sea level: 

Hp per lb = 0.0958 

rr , • ., , rn m 490.6 X 0.246 

temperature rise through compressor T■■ — 7> =-^- 

= 172.5°F 


Thus 


Thus 


T -2 at 8,000 ft = 172.5 + 490.6 
= 663.1°abs 

T» at sea level = 172.5 + 519 
= f)9!.5°abs 


PM 00 

Po 


663.1 _ 

69L5 ~ 0 958 


Ihp at sea level at P m = 45 in. = 0.958 


Change due to back pressure 


Hp 0 = 


6.5 


(30/45)* 0.491(21.12 - 30)5.9 X 51.5 X 663.1 X 144 

1 i * 33,000 X 60 X 45 X .491 X 144 


6.5 - (21.12/45)* 
6.5 - 0.752 


6.5 - 0.585 


0.0201 



ESTIMATING OPERATING CONDITIONS 


137 


5.748 


0.0201 


5.915 
0.973 - 0.0201 
0.9529 

Net hp at sea level 


= 0.958 - 
= 0.8151 


0.0958 - 0.0471 


Thus, with a two-speed supercharger geared for 8,000 ft and 20,000 
ft, the horsepower at sea level is increased from 0.077 to 0.815, an increase 
of 12 per cent over the value for the single-speed high-level ratio. In 
addition, the engine can still develop the 1 gross hp or 0.857 net hp at 
20,000 ft by changing to the higher speed ratio. 


Maximum power at Maximum power at altitude 

sea level 



4. General Performance Curves. —Before it is possible to fit an air¬ 
craft engine with the correct size of supercharger, some idea of the over¬ 
all manner in which the power output varies, at both sea level and 
altitudes, is required. An engine of the type under consideration has to 
operate over a widely varying altitude where the pressure and tempera¬ 
ture of the atmospheric air change considerably. 11 is first proposed to 
examine the effect of altitude on engine performance. 

As a result of altitude—chamber tests, permitting control of both pres¬ 
sure and temperature, on both water- and air-cooled engines, together 
with the results obtained from modern engines in actual flight by means 
of torque meters, it has been fairly definitely established that, for full- 
throttle operation at a constant speed of rotation, the brake horsepower 
varies as the density ratio of the air. The density ratio is the ratio of the 
density of the atmospheric air at any altitude under consideration to the 
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density of the atmosphere at sea level. Thus the performance curves of an 
engine can be represented in the various manners shown in Fig. 63. 

Figure 63a is the regular horsepower vs. speed curve at sea level, 
which is familiar for all forms of internal-combustion engines. If then, 
with constant full throttle and constant rpm the engine is taken up to 
various altitudes and the power output measured and plotted against 
altitude as in Fig. 636, a series of curves of the type shown would be 
obtained for various rpm, all passing through 47 per cent (approximately) 
of sea-level power at 20,000 ft. As stated before, the horsepower varies 
as the density ratio p a /po, where p a is the density of the atmosphere at 
altitude a ft and p 0 is the density at sea level. Thus, if the curves of 
Fig. 636 are replotted with density ratio as abscissa, in place of altitude, 
a straight line is obtained, as shown in Fig. 63c. The density-ratio 
scale can be calibrated in altitude if required. Thus, if various full- 
throttle settings at different rpm were chosen, such as the points a, 6, 
c, d of Fig. 63a, a series of altitude curves would be obtained as in Fig. 
636, each curve passing through 0.47 of sea-level power at 20,000 ft. 
If they were plotted as in Fig. 63c, a series of straight lines would result, 
also passing through 0.47 of sea-level power at each speed. 

The straight lines of Fig. 03c can be represented by the equation* 

n »-- h »-fe- i w £! ) 

where hp fl = horsepower at altitude a ft 
hpo = horsepower at sea level 
This can be simplified to 

Hp„ = hp 0 (l131 p ~ - 0.1324^ 

From this it follows that the altitude at which the horsepower becomes 
zero is given by 

1.131 - = 0.1324 

P 0 

p - = 0.117 

po 

i.e. t the lines of Fig. 63c would all meet at a single point on the density- 
ratio axis where p a /po = 0.117. 

At this altitude, the density of the air is about 12 per cent of sea- 
level power, and the weight of charge in the engine cylinder would be 
approximately 12 per cent of that at sea level; thus the ihp would be 
12 per cent of sea level. If the mechanical efficiency of the engine were 

* Pusses, E.F., Altitude and the Aircraft Engine, SAE J. (June, 1940). 
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88 per cent it follows that, to a first approximation, the power generated 
at this condition is just sufficient to overcome friction and produce zero 
useful power. It must be remembered, however, that the above equa¬ 
tion is empirical, and some slight differences between engines is to be 
expected. Also, so far as known, few data have been published on power 
outputs above about 30,000 ft; hence it is possible that some departure 
from this simple relation may exist at high altitudes. But, for a first 
approximation to an engine-performance curve at altitude, the simple 
relation given above and shown 
plotted in Fig. 63c is very useful. 

The relations outlined so far apply 
equally well to a naturally aspi¬ 
rated engine or to one fitted with 
a gear-driven centrifugal super¬ 
charger, provided that operation 
is at wide-open throttle. 

If the manifold pressures oc¬ 
curring at each density ratio and 
full throttle for Fig. 63c were ob¬ 
served and plotted on the same 
diagram, they would also plot ap¬ 
proximately as a straight line, 
decreasing at the same rate as 
the horsepower curve, i.e., passing 
through 47 per cent of sea-level 
manifold pressure at 20,000 ft. 

This relation, however, is not so 
universally true as the horsepower one, but in general it is close enough for 
most practical purposes (see Fig. 66a). 

So far mention has been made only of full-throttle conditions at 
varying altitudes. If part-load horsepower at various constant speeds 
at sea level is plotted against manifold pressure, as in Fig. 64, the results 
are a series of approximately straight lines. Extrapolating these lines 
back to zero manifold pressure, it is found that they intersect approxi¬ 
mately in a common point. Hence, in general, it is convenient to assume 
that these lines are straight and actually do meet at a point as shown. 

As indicated for an actual engine, this is not strictly true. The lines 
are not straight but slightly curved, and in addition at zero pressure a 
series of horsepowers exist, but the error involved in assuming the con¬ 
ditions above is almost within the usual testing accuracy. Hence, until 
actual test results become available, a simple part-throttle performance 
curve constructed as outlined is quite useful. 
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The full-throttle curve abc of Fig. 65 at sea level plotted against mani¬ 
fold pressure can be obtained for a supercharged engine from the rela¬ 
tionship between pressure and 
speed of a centrifugal super¬ 
charger, in which the pressure 
varies as the square of the speed. 
Hence, if the full-speed manifold 
pressure is known, the pressure at 
other speeds can be obtained from 
a straight-line relationship, as in 
Fig. 65, with the manifold pressure 
for zero /pm at about 31 in. Hg. 
Thus it is possible to construct the 
curves of Fig. 64 for various speeds 
for any manifold pressure. 

When these two plots are com¬ 
pleted, the altitude and sea-level 
curves can be drawn on the same diagram, as in Fig. 66. Thus a fairly 
accurate estimate of the engine characteristics can be made for all oper¬ 
ating conditions. 



RPM 2 
Fig. 65 



Fia. 66. - Sea-level and altitude performance curves. 


So far the altitude curve has been considered for full throttle only. 
It is well known that there are certain limitations to the power output of 
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an engine, and this limit is usually that ihp which results in the maximum 
permissible stress in one or more of the parts. This limit is usually 
either the overheating of some portion of the combustion chamber 
resulting in detonation, or a function of the manifold pressure and tem¬ 
perature. Thus there is a limit to the supercharging that can be applied 
safely, which limits the ihp of the engine. Bo far as the charge in the 
engine cylinder is concerned, it is not affected by the altitude at which the 
engine happens to be; hence, to a first approximation, the maximum 
permissible ihp is the same for all altitudes. 

Thus, for any altitude, the throttle must be adjusted to limit the 
maximum power to the ihp the engine is capable of standing. This 
condition is secured if the weight of the charge in the cylinder remains 
constant. Constant charge weight would occur at constant density and 
thus at constant manifold pres¬ 
sure if the air-intake temperature 
were constant and the exhaust 
back pressure did not vary with 
altitude. 

Actually, as the altitude is in¬ 
creased, the atmospheric temper¬ 
ature and the back pressure 
decrease. Both these effects re¬ 
sult in an increase of pow T er out¬ 
put for a given manifold pressure. 

The reduction of temperature 
means an increase in manifold 
density and thus of charge v T eight; 
and the reduction of atmospheric 
pressure means that the piston has 
to exert less effort on the gases to discharge the exhaust. In addition, the 
volumetric efficiency changes as a result of the combination, as already 
outlined. 

It follows that, for a constant manifold pressure that must be main¬ 
tained by variable throttle setting, there is an increase in engine output 
as altitude is gained. This increase varies somewhat with the engine 
under a consideration; but, if it is plotted against density ratio, a straight 
line is obtained, as shown by AB of Fig. 67. At B, the throttle of the 
compressor is wide open; hence it is working at its maximum capacity, 
and the ihp developed is the maximum that the engine will stand. If 
altitude is reduced, the manifold pressure will increase because of increase 
in inlet pressure unless the throttle is closed. Thus, as the engine passes 
from altitude to sea level, the throttle must be closed more and more. 




142 SUPERCHARGING THE INTERNAL COMBUSTION ENGINE 


Point By the greatest height to which the maximum manifold pressure 
can be maintained, is called the critical altitude . If the plane flies at 
some higher altitude, the compressor is unable to maintain the same 
manifold pressure, and hence a drop of power occurs along the line 13D, 
the line of constant slope of Fig. 63c passing through 47 per cent sea- 
level power at 20,000 ft. The portion BC of this line represents the out¬ 
put that could be obtained if the engine would operate at the ihp obtained 
with wide-open throttle at these low altitudes. In many engines, the 

manufacturer will permit opera¬ 
tion along a line such as BE of 
constant bhp below the critical 
altitude,* which involves a gradu¬ 
ally increasing manifold pressure 
as sea level is approached. 

Consider a given engine design 
capable of operating without 
supercharging along the line JK of 
Fig. 67. If a supercharger is 
added which, with full throttle, 
brings the limit of ihp up to the 
maximum at sea level represented 
by Fy then, as altitude is gained, 
the power will fall off along FG f 
since the supercharger was already wide open. Thus the engine is, at all 
altitudes except sea level, operating at a lower ihp than the maximum. 

If the supercharging is increased so that the engine is developing its 
maximum ihp at some critical altitude such as B } the supercharger 
absorbs more power; hence, at sea level, the power will be reduced from F 
to A, and the throttle must be partly closed. The ihp at A, however, is 
the same as at F. Thus, to achieve maximum power at altitude, a 
sacrifice of power equal to AF has been made at sea level. Thus, at all 
altitudes below that represented by point L, the engine fitted with the 
supercharger which just gives maximum load at sea level with full throttle 
outperforms the engine designed for maximum power at altitude. It is 
to be noted that the power at point B is less than at F, since a greater 
amount of work is required to drive the compressor at altitude. 

If a series of lines such as A B of Fig. 67 for various speeds are added 
to the diagram of Fig. 66, a complete performance curve for full- or part- 
throttle operation at sea level or altitude is obtained. The lines of 
constant manifold pressure at full throttle such as UK can be plotted 
on this diagram by the use of Fig. 66a, and lines of constant manifold 
pressure at part throttle, as already indicated, are straight fines at a 



BHP 
Fig. 67. 
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constant slope such as AB, These lines are found to have a slope approxi¬ 
mately equal to an increase of horsepower of 0.53 X F from sea-level 
horsepower to the power at 20,000 ft at 0.5327 density ratio. If this 
line were continued, it would reach a change of horsepower equal to 
F at 0.117 density ratio, where F is the negative horsepower at the point 
of intersection of the part-throttle lines at sea level with zero manifold 
pressure (see Fig. 60). 

An analysis of a number of engines indicates that the magnitude of F 
can be roughly obtained by the formula 

V = P m X K X displacement X rpm — hp ma * 

P m = manifold pressure in. Hg for hp mR x 

K = const. = 7.2 X 10 -6 approx. 

The actual magnitude of F varies from this value over a rather wider 
limit than is desirable, depending on the type of engine. In the absence 
of any test data, the above value would permit a reasonable approxima¬ 
tion to the performance curves, especially since the desired full-throttle 
power is definitely known. Thus the error arising from an incorrect 
estimation of the value of F is small near full load, even though the error 
is great at zero manifold pressure, a condition at which the engine never 
operates. Thus it is possible to develop an approximate performance 
chart before the engine is tested and before actual data become available. 
These diagrams apply to supercharged or unsupercharged engines with a 
gear-driven centrifugal compressor. 

It is apparent from what has been said that the horsepower of the 
engine is limited, by some one or more factors, such as detonation, heat 
disposal, etc., to some maximum ihp and also that, for a given manifold 
pressure, there is some maximum sea-level horsepower that is less than 
the maximum at the critical altitude when the engine is at full throttle, 
the reduction at sea level increasing as the critical altitude increases. 

The single-speed supercharger can be designed for effective critical 
altitudes of about 8,000 to 12,000 ft. In the case of ships intended for 
military purposes, it is desirable that the maximum horsepower be 
obtained at the highest possible altitude. In such cases, it follows that 
the lowest horsepower is that at sea level. It is conceivable that the 
critical altitude could be so high that the loss of power at sea level would 
be so great that take-off would be impossible. Hence ways and means 
have been found to offset this loss of power at low altitudes associated 
with a single-speed gear-driven supercharger. These are 

1. Two-speed supercharger with means of mechanical clutching. 

2. Supercharger with variable-speed drive by means of a hydraulic 
coupling. 
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3 Two-stage with vanable-speed hydraulic coupling with aftercooler 

4 Two stage 4 * first, turbo-driven, second, engine-driven with 
intercoolei 

A bnet description of each ot these types follows 
A typical single-speed drive for a centrifugal supei charger applied to 
an engine of the xadial type is lllustiated m Fig 08 It consists of a shaft 



I lc« (>8 —-1 v pit al super charge] drivt 


A driven direct off the ciankshatt (and thus operating at engine speed), 
from which is driven a large geai B through a spring-type coupling illus¬ 
trated m Fig 69 Gear B drives on intermediate shaft C with large 
and small gears D and E, the laige gear D meshing with the gear F 
attached to the impeller shaft By this means, the impeller is maintained 
concentric with the crankshaft but driven at a speed of seven to ten times 
engine speed In some instances, in the case of the in-line, or V } type 
engine, the supercharger is driven via a long flexible shaft such as that 
shown in Fig 70, the flexibility of this shaft taking the place of the spring 
coupling 
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5. Two-speed Supercharger. —In this design, the drive to the super¬ 
charger is through two gear ratios either of which can be engaged air 
will by the pilot. The two speeds are arranged to give two critical alti- 




Fig. 70. 


tudes, the low one for take-off and rapid climb near sea level, the high 
one for the maximum critical altitude desired. In general, these two 
altitudes will be of the order of 6,000 to 8,000 ft for the low gear and 
15,000 to 20,000 ft for the high gear, the high-gear critical altitude being 
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limited by the maximum compression ratio that can be obtained from a 
single impeller, usually some 3^:1 to 4:1 for the latest high-speed 
designs. 

The effect of this change of gears is a reduction of the power absorbed 
by the compressor at low speed, since the ratio of compression is reduced. 
Figure 71 shows a comparison of the effect of two-speed supercharging 
on power output. If the high-gear ratio is employed, the performance 
will be along AB (at constant manifold pressure) and then BC above 

critical altitude; whereas, with 
low gear, the curve DEF would be 
obtained. Thus, by shifting gears 
at F , the actual performance curve 
would be DEFBCy indicating a 
substantial gain in power near sea 
level over that of a single-speed 
machine having the same critical 
altitude B. 

If the engine, when in low gear 
and at sea level, would permit the 
use of full throttle for a short 
period of time, for take-off and 
emergencies, then the perform¬ 
ance would be GEFBC. Thus it 
is seen that, by the use of a two- 
speed supercharger, the penalty of low take-off power accompanying a 
high critical altitude can be eliminated to a great extent. 

6. Wright Two-speed Drive.—Figures 72 to 75 show the arrangement 
of gears employed by the Wright Company to obtain the two speeds of 
rotation, employing a roller clutch operating as follows: The low gear 
ratio is 7.13:1, and the high is 10:1. (The same type of mechanism can 
also be arranged to give ratios of 7:1 and 8.5:1 when high-power opera¬ 
tion at high altitude is not desired.) 

The figures referred to show this mechanism in the low- and high-gear 
ratio, respectively. It consists of a stationary friction clutch N in the 
rear cover of the engine, which can be disengaged for low-gear operation 
and engaged for high. This function is controlled by the piston control 
valve V f which for the low-gear ratio is pushed in, so that the space P is 
vented to the inside of the crankcase with the result that the spring dis¬ 
engages the clutch. For the high-gear ratio, the control valve is pulled 
out, admitting oil pressure to the space P, thus engaging the clutch. 
This results in giving a high speed of rotation, as explained below. The 
roller-clutch unit that permits the two speeds of rotation is shown in 
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Fig. 74. When the cam J is turned in a counterclockwise direction, the 
flats or small inclined planes on this cam cause the rollers to be pushed 
outward and become firmly wedged between the cam and the outer race, 
locking the two parts together. When the cam is turned in a clockwise 
direction, the space between the outer race and the cam flats becomes 
greater, freeing the rollers and allowing the cam to turn. This unit is 
identical in principle to the automotive type of freewheeling unit. 



Fig. 72.—Wright two-speed drive (low gear). 


The rest of the mechanism (see Figs. 72 and 73) consists of a large 
intermediate gear C (which drives the impeller shaft) into which is cut 
or fitted an internal gear X . Gear C runs in a bearing on the shaft A 
and is driven by the planetary pinions B , which, in turn, are driven by 
the gear cut on shaft A. The crankshaft-driven gear G meshes with the 
small intermediate gear F, the shaft of which is splined at both ends. 
On the rear end of this shaft is splined the outer race H of the roller clutch, 
and at the other end is splined DE, the planetary gear carrier. The 
internal race of the roller clutch is connected to the friction clutch N, and 
the rollers K act as the engaging medium between H and J, 
























Fia 74 . 
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When the clutch is engaged in the low ratio, as illustrated in Fig. 72, 
the high-ratio friction clutch N is released, and the reaction on the sun 
gear in the planetary system causes the intermediate shaft A to rotate 
faster than the small intermediate gear F , causing the cam J in the roller- 
dutch unit to wedge the 10 rollers K between the flats on the cam and 
the outer race H of the roller-clutch unit. This locks all the rotating 
parts in the assembly into the equhalent of one solid compound gear, 
and the drive is then exactly like that of a single-speed supercharger of 
Fig. 68. 





Fig. 75. 

When engaged in the high ratio, as shown in Fig. 73, the tailshaft 
gear G drives a small intermediate gear F. The high-ratio friction 
clutch, consisting of piston P, friction disks N , steel plates O, and housing 
L, holds stationary the intermediate shaft A , with the integral sun gear A. 
The planetary gear carrier DE , splined to the propeller end of the small 
intermediate gear F, with its four pinions B, then drives the large inter¬ 
mediate gear C at a speed of 1.4 times that of the small gear F, with an 
over-all ratio of 10:1. 

An examination of Fig. 75 will show why this gear system locks the 
roller clutch in the low ratio. The gear train shown in the left-hand part 
of the view is engaged in the low ratio. Under these conditions, the 
impeller load on the internal gear R 2 tends to hold it stationary. The 
driving member is the carrier C 2 supporting the pinions with integral 
trunnions T 2 . The velocity vector F s represents the velocity of the 
trunnions TV This tends to impart a velocity V a to the sun gear <S 2 , 
i.e. } the direction of the sun gear S 2 is counterclockwise with respect to 
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the carrier C 2 , but the roller clutch will not allow the sun gear to rotate 
in this direction. Hence the carrier C 2 is also prevented from rotation 
in this direction, and it follows that it results in securely locking the sun 



gear and carrier together. The high-ratio operation is illustrated in 
the right-hand part of this diagram. In this case, the sun gear 81 is 
held stationary by the high-ratio clutch. The velocity vector Vi repre- 
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sents the movement of the trunnion Ti supported by the carrier C\. 
The pinions P x then tend to drive the internal gear Ri at the velocity 
represented by V% In this diagram, the direction of rotation of the 
carrier is anticlockwise relative to the sun gear. The sun gear is held 
stationary by the clutch; hence the carrier and thus the attached outer 
race of the clutch rotate anticlockwise, a direction permitted by the clutch. 

It follows that, in this position, the drive is from gear G to F, then 
through the carrier direct to gear C, meshing with the impeller shaft. 
The roller-clutch type of drive will shift from low to high ratio in 0.3 
sec and from high to low in 0.7 sec. The maximum power transmitted 
by these drives is 125 hp in low ratio and 190 hp in high ratio. The unit 
is less than 6 in. in diameter and weighs only 15 lb for the complete drive. 

7. Rolls-Royce Two-speed Supercharger.—The Rolls-Royce Merlin 
two-speed drive is shown in Fig. 76. This drive is furnished in ratios 
of 6.39:1 in low and 8.75:1 in high or 8.15:1 in low and 9.49:1 in high. 

It has three clutch units equally disposed about the central driving 
gear on shaft 21 and the low and high gears on the impeller shaft. One 
of these, the upper one, is used for low ratio only, and the two lower ones 
are used for high ratio only. These clutches are of the semicentrifugal 
type similar to those in automotive use. The actuating force is furnished 
by the springs 2 and the centrifugal weights 27. The clutch is disen¬ 
gaged by the thrust bearing 12 operated by the forked levers 11 for 
the low ratio and 16 and 17 for the high ratio. The levers are held pi the 
disengaged position by cam 8 for low ratio, and 15 for high ratio. The 
camshaft is actuated by a hydraulic piston 6 through link 23 and lever 9. 
The operating pressure for the piston is supplied by the engine scaveng¬ 
ing pump and controlled by valve 5. Except when the piston is moving 
from one extreme to the other, part of the scavenging oil is circulating 
through the cylinder, entering through passage 25 or its equivalent on the 
other end, and leaving through ports 26. 

8. Junkers Jumo 221A Two-speed Drive.—The Jumo 211A super¬ 
charger is shown in Fig. 77. The barrel throttle on the outlet and 
the spout-type impeller are interesting. Figure 78 is an assembly of the 
two-speed drive. The large bevel gear, on the crankshaft, drives the 
small bevel on the lay shaft. In the low ratio (7.95:1), the lay shaft is 
connected to the 85-tooth spur gear by roller clutch A. The 85-tooth 
gear meshes with the 23-tooth pinion on the final drive shaft. This shaft 
is coupled to the impeller shaft by centrifugal friction coupling B. In 
the high ratio, the larger intermediate gear is coupled to the driving 
lay shaft by a friction clutch of the Ortlinghaus type, commonly used 
in industrial applications in Germany. The large intermediate gear 
drives the 17-tooth pinion at 11.375 times the engine speed. The dis- 
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Fio. 78 —Junkers 211A two-speed drive. 
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tinguishing feature of the Ortlinghaus clutch is the method of applying 
pressure to the clutch plates. A sleeve, tapered on the inside, is moved 
axially over three levers that come in contact with the movable clutch 
plate. In this case, the axial movement of the sleeve is caused by a 
rotary motion of another concentric sleeve having helical splines on the 
outside diameter. Other major parts in this view are the driven bevel 
lay shaft gear 1, the lay shaft 2, the roller clutch 3, the low-ratio inter- 


Adjusting screw' 



rain 
passage 

Altitude 
control !5 


To byshaft bearing 
Crestriction) 

Manual control valve 22 


Shown engaged in high ratio 

Fig. 79.—Junkers 211A two-speed control valve. 


mediate gear 4, the driven shaft with the low-ratio driven gear 5, and the 
high-ratio driven gear 11, the centrifugal friction coupling B , the friction 
clutch driven and driving members 9, a driving disk 8, and adjacent 
driven disk, and high-ratio intermediate gear 10. 

The control valve for the Junkers tw r o-speed drive is shown in Fig. 
79. The mechanism incorporates a barometric capsule that prevents 
operation in high ratio at altitudes below 10,000 ft. The manual con¬ 
trol valve 22 determines the position of the spring and hydraulically 
operated valve 1. This valve supplies oil to the servo vane that actuates 
the two-speed shifting mechanism. 

There is a constant supply of oil pressure to the central annular groove 
in valve 1 through oil passage 5. This oil bleeds through the radial holes 
in the valve and around the spiral passage formed by the threads on the 
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plug 10, to the clearance space at the bottom of the cylinder. This space 
is drained by two valves, an automatic one 18 operated by the altitude 
capsule 13, and a manual control valve 22. If either of these valves is 
open, the oil drains down into the crankcase, and the spring 26 holds the 
valve 1 in the low-ratio position. In this position, the oil pressure from 
passage 5 is valved to passage 7, leading to the low-ratio side of the servo 
vane. But, if both the manual and barometrically operated valves are 
closed, the oil bleeding through the spiral passage builds up pressure in 



the cylinder and forces valve 1 to the upper position, as shown in the 
diagram. In this position, the oil from passage 5 is valved to passage 6 
and the high-ratio side of the servo vane. The manual control valve 
allows the oil pressure built up in the control-valve cylinder to be applied 
to the lay-shaft, bearings, augmenting their lubrication. Detents pre¬ 
vent hunting of the valve. 

If the manual control valve is shifted to the high-ratio position at 
altitudes below 10,000 ft, the oil in the cylinder drains out through pas¬ 
sage 19 past valve 18, and through passage 23 to the crankcase, and the 
main valve 1 remains in the low-ratio position. 
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9. Pratt & Whitney Two-speed Drive, —Pratt & Whitney uses two 
parallel clutch units to drive the supercharger impeller in order to reduce 
the size of the gears (Fig. 80). Each unit is mounted on an intermediate 
shaft running at slightly less than three times engine speed. The low- 
ratio and high-ratio intermediate spur gears are coupled to the shaft 
by rotating hydraulically actuated cone clutches. To decrease the load 
on the clutches during engagement, a fluid coupling is connected to the 
high-ratio intermediate gear to accelerate the driven members of the 
cone clutches to a speed between the high- and low-ratio speeds. After 
the cone clutches are engaged, the control valve cuts off the supply of oil 
to the fluid coupling. 

A dashpot in the selector-valve unit prevents engagement of the cone 
clutches until after the accelerator has been engaged a predetermined 
period of time. This time is fixed by an orifice in a dashpot piston. For 
the return from the high- or low-ratio positions to neutral position, two 
single-direction oil relief valves permit the valve to be moved rapidly 
without hindrance by the orifice. A thermostat is incorporated in the 
selector valve to maintain a uniform oil temperature and consistent 
engaging speeds. For further details of some of these drives, the article 
from which most of the above data were obtained should be consulted.* 

10. Variable-speed Supercharger. —It is apparent, from what has 
been said regarding the fixed-ratio gear-driven supercharger, that below 
the critical altitude at constant engine speed there is a loss of power, since 
the supercharger is being driven at the same speed as at the critical alti¬ 
tude, thus delivering a higher pressure than the engine is capable of 
withstanding. As a result, the engine throttle must be partly closed, 
to reduce the manifold pressure to the desired value. This lowers only 
the inlet pressure, and the ratio of inlet to exit remains practically the 
same for a given tip speed; thus the work done per pound of air remains 
constant, and a loss of net power output results. Furthermore, the 
temperature of delivery is higher than would result if the actual pressure 
ratio desired could be obtained with full throttle and lower tip speed 
when operating below the critical. This again results in a loss of 
power. 

It follows that a supercharger fitted with an impeller capable of oper¬ 
ating at varying tip speed for a constant engine speed would be a dis¬ 
tinct advantage. Below the critical altitude, the speed ratio would be 
changed to give the desired manifold pressure without throttling, thus 
absorbing the least amount of work per pound of air. 

One form of variable-«peed device is that provided by a hydraulic 
coupling in which varying degrees of slip between the driving and the 

* Kincaid, F.M., Jr., Two-speed Supercharger Drives, SAE March, 1942. 



Fig. 81 . 


shaft to vary the speed of the impeller. The primary step-up gears are 
shown in Fig. 81. The large spring-coupled gear on the crankshaft 
drives the pinion on the lay shaft at 4.15 times engine speed. The bevel 
on the lay shaft drives a smaller bevel (not shown) on the final drive 
shaft with an over-all ratio of 10.38:1. A fluid coupling between the 
final drive gear and the impeller reduces this ratio to something between 
7.3:1 and 10.2:1, depending on load, engine rpm, altitude, and oil 
temperature. 

The parts of the fluid coupling are illustrated in Fig. 82. A cross 
section of the fluid coupling in combination with a diagram of the com¬ 
plete system is given in Fig. 83. The final drive shaft A has splined on 
it the driving runner C of the fluid coupling. The driven member is 
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the housing D and its cover E Two each of the die-cast parts X, con¬ 
taining 18 fluid cells each, are pressed into both the driving and the driven 
members. Four of the annular rings N are riveted in place to provide 
a core about which the oil circulates These rings are supported radially 
by notches in the vanes that form the walls of the fluid cells The 
operating principle is identical to the fluid flywheels now being produced 
m the automotive field 


Runner or driven shaft H 


rjlmpetier or rotor & 



, musing nut 

Beating retainer 


Runner 


Drive shaft & 




Even under the most favorable conditions, there is some slip in the 
coupling Therefore, at point J in the driving member, the oil pressure 
due to centrifugal force is greater than the oil pressure at point K m the 
slower moving driven member. Oil then flows from point J in the driv¬ 
ing member to point K in the driven member, pushing oil at point L 
in the driven member back into the driving member at point ilf, and 
continues to circulate about the core N from one member to the other. 
While in the driving runner, the oil picks up considerable angular momen¬ 
tum. This energy is transferred to the driven member by the impact 
of the oil on the vanes of the fluid cells. 

The slip of this coupling, for any given load and engine speed, is 
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determined by the quantity and temperature of the oil in the coupling. 
Two pumps supply oil to the coupling. Pump P operates at full capacity 
at all times. At rated power and speed, the coupling will drive the 
impeller at a ratio of about 7.3:1 with oil from this pump only. For 
higher ratios, additional oil is supplied by the second pump Q. A 



Fig. S3. —Mercedes-Benz variable-speed hydraulic drive. 


balanced plunger valve R actuated by an aneroid capsule S regulates 
this flow, allowing the full capacity of the pump Q to enter the coupling 
for the maximum ratio of 10.2:1, for operation at high altitude, and 
diminishing it for lower ratios, to zero at 7.3:1, for operation at low 
altitudes. Figure 84 illustrates the oil-pump unit and altitude control. 

A jet H (Fig. 83) allows the oil to flow out of the coupling continuously, 
permitting the oil level, and hence the ratio, to be controlled by regulation 
of the rate of oil flow into the coupling. Another important function 
of this flow is to cool the coupling. 

Probably the greatest disadvantage of this drive Is the large amount 
of heat wasted in the churning of the oil in the coupling. The curves in 
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—— QB 601 engine supercharger fluid coupling characteristics at 2400engine rpm 
• Coupling performance af take-off or 2500 engine rpm 

Fig. 85 
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Fig. 85 give the characteristics of this drive. At take-off power, the 
heat rejection of the oil approaches 1000 Btu per min. As the slip 
decreases with altitude, the heat rejection diminishes rapidly to a negligible 
value. This factor would not be serious in a pursuit-plane installation, 
for the ship would usually take off with a cold engine and rapidly climb 
to an altitude requiring operation in the high-ratio minimum-slip condi¬ 
tion. The high heat rejection to the oil while climbing would aid in 
warming the oil system. However, the performance of a transport or 
patrol plane, flying at altitudes of 5,000 ft or less, might be seriously 
affected by an oil-cooler installation of sufficient capacity for an engine 
with this type of drive. 

Power Loss .—The power loss due to the slip can readily be estimated 
as follows: The torque T lb-ft required to drive the supercharger for 
any given delivery and altitude can be calculated by the formulas of 
Chap. V. This torque, applied to the impeller via the coupling, has an 
equal and opposite reaction on the engine-driven member of the hydraulic 
unit. Thus, if N and n are the rpm of the driving and driven shafts, 
respectively, then 


Hp transmitted to impeller 
Hp supplied by driving shaft 


2tt nT 
33,000 
2wNT 
33,000 


The difference represents the loss in the coupling that must be carried 
off in the form of heat in the oil. 


Heat to oil 


2t tT 
33,000 


(N - n) X 42.4 


Btu per min 


12. Performance Curve.—Investigation of the magnitude of the 
above loss for any given application indicates that the loss of power due 
to slip is less than the saving resulting from the reduced impeller speed 
at low altitudes. As a result, there is a possible increase in power output 
of the engine over that of the gear drive, for a given engine displacement 
and speed at sea level. In addition, there is a corresponding gradually 
reducing improvement in power at all altitudes almost up to the critical. 

If two superchargers were employed, (1) gear-driven and (2) fluid¬ 
coupling-driven, each designed for the same critical altitude, the net 
output at the critical for (1) would be slightly greater than (2) because 
a slight slippage between the driving and driven member occurs even when 
the coupling is full of oil giving full speed, thus wasting a little power. 
However, this is small and can be neglected in a rough comparison. 
Thus the horsepower outputs for the two cases considered would, for 
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the same ratio of engine speed to impeller speed, be represented by the 
performance curves GFE and RST of Fig. 86. 

It is seen that, between sea level and the critical altitude, an improve¬ 
ment of power output results. Above the critical, the outputs are 
almost identical. The maximum altitude for this type of drive with a 
single impeller is limited by the characteristics of the impeller; thus it 



corresponds to that of the single-speed machine. However, the loss of 
power at sea level is minimized, and thus it is possible to design for a some¬ 
what higher critical altitude than the fixed-single-gear machine. Hence 
an altitude of some 10,000 to 15,000 ft approximately is possible with this 
device. 

The variable coupling is somewhat more complicated than the straight 
gear drive and is slightly heavier. However, if it is fitted to the impeller 
shaft, with its high speed of rotation of some 20,000 rpm, the size and 
weight are quite moderate, and the advantages exceed the disadvantages. 

13. Two-stage Supercharger with Variable Speed and Aftercooler.— 
This combination can be represented diagrammatically, as in Fig. 87. 
It consists of an impeller A, direct driven from the engine through suit¬ 
able gears that are in operation at all times. In addition, a second 
impeller B driven by a hydraulic coupling at varying speed takes air 
from the atmosphere, compresses it a varying amount, depending on 
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the coupling setting, and delivers it to impeller A, which completes the 
compression to the desired manifold pressure. If the critical altitude 
for such a machine is high (the reason for its use), it follows that the 
compression ratio and thus the delivery temperature is high. This high 
temperature is undesirable, since it results in a general increase in tem¬ 
perature throughout the cycle, bringing on detonation. Thus it is usual 
to fit two-stage machines with aftercoolers, as shown, to remove as much 
heat as possible from the charge at the expense of a moderate increase 
in weight and resistance. The reduction of charge temperature permits 



an increase in the density in the manifold and the resulting power out¬ 
put, without inducing detonation. The result of this combination is a 
performance curve similar to that of the variable-speed drive, except 
that, because of the use of the two stages, the critical altitude is increased 
to some 20,000 to 25,000 ft. 

14. Turbocompressor.— The exhaust gases from an engine contain a 
large percentage of the energy supplied in the form of fuel. Some of 
this energy can be made available by passing the gases through a turbine 
generating sufficient energy to drive the supercharger. A typical instal¬ 
lation is shown diagrammatical!y in Fig. 103. It consists of connecting 
the exhaust manifold A to a turbine B, the manifold being fitted with a 
regulator, or waste gate, E to control the quantity of exhaust passing 
through the turbine and thus its power output, which in turn regulates 
the supercharge pressure produced. The turbine drives directly a 
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single-stage supercharger <7, which delivers compressed air to an inter¬ 
cooler, where a considerable quantity of the heat of compression is 
removed. From the intercooler, the air flows through a carburetor to 
an engine-driven compressor F, giving a second stage of compression and 
delivering in turn to the engine inlet manifold. 

This combination has the following advantages: 

1. Work of compression of the turbine stage is not subtracted from 
engine output. 

2. Turbine stage is infinitely variable by regulating the gas flow 
through it; thus losses at sea level are reduced to a minimum. 

3. Moderate manifold temperature results for a high compression 
ratio. 

4. As altitude increases, for a given exhaust-manifold pressure, the 
pressure drop across the turbine increases, giving greater power output 
and higher speed and supercharge pressure. Thus, at all altitudes, the 
engine practically automatically receives the same charge weight as at 
sea level. 

As a result of this combination, the performance curve of such an 
installation is approximately as shown by HKL in Fig. 8fi. If the turbo¬ 
supercharger is in operation at sea level, the engine develops somewhat 
greater power output than a gear-driven one, since the power is supplied 
by the exhaust gases to drive the supercharger rather than being sub¬ 
tracted from the engine. However, to obtain this, some slight loss of 
engine power occurs because of the increase of back pressure on the engine 
necessary to give a pressure drop to drive the turbine. The reduction 
of power to be supplied by the engine, and transmitted to the super¬ 
chargers, more than offsets this loss; thus a net gain results. As altitude 
is gained, the power output remains substantially constant, although, 
as indicated, a slight loss does occur, as a result of the increased tempera¬ 
tures associated with the increasing compression ratio. 

In many installations, the exhaust turbo-driven supercharger does 
not operate at sea level, the maximum take-off power being obtained 
from the engine-driven supercharger only. In this case, the sea-level 
performance will be the same as that of point C, for take-off conditions 
and the maximum output for short-period operation. As the turbo comes 
into operation with altitude, the power will be represented by a curve 
parallel to HKL passing through C. 

The turbosupercharger does permit the maximum power to be obtained 
to the highest altitudes, since the pressure produced by the supercharger 
automatically increases with altitude. The limit to the critical altitude 
in this case is mainly that of obtaining a suitable design of impeller to 
operate at greater tip speeds to give higher compression ratios without 
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loss of efficiency or bursting under the high centrifugal forces produced. 
Critical altitudes well in excess of 25,000 ft can be obtained with such a 
combination. 

The turbosupercharger is not without its disadvantages. The hot 
exhaust gas must be contained under a rather high pressure, compared 
with the prevailing atmospheric conditions at say 30,000 ft. This pro¬ 
duces many complications, since the plane structure in which this rather 
bulky assembly is mounted is quite flexible. Provision must be made, 
therefore, for expansion and relative movement of the parts and pipes 
without excessive leakage. The whole plumbing system, exhaust, inter¬ 
coolers, manifolds, etc., present not only a difficult problem to solve in 
an efficient manner but also a weight and bulk increase that can easily 
exceed reasonable proportions, unless great care is exercised. Its main 
advantage is an increase in the maximum critical altitude of operation. 
Where such operation is a necessity, the gain in altitude offsets the com¬ 
plication and weight resulting from its use. 

16. Comparison of Superchargers.—It is now proposed to compare the 
performance characteristic of a given engine when fitted with super¬ 
chargers of the types discussed above. It will be assumed that a given 
basic engine is available, capable of developing some maximum indicated 
horsepower without failure when operating at its maximum speed of 
rotation. To this engine running at maximum speed will be applied 
the various types of superchargers. 

Naturally Aspirated Engine .—The engine without a charger, i.e ., 
naturally aspirated, wi]l develop some power output far below its maxi¬ 
mum capabilities. This will be considered to be 100 per cent, and the 
altitude performance of this engine is represented by AB of Fig. 86. 
The output reduces with altitude. 

Single-speed Supercharger .—In this case, two possibilities exist: (1) 
supercharge at full throttle to the maximum permissible ihp at sea level 
or (2) supercharge at full throttle to the maximum permissible ihp at 
some critical altitude. The first will give the greatest power output at 
sea level, the bhp being equal to the maximum ihp less the mechanical 
losses of the engine and the power required to drive the supercharger. 
The performance will then gradually reduce as altitude is gained, similar 
to the naturally aspirated engine. 

However, with modern design, materials, and fuels, the bhp at sea 
level should be some three times that of the naturally aspirated engine. 
The performance curve CD of Fig. 86 represents the possibilities in this 
case. It is seen that the output at high altitudes is still far short of the 
engine's capabilities. 

When the engine is fitted with an altitude supercharger, i.e., case 2, 
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the maximum bhp for the given peak ihp is developed at some critical 
altitude up to about 15,000 ft. From what has already been said, it 
follows that below this altitude it is necessary to close the throttle to 
keep the ihp from exceeding the peak allowable. At the same time, as 
sea level is approached, the back pressure and inlet air temperature 
increase, resulting in a reduced power output for a given manifold 
pressure, as indicated by curve EFG . 

The result is a reduction of sea-level horsepower, the magnitude of 
which depends on the critical altitude. For an average case, however, it 
mil amount to some 8 to 12 per cent for altitudes of about 9,000 to 12,000 
ft. 

Above the critical altitude, the power falls off proportional to the 
density ratio. Comparison of the two curves indicates a considerable 
gain in performance at altitude for a moderate reduction in sea-level 
performance. 

Two-speed Supercharger .—In this case, the maximum ihp permissible 
is still the limiting factor on engine output, but it has been seen that 
the lower the critical altitude the less the loss at sea level and, in addi¬ 
tion, the less the work absorbed by the compressor per pound of charge 
compressed. It follows that, if the low-gear ratio is designed for a 
moderate altitude, the power at sea level will increase because of reduction 
of power absorbed by the supercharger and the reduced delivery tem¬ 
perature. It also follows that the maximum bhp at the first critical 
altitude will exceed that at F for the given limiting ihp. The bhp at the 
second critical altitude of some 20,000 ft will be less than F, because of 
the increase in height, resulting from the increase of power to drive the 
supercharger. The relative power output will be represented by the 
curve MNOPQ . 

Single Impeller with Variable Speed .—In this case, with the coupling 
arranged to supply manifold pressure capable of producing the maximum 
allowable ihp at sea level, the bhp at sea level will be slightly less than 
that at (7, because of the loss of power in the hydraulic coupling, and for 
the same reason will reach, at an altitude, power slightly less than that 
at F at its critical altitude for a given design of impeller. However, 
there will be some power increase over the fixed-gear-ratio design between 
sea level and the critical, as indicated by curve RST . 

Two-stage Variable Speed .—The performance curve will be repre¬ 
sented by UVWy the main difference being an increase in the critical 
altitude, accompanied by some drop in available bhp at both sea level 
and altitude resulting from the extra power absorbed by the super¬ 
chargers. However, at high altitude increased power is available over 
that of the previous designs. 
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Two-stage, One Turbo-driven ,—With the engine-driven supercharger 
at sea level capable of operating under the conditions represented by 
point C , and no supercharging from the exhaust-driven compressor, 
maximum sea-level performance is obtained, and the power output 
begins to fall as altitude is gained. However, by keeping the exhaust- 
manifold pressure constant, a pressure difference is set up across the 
turbine wheel, and the speed of rotation increases as altitude is gained. 
Thus the compressor driven by the turbine begins to supply the engine- 
driven compressor with some boost, thus maintaining approximately 
constant ihp at all altitudes, resulting in a curve of the form HKL , 
giving very high critical altitudes accompanied by high take-off power. 
As already indicated, altitudes of 30,000 ft or more are possible with 
this type of supercharging. The curves of Fig. 86 represent to scale the 
approximate power output under the varying conditions described. 



CHAPTER VIII 

SURGING IN CENTRIFUGAL SUPERCHARGERS 


In the application of centrifugal superchaigeis to anciaft engines, 
the phenomenon of surge is usually encountered. This surging is one of 
the limiting features of this type of supercharger and is a lather violent, 
sometimes audible, air vibration that can reach sufficient magnitude that 
damage to the parts may icsult 



1 IQ 88.—Flow pattern in carbon black of a centrifugal supercharger (Pratt & Whitney 

Company.) 

In testing a supercharger, a constant speed of rotation is maintained 
at a constant delivery pressure, and the mass flow of air is varied by 
the control throttles. Under these conditions of operation, as the flow 
is reduced, a point is reached at which the pressure coefficient takes a 
rather sudden drop, as shown in Fig. 89, which is accompanied by the 
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mass vibration of the air already referred to. The drop in pressure coeffi¬ 
cient is accompanied with a rapid drop in adiabatic efficiency, so that 
the mixture is delivered at a very high temperature, and the horsepower 

absorbed by the supercharger per 
pound of air flow becomes exces¬ 
sive. In fact, conditions can be¬ 
come such that almost all the 
power supplied to the impeller is 
used up in internal losses. If a 
series of curves are plotted, for 
various impeller speeds, of de¬ 
livery pressure against flow in 
cubic feet per minute or pounds 
per minute the result will be shown 
as in Fig. 90. The curve for each 
£ Load Coefficient-Q/N Cubic Feet/Min./Rev S p ee( l en d s abruptly at some 

IG * definite value of Q at which surge 

begins. These points lie approximately along a line similar to the dotted 
one in the figure. By change of the diffuser, it is possible to vary the load 
coefficient Q/N over a fairly wide range for a given supercharger impeller, 
but in each case some definite value of Q/N is reached at which surge 
occurs. Thus this phenomenon is a function of the impeller speed and 
diffuser shape and area. 



Fig. 90. 

If, with the supercharger attached to an engine, the flow were reduced 
at any time during operation until the above conditions causing surge 
were reached, the phenomenon again would occur, and operation of the 
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engine under such conditions would be very difficult, if not impossible. 

It remains then for the designer to so select the details of the impeller 
and diffuser that, so far as can be seen, the normal engine operation under 
cruising conditions will not involve a reduction of the load coefficient to 
such a point that surging occurs. At the same time, it is necessary that 
the maximum load coefficient is not so great that the performance point 
is situated past that value of Q/N at which the rapid droop at the right- 
hand end of the curve occurs. If Q/N is beyond this droop, a very rapid 
reduction of performance for maximum load will occur, resulting from 
the low values of rj and e T . It is true that operation at the maximum 
value of Q/N may be only for short periods, at take-off or emergency 
operating conditions; thus use of a rather low value of ry under these 
conditions may be justified in order to set the cruise condition to the 
right of the surge point. If possible, the value of Q/N for normal cruising 
operation should be chosen to occur at the point wffiere the temperature- 
rise ratio €t is a maximum, thus assuring an economical condition at this 
load. 

It has been suggested that the breakdown between compression ratio 
and flow is due to stalling of the diffuser vanes, similar to an airfoil. 
This explanation does not appear to cover the observed facts, since the 
same phenomenon, to a minor degree, is encountered in centrifugal 
superchargers having vaneless diffusers. 

It is true that a compressor of the vaneless-diffuser type is not sub¬ 
jected nearly so much to this surging condition as is the one with a dif¬ 
fuser; in fact in some cases it is rather difficult to induce surge without a 
diffuser. This is one of the many advantages of this type of machine; 
and, with the wider range of Q/N now being demanded by engines having 
variable-pitch propellers, it is possible that greater attention should be 
given the vaneless diffuser. With further development, its defects, 
which are slightly lower maximum efficiency and somewhat larger out¬ 
side diameter, might be overcome. It does have higher efficiency than 
the ordinary type of vaned diffuser at low and high values of Q/N. With 
a variable-pitch propeller, it is possible to keep the engine and compressor 
speed at the most desirable values, by changing pitch and adjusting air 
flow for the power output required and thus to secure greater economy 
in fuel than would otherwise be the case, this involving a wider range of 
Q/N. 

It is believed that the surge is an action somewhat similar to that of 
a centxifugal pump fitted with diffuser vanes. Photographs of the flow 
of water in such pumps can readily be obtained and have indicated that 
the diffuser vanes do not run full of water at any time but that the water 
leaving the impeller travels as a layer. This layer of water is in contact 
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with the diffuser vane on one side, the rest of the passage being filled 
with turbulent water (indicating the fallacy of applying the Bernoulli's 
equation to this passage). As the quantity of flow is decreased, the 
sheet of water flowing along in contact with the diffuser gets thinner and 
thinner until the turbulent layer permits the high pressure in the delivery 
volute to cause reversed flow, as indicated in Fig. 91. Since P 2 > P 1 , 



Fig. 91. 


water will tend to flow back through the diffuser, if there is a passage. 
This passage is probably provided by the reduction of flow increasing 
the available area in the passage to a value greater than the area required 
by the streamlined flow plus its accompanying turbulent layer. When 
this condition occurs, the pressure will tend to build up at the diffuser 
entrance to the value P 2 , and flow will cease, since this is greater than the 
pressure developed by the impeller at its exit. It follows that flow will 
then begin again, and the process will be repeated. In a pump, this 
condition does not become so violent or occur so generally as does similar 
surge in a centrifugal air compressor, but no reason is seen why the same 
process cannot occur when pumping air. 

Again the characteristic curve of a centrifugal pump, pressure against 
quantity, for an impeller with radial vanes is shown in Fig. 92. There 
is first an increase of pressure as Q increases followed by a reduction of 



SURGING IN CENTRIFUGAL SUPERCHARGERS 


171 


pressure in the manner indicated. It is seen that this curve is almost 
identical to that given by the centrifugal supercharger, which also has 
radial blades, except that in the latter surge develops at some point 
such as A near the point of maximum pressure rise. As mentioned above, 
back flow of the water does occur, and this may actually begin at about A . 
The large inertia effect of the water probably prevents the surge from 
developing to the same degree as with air. However, when pumping air, 
the inertia effect is quite small. Thus, when operating at a point such 
as A, if a slight increase of pressure in the system on the delivery side, 
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Fig 92. 


a small drop in tip speed of the impeller, or even a slight reduction in the 
inlet pipe pressure should occur, the result is a reduction in rate of flow 
accompanied by a reduction of delivery pressure to some point such as B. 
Some volume of pipe, etc., always exists on the delivery side of the com¬ 
pressor that is filled with gas at pressure A ; thus this air at high pressure 
begins to back flow into the impeller, the rate of delivery Q suddenly 
becomes zero, and the pressure of delivery falls to C. When the air con¬ 
tained in the volume on the delivery side has relieved itself down to 
pressure C, the delivery characteristic immediately becomes point C' at 
pressure C with a rate of flow Qc' which is in excess of Qa, the actual rate 
at which air is being used. If follows that the pressure builds up to 
point A again; and, since this point is unstable, the process repeats. 

Obviously, rapid pulsation of the air back and forth through the dif¬ 
fuser and impeller is accompanied by severe losses. As a result, the 
pressure of delivery tends to follow the dotted curve rather than the 
full Hire, If this theory is true, the volume of the connected pipes and 
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passages should have considerable influence upon the result, and this is 
verified in practice. 

Again, going to the centrifugal pump for evidence, it has been observed 
that such a pump without guide vanes does not show the flow-back 
condition mentioned for the case with the vanes, but the whole mass of 
water is kept in rotation (particularly if the casing is of the concentric 
type, since there is nothing to prevent rotation). As a result, there is 
no passage with stagnant or turbulent water through which the pressure 
can break to the suction side. Thus an air compressor without a diffuser 
could be expected to be free from surge, or at least to exhibit this char- 
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acter to a minor degree. Here again experiments with such a compressor 
indicate that it is very difficult to induce surging, particularly if the vol¬ 
ume of gas on the delivery side is small, and the machine will run steadily 
with almost zero delivery. Thus, where a wide range of Q/N is required, 
a vaneless diffuser, perhaps, offers the best solution. However, this type' 
for a given size appears to have a somewhat reduced maximum adiabatic 
efficiency and pressure coefficient. If a somewhat larger casing can be 
tolerated, it is claimed that an efficiency equal to that of a compressor 
with diffuser vanes can be achieved, and the surge eliminated as well. 

The vaneless diffuser also results in postponing, to some extent, the 
rather rapid drop in efficiency and pressure coefficient as Q/N increases, 
with the result that, at high values of Q/N } the vaneless diffuser may 
have greater efficiency than one with vanes. Hence, in certain instance# 
when frequent and large changes in the value of Q/N are demanded, tbs| ; 
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selection of a supercharger of the vaneless type is justified, the over-all 
performance being superior. 

Figure 93* illustrates these conditions. However, in the case shown, 
the loss of efficiency for the vaneless diffuser was rather great. This 
was due to the use of the same parts in the two cases; the change con¬ 
sisted of machining out the vanes. This, of course, produced a rather 
unsatisfactory vaneless machine. A vaneless supercharger, the first one 
designed by the Elliott Company for engine use, employed by the author 
about 1933, gave an adiabatic efficiency, including driving-gear losses, 
of 68 per cent against about 70 per cent for the best of the diffuser type 
at that date. Since no attempt was made to improve on this result and 
to obtain the maximum performance possible, the result indicates that 
the compressor of this type should not be neglected to the degree that it 
has been. In addition, this machine was employed with a very small 
volume between the impeller and engine, and as a result no indication 
whatever of any surge occurred at any time during its tests. 

*Bhooke, G. N., Surging in Centrifugal Superchargers, Report and Memorandum 
No. 1503, Aeronautical Research Committee, Great Britain. 



CHAPTER TX 

TESTING SUPERCHARGERS 

In order to obtain an accurate knowledge of the performance charac¬ 
teristics of superchargers, it has proved necessary, as is the case with 
most mechanical devices, to develop a technique and method of testing. 
The data required in the case under consideration are weight or volume 
of air delivered under all operating conditions, rpm, pressure and tem¬ 
perature of suction and delivery, and horsepower required to drive the 
supercharger. 

Most of the above data represent information with which the engineer 
is quite familiar; thus the methods employed for their measurements are 
well known, and at first sight the problem appears to be relatively simple. 
However, in actual operation, unless certain requirements arc fulfilled, 
tests by different laboratories will seldom agree. 

Of first importance is the installation of an acceptable test setup. A 
supercharger test stand should include: 

1. An air-measuring device at the entrance or exit of the system, pref¬ 
erably at both. 

2. A driving mechanism that permits accurate speed control. The 
preferred drive is an electric dynamometer which, at the same time, pro¬ 
vides the measurement of the horsepower input. 

3. Pressure-measuring devices. The pressures are generally within 
the range of water or mercury manometers. These give, perhaps, the 
best accuracy for the purpose in view and at the same time are easily 
installed on a common panel and piped to the point where the pressure is 
to be obtained, thus making it easy for both reading and operation. 

4. Temperature-recording apparatus. The temperature is, in gen¬ 
eral, obtained by a series of thermocouples connected to a compensated 
potentiometer. This instrument is also located conveniently at the 
control station. 

5. Control valves (usually butterfly throttles) located in the inlet and 
exit to the supercharger, to permit the control of both the inlet and out¬ 
let pressure. 

In addition, of course, there is the supercharger. This unit is usually 
assembled in its regular accessory housing, complete with all its drive 
gears as if it were to be mounted on the engine crankcase. A stand is 
made to attach this unit in a convenient manner to the driving dynamom- 
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eter. In the case of a radial engine, it is fairly convenient to use an 
engine crankcase on which to mount the supercharger, coupling it to the 
test stand in the regular manner for ordinary engine tests. Of course, 
when an in-line engine is under consideration, the crankcase could also 
be employed to carry the supercharger, though in this case the result is a 
rather bulky setup. When production test stands are under considera¬ 
tion, it will generally be found best to design a special setup to which 
the supercharger alone can be mounted 

Of the various factors to be measured, the rpm and hoisepower 
present no difficulties, and the regular engine devices suffice for the 
determination of these factors. The reader is referred to any good te\t 
on engine testing for the accepted instruments tor these purposes and 
the method of operating them. The remaining factors will be given 
special consideration. 

1. Air Measurement. —As already indicated, air-measuring devices 
are preferably located at both the inlet and exit from the system. The 
reason for this duplication is that, during a test run, the suction pipe is 
under pressures below atmospheric for a large percentage of the time, 
and it is relatively easy for serious air leaks to occur, which can affect 
the observations. Leakage from the piessure side, before the measuring 
device is reached, can be readily ascertained and corrected. However, 
leakage on the suction side is the most difficult to locate. The use ol 
air-measuring devices at both inlet and exit from the system permit a 
comparison of the flows at these two points, thus checking the airtightness 
of the entire system. 

The method employed for obtaining the air flow is usually by some 
form of orifice through which the air flows on its way to or from the 
supercharger. The size of the orifice is adjusted so that a readable pres¬ 
sure difference exists across the orifice as a result of the flow, the quantity 
flowing being a function of this pressure difference. 

Various forms of orifices are in general use, such as (1) a rounded 
entrance, (2) a square-edged orifice in a thin plate, and (3) a smooth- 
approach orifice built into the form of a venturi meter. For a considera¬ 
tion of these various methods of measurement, the reader is referred to a 
publication of the American Society of Mechanical Engineers entitled, 
“Fluid Meters,” from which an idea of the accuracy of measurement and 
the principles to be employed, as well as the method of calculating the 
results can be obtained. 

Where calibration, etc., is not readily performed, it is perhaps best 
to use the nozzle with a rounded entrance connected into a large reservoir 
in the manner shown in Fig. 94. The nozzle is usually screwed or 
bayonet-jointed to the vessel, to permit ready interchangeability during 
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the test so that nozzles to suit all air flows can be employed. This type 
of nozzle has a coefficient almost equal to unity; hence errors resulting 
from lack of calibration are very small. The temperature before and 
after the nozzle and the pressure difference across the nozzle are obtained 
as shown in the diagram. 

The air flow to the nozzle, from the atmosphere, is streamlined with 
an absence of turbulence, etc., and the resulting data obtained are of a 

high degree of accuracy. In most 
practical applications, it is neces¬ 
sary to connect this measuring 
device to the supercharger by 
means of pipes, often involving 
bends, etc.; and, in addition, a 
throttle valve must be placed 
between the air-measuring device 
and the supercharger to permit 
altitude pressures to be simulated 
at the compressor inlet. These 
disturbing elements, producing 
turbulence and nonuniformity of flow, result in considerable difficulty in 
subsequent measurement such as pressure and temperature. 

2. Pressure. —Between' the air-measuring device and the super¬ 
charger is placed the throttle valve, producing a violent turbulence when 
the valve is partly closed. In addition, there is some small pressure drop 
due to pipe friction, etc. It thus becomes necessary to obtain the pres¬ 
sure of the gas just before it enters the supercharger. Such measure¬ 
ments in a gas possessing turbulence are very inaccurate, and almost any 
value desired can be obtained depending upon the position in the gas at 
which the measurement is obtained. It thus becomes necessary to 
straighten out the flow of the gas at the points where such measurements 
are taken. In general, a long, straight, smooth-walled pipe will permit 
the gas to assume streamlined flow, provided that it is long enough. 
Thus it is general practice to place a straight pipe of uniform bore just 
before the compressor inlet. This pipe should be from thirteen to six¬ 
teen times as long as its diameter. The shorter length could be employed 
when the pipe supplies the air direct to the impeller entrance without any 
turns, bends, etc., between the pipe and compressor, and the longer 
length should be employed where an elbow exists at the supercharger 
inlet, as is generally the case. In addition, if the supercharger inlet is 
other than circular, as is usually the case, the pipe ahead of the inlet is 
usually kept the same shape as the inlet flange for the required sixteen 
times the least crosswise dimension of the inlet elbow. 
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In this straight length must be located the pressure-measuring device, 
far enough from the inlet to permit smooth flow to exist, yet far enough 
from the exit to prevent the effect of any disturbance at that end from 
reaching back to the section whore the instruments are located. In 
general, the position should be located at eleven to twelve times the least 
dimension from the inlet end of the pipe. 

As already mentioned, the pressure device is usually a mercury 
manometer; hence a flexible connection is usually made from the inside 
of the pipe to the U tube at the control panel. Now two pressures 
exist in a pipe conveying gas at 
high velocity, (1) the total pressure 
and (2) the static pressure. The 
former is the static pressure in the 
pipe plus the head due to the 
velocity and is generally measured 
by means of an open-mouthed 
tube (so-called pitot tube) with the 
open end pointing upstream in the 
direction of flow. The static pres¬ 
sure is obtained from a pipe open¬ 
ing up into the air duct at right 
angles to the flow (see Fig. 95). 

A combined total- and static-pres¬ 
sure pitot tube can be employed 
for the purpose. However, de¬ 
spite all precautions, it is still dif¬ 
ficult to obtain perfectly uniform 
conditions across the section of the 
duct, and more than one set of 
pressure measurements at any one 
section should be taken when conditions permit. The pitot tubes or their 
equivalent should be located about one-third of the least cross dimension 
in from the outer wall in at least two different points in one plane, if at all 
possible. If the static pressure is obtained by drilling a hole through the 
pipe and fitting a connection, care must be taken that the connection is 
flush with the inside of the pipe and that no burrs are attached to the 
inside of the hole. 

The diameter of the tube forming the manometer should also be of 
reasonable size to limit the errors due to surface tension; a tube of at 
least in. OD iB recommended. On the discharge side of the super¬ 
charger, a pipe similar to that on the inlet should be provided, with a 
length of at least 12 to 16 diameters, the recording devices being located 
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11 to 14 diameters from the inlet end. This pipe should be connected to 
the supercharger outlet in some convenient manner. In the case of a 
radial engine, it is not necessary to connect to all the casing outlets, but 
a sufficient number should be employed, arranged symmetrically so that 
the air flow is taken from the circumference of the casing in uniform 
manner. 

If the pipes at the individual outlets from the casing of a radial engine 
are made long enough, i.e. } 12 to 10 diameters, these may be employed 
as the straightening device, when pressure and temperature measurements 
may be made in these pipes, as outlined above. These outlets are then 
connected to a low-resistance common duct fitted with a throttle valve 
to regulate the discharge pressure. 

In the case of a single- or double-outlet supercharger, as employed 
for in-line or V engines, a simple direct connection to the long discharge 
pipe with the throttle at the exit can be employed, avoiding excessive 
and unnecessary bends as far as possible. 

If a second air-measuring device is employed, it may be located at 
the exit after the throttle. However, a large capacity should be placed 
between the throttle and the orifice to damp out turbulence and any 
fluctuations that may exist, before the measuring orifice is reached. 

3. Temperature Measurement. —Temperatures can be recorded with 
mercury thermometers, provided that they are located at the correct 
positions. However, the mortality rate of such instruments in a factory 
is rather high, and in general thermocouples give greater satisfaction. 
In this case, certain precautions are necessary: 

1. The couple wire should be of small-diameter 30 to 34 Brown and 
Sharpe gauge of the iron-constantan or copper-constantan type. The 
small wire prevents loss of heat by conduction along the wire and thus 
permits the junction to reach the actual temperature of the gas. 

2. The couple should be inserted into the duct in the same plane as 
the pressure connections. 

3. The junction of the couple should also be located about one-third 
of the distance from the outside wall across the duct. 

4. To locate the junction in the above position, the wires are usually 
carried in a small metal sleeve inserted through the wail. This sleeve 
should be kept as small as possible (about to in.) in order to create 
little disturbance in the air flow. 

5. Since thermocouple wire varies considerably, it is preferable that 
each batch should be calibrated. 

6. The potentiometer to which the couples are connected should be 
of the compensated type. 

As in the case of the pressure measurements, it is usual to place at 
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least two thermocouples at each section where measurements are being 
made. Thus at such a point there are, usually, two pitot tubes directly 
opposite each other and two thermocouples also opposite each other but 
displaced about 90 deg from the pressure tubes. Temperatures are also 
taken in the delivery pipe in a similar manner. 

In addition to the above measurements, both the pressure and tem¬ 
perature of the gas are recorded through the regular connections provided 
in the supercharger casing at inlet and delivery for the engine assembly. 
The readings of these last two may not correspond exactly with those in 
the pipes described above. They will, however, give values correspond¬ 
ing to those which will be obtained when the engine is installed in the 
plane, from which the actual performance is judged. Thus the data to 
be obtained during a test can be summarized as follows: 

1. Air measurement. 

a. Corrected barometric pressure. 

b. Pressure drop across orifice 

c. Temperature of air entering tiie orifice. 

d. Wet- and dry-bulb readings. 

2. Pressures. 

a . At least one total and one static presMin 1 , measured m tin 1 same plane in ihc 
duct on the inlet side of the compressor. 

b. One static pressure from the regular connection provided by the manufacturer 
on the compressor casing. 

c. At least one total and one static pressure (preferably more) from the discharge 
duct in the same plane and located as outlined above. 

d. One static pressure on the delivery side at the* connection provided on tin* 
engine casing. 

3. Temperatures. 

a. Two temperatures in the same plane from the inlet duet. 

b. Two temperatures in the same plane from the outlet duet. 

4. Supercharger speed in rpm. 

5. Supercharger horsepower if driven by dynamometer. 

During the recording of one set of the above data, the speed of opera¬ 
tion should be maintained constant. A second series is then run at a 
different speed. Thus a complete test will consist of data taken at a 
series of definite tip speeds of the impeller, such as 700, 800, or 900 fps, 
until the entire range of operation has been covered. 

For each constant tip speed, the volume flow is varied by the throttles 
from full flow to the point where surging occurs, the delivery pressure 
being held constant during the run. After each change of setting, a short 
wait should be made to allow conditions to stabilize before the data are 
recorded. 

It is convenient to tabulate the data taken at constant speed in some 
form, such as that shown by the data sheets in Tables I to IV. 
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The first three record the observed data, and the last gives the data cal¬ 
culated from the observations. 

Table 1 —Supercharger Test Sheet Pressure Data* 

Proj. No_ Date- 

Lab. Test No_ Observer- 

No___ T\pe__ _ Imp._Sheet No_of_ 

Object:_ _-____ 

Barometer start_in Hg, finish__in Hg 

Ambient temp., WBIDB, start_°F, finish_°F 

Nozzles: Inlet—No __cha „ _; discharge—No_dia_ 

Calibration date: Tachometer_Test completed.__Nozzles_ 



* Couitesj of Continental Motors Coiporation. 


As shown in Chap. V, the performance of a supercharger can be 
determined from the temperature conditions at inlet and outlet. Thus 
it is necessary that heat loss from the large area of the air duct on the 
outlet side of the compressor be eliminated, if accurate results are to be 
obtained. In a highly supercharged engine, the outlet temperature may 
reach as high as 300 to 350°F; and, under such temperature conditions, 
the heat loss from the equipment is far from negligible. It follows that 
it is customary to lag the outlet pipes with some form of asbestos cover¬ 
ing, and in some cases the supercharger casing itself is also lagged. By 
this means, heat losses are suppressed, and Eq. (30), 

W ~ H* — Hi 


Btu 
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relating actual work done in compressing the gas and change of enthalpy, 
can be employed with accuracy. The dynamometer usually employed 
to drive the supercharger will also record the work input. In this case, 
however, the input from this source includes all losses in the driving 
gears, bearings, etc., and thus does not represent the actual work reach- 

Table II.—Supercharger Test Sheet Temperature Data* 

Date___ 

Proj. No- Observer___ 

Part No-Type___Change_Sheet No _of _ 

Insulation: Location___ _____ 

Thickness— _ Tvpe_ _Lab Test No _ 

Oil Spec:___ 

Remarks:___ _ __*_ _ ^_ 



ing the air. It follows that the relation of the work supply determined 
by Eq. (30) and the dynamometer work can be defined as the mechanical 
efficiency or shaft efficiency of the unit; thus 

a, H 2 - Hi Btuperlb_ 

a e ciency * j^u per lb supplied by dynamometer 

In many installations, the difference in temperature Tt — T i on 
which Hz — Hi is based is of a relatively small magnitude. This again 
stresses the fact that an accurate estimate of the true mean temperature 
of the gases leaving the supercharger should be obtained; hence the 
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limitations and provisions discussed above. In this connection, it is 
necessary to point out some of the difficulties encountered in obtaining 
the actual gas temperature existing in a column moving at high velocity. 


Table III —Supercharger Test Sheet. 


Dynamometer No_ 

Calibration date_„_Observer_ 


Supercharger gear ratio_ 


Remarks:_ 


Power Data* 

Date_ 

Lab Test No 
Operator_ 

Sheet No_of 



Run 

No. 

1 

2 

3 

4 

5 

6 
7 


* Courtesy of Continental Motors Corporation. 

The actual extstence of a thermocouple in a stream of gas causes some 
of the gas to be brought more or less to rest by impact with the couple. 
Now a gas moving with velocity V fps possesses kinetic energy amounting 
to F 2 /2 g ft-lb per lb. This energy due to motion disappears when the 
gas is brought to rest and must therefore reappear in some other form. 
This form is an increase of pressure or compression ahead of the couple, 
which is accompanied by an increase of temperature, which the couple 
records. Thus the temperature obtained depends to some extent upon 
the shape and size of the instrument employed to do the measuring; 
thus the restriction on the size of wires and container. 

Looking at this problem mathematically, it is seen that, if the couple 
completely stopped the air stream, the total temperature indicated would 
be 


Scale (= 7v), lb 'Fa- , I 

, Counter Time, A - . i Net 

— - i-ehom- Bhp Ihp . . 

■ . , , . rev min rpin shaft hn 

Actual ( orr I eter I 








Table I\* 

Engine*-——- Supercharger___ 

Impeller dia. =- Circumference =___ \ =_rpm I ___fp S 

K = 1.3947 ( K - 1 )/K = 0 283 C p = 0 243 g = 32 174 J = 778 1 =_ 

Sheet \o_ 
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* Courtesy of Continental Motors Corporation 
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where TV ** total or stagnation temperature 

TV = actual temperature of the gas, often called the static tem¬ 
perature (temperature when V = 0) 

V = gas velocity, fps 
C p = specific heat at constant pressure 
In most couples, particularly of the type under discussion, only a 
portion of the velocity is destroyed, with the result that the thermocouple 
will record some temperature To less than the total temperature TV but 
greater than the actual gas temperature Ta) its value will be given by 

T > - T ‘ + “ 2 WC, « 

where a is usually called the recovery coefficient of the couple. Its value 
will vary with the design from 0.5 to 0.85. The actual magnitude can 
be determined only by calibration; but, if made of average proportions, 
the interference is small, and it can be assumed to be in the range of 0.55 
to 0.65 for most purposes. 

Now, if this conversion of velocity to pressure is carried out adia- 
batically, which is approximately correct, then 


TV - Ta 


k -i 



V 2 

rp i * 

A f 2 gJC, 


(70) 


where P T — total pressure in pipe at point of measurement 
Ps — static pressure at same point 

The values of P T and P s are the same as those obtained from the pitot 
tube for the performance figures. It follows that, by solving, Eq. (70) 
for T a , 


Ta = 


n 


but, from Eq. (69), 


2gJC„ f(P r //V>T - 1] 


V 2 1 

= - (To - Ta) 


therefore 


2 gj C p a 


rr _ (l/«)(r. - Ta) 

Ia =-o— 

(Pt/Ps) h - 1 



1 + a[{Pr/P S ) * - 1] 


and 
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from which the actual gas temperature T A can be obtained for any- 
observed temperature TV This correction is of negligible magnitude 
when the gas velocity is less than about 200 to 250 fps. For further 
details regarding this correction, the reader is referred to Temperature, 
published for the American Institute of Physics by the Reinhold Pub¬ 
lishing Corporation 



Fig. 96. 


If the denominator of the above equation is expanded and the terms 
involving powers of small quantities are neglected, the equation reduces 
to 


Ta = To 1 




(71) 


4. Performance Curves. —The method of obtaining the performance 
data of a centrifugal supercharger has been outlined above, and a typical 
test setup as employed by the Pratt & Whitney Company is illustrated 
in Fig. 96, where the air inlet measuring device can be seen at A, and the 
long straight ducts with the recording devices at B and C. In this case, 
the supercharger is mounted on the regular crankcase of an engine. 
The delivery is taken from two symmetrically located outlets. 
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In Fig 97 is shown a similar setup for a radial engine but with the out¬ 
lets fiom the casing, delivering directly into a straight pipe, fitted with 
the pressure and tempeiature taps, which are then connected into a 
common discharge manifold 



Fig 97 


Dimensional analysis of a centrifugal compressor* indicates that any 
nondimensional variable may be expressed as a function of the following 
nondimensional variables, viz , 


W 

D 2 VKpo 



ND 2 




where W 
Po 

PO 

N 

D 

V 

k 

Thus 


= mass of fluid flow per unit time 
= inlet pressure 
= inlet density 
= rpm 

— diameter of compressor 
= kinematic viscosity 
= ratio of specific heats 


P} Pi Tj p „ = f( W 
Po' po To’ WN 2 D 2 ’ v 1 \ D °- VApo' 


ND 


Po 

Po 


ND 2 


*) 


but Po/po can be replaced by To and for moderate changes in sise, ND 2 /v 
can be neglected, and k is not required, unless various gases are being 

* Report and Memorandum 1336, British Aeronautical Research Committee. 
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pumped; hence the function can, for a given supercharger, he reduced 1< 




For a given impeller, N can be replaced by V , the tip velocity, and in 
general, these terms are reduced to 


Pi pi r, p = f 
Pt P ’ Tn WN-I)-’ v J 


/ W W V7’ o N 

VV^pn’ Po \/f ( 


In most cases, the effect of the variations of T are small, and thus 



This leads to the general method of plotting test results employed, 
viz., for each constant value of V, the tip velocity, and thus of course N, 
the rpm, the efficiency n is plotted against Q/N, whence points on a single 
curve are obtained, one curve for each value of V over the speed range 
desired. 


It has already been indicated in Chap. V that there an' two terms of 
general interest, viz., adiabatic efficiency and the pressure coefficient. 
The latter indicates that 

k -1 




Thus, when V and Q are constants, it follows that 7 \(r k — 1) is a con¬ 
stant; hence 

T,{r Tx ~* - 1) = 7’ 0 (rr. ~ 1) 

i.e., the compression ratio r Tl at any temperature 7\ can be related to 
the compression ratio r To at temperature To if the volume flow is constant. 
This permits the observed performance of a supercharger to be corrected 
to a standard temperature, usually 60°F, permitting comparison of tests 
under such variation of atmospheric temperature as may be expected 
from day to day. If 60°F is accepted as the standard, then 

Wt - 1) = 520(r - I) 


and thus the corrected ratio r« 0 is given by 

i 

0.286 

_ P 2 _ total pressure at exit 
1 ~~ Pi ~ total pressure at inlet 


Wf 6 - 
520 


(72) 


where 
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The performance curves are thus represented by plotting, as in Fig. 
49, against Q/N the following functions: 


Pressure coefficient ijp = - - [(r^J 0,286 — 1] 

Temperature coefficient e T = ———- 

I 2 I 1 


5. Shaft Efficiency.—The shaft efficiency is defined as the useful work 
given to the air, i.e., the adiabatic work of compression, divided by the power 
input to the compressor. This input is usually that given to the first 
gear of the driving train and thus includes the gear and bearing losses. 
Thus 

aw * « . Wl\[r~k 1 - l] X 00 

shaft efficiency vs = - 4 2~ 4p ~~- 

k -i 

_ !Al7WTi[r - 1] 

P 


where P = horsepower supplied to the driving shaft 

6. Corrected Pressure Ratio.—In some cases, the corrected pressure 
ratio at 60°F is also plotted, this value Ixfing given by Eq. (72). The 
value of Q cu ft to be used for the load coefficients is of course obtained 
from the perfect gas relation 


PV = wRT 


thus 


V - Q = 


wRT 

P 


cu ft per sec 


where w = weight flow, lb per sec 
R = gas constant = 53.35 

T = true absolute temperature at the supercharger inlet 
P = static pressure at supercharger inlet 
* 7. Testing the Turbosupercharger.—In the testing of the turbo- 
driven supercharger, all that has already been said regarding the measure¬ 
ments to be made on a centrifugal compressor applies equally well to 
the compressor unit of the combined supercharger. Thus it is only 
necessary to add some additional data regarding the turbine. 

Re-examination of the theory developed in Chap. X will indicate that 
the work obtained from the gas in expanding through the turbine is the 
difference of enthalpy before and after the turbine. In order to obtain 
these values, all that has to be known is (1) the weight flow, (2) the ther¬ 
modynamic properties of the gas, and (3) the inlet and outlet temperature. 
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The first can be obtained by measurement of the air and fuel supply 
to the turbine by apparatus similar to that employed for the compressor. 
The second can be obtained from the gas charts for the correct mix¬ 
ture employed or fxom modern specific-heat data,* which can be employed 
to derive a specific-heat curve for any mixture ratio desired. Then, if 
a gas expands from temperature T i to temperature T 2y the energy given 
up can be evaluated from 

AH = wC p (Ti - T 2 ) Btu 

where AH — change of enthalpy’ 
w = weight flow, lb 

\ f 

C p = mean specific heat, i.c., C p at temperature —- 

Z 

Employing the specific heat at the mean temperature gives values of 
AH that appear to be close enough for all practical purposes. In addition, 
if the pressure drop is from Pi to P 2 , the adiabatic-energy drop can be 
read from Fig. 107 or calculated from 

A H a = wC v {T l - T' 2 ) 

where T' 2 = adiabatic exhaust temperature 


k-1 



The value of k to be employed in the above expression is the mean value 
between temperatures T i and T' 2 , as in the case of the specific heat. The 
turbine efficiency is then calculated by 

_ AH 
VT ~ lHa 


and plotted as in Fig. 124, Chap. X. 

8. Exhaust-gas Temperature. —Some of the difficulties encountered in 
measuring the exact temperature of air moving at high velocity have been 
indicated in this chapter. When measuring a high-velocity gas at high 
temperature, the difficulties are greatly increased. The technique of 
this process has been set out in “Temperature/' published for the 
American Institute of Physics by the Reinhold Corporation, where it is 
stated that the errors associated with such measurements made by means 
of thermocouples are 

1. Radiation from the junction to cooler surroundings. 

2. Conduction to cooler surroundings, 
o. Along the thermocouple wires. 

* E.g. } Heck, R.C.H., The New Specific Heats, Mech. Eng. (January, 1940). 
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b. Along the protecting tube 

3, Contamination of thermocouples due to chemical effects of the hot gases. 

4. Velocity effects due io the impact 

These factors have been studied and discussed in some detail by 
W. J. King,* who recommends that, for a reasonably accurate gas tem¬ 
perature, the hot junction should be surrounded by shields, as shown in 
Fig. 98, to reduce the radiation. These shields should be so arranged 

that the gas can flowthrough them 
at a velocity comparable with that 
in the pipe itself. For complete 
details of the various effects, ref¬ 
erence, should be made to the orig¬ 
inal article. 

9. Test Setup.- —The test 
equipment for a turbosuper¬ 
charger is illustrated in Fig. 99. f 
As will be seen, it consists of means 
for supplying and measuring the 
air and fuel flows to a combustion 
chamber where the hot gas is pro¬ 
duced at the desired temperature 
and pressure. This gas then flows to the turbine nozzle box and 
thus passes through the turbine, doing work on the wheel. The 
exhaust gas leaves the turbine and is conveyed to a steam ejector, the 
purpose of which is to permit the pressure in the exhaust pipe to be reduced 
to any desired value to duplicate the conditions encountered at any alti¬ 
tude. Thus the turbine can operate under conditions comparable with 
those encountered in actual flight. 

It would be possible to connect the turbine to some form of high-speed 
dynamometer to measure its power output. However, the compressor 
itself forms a convenient means of loading the turbine. Hence, as shown, 
the supercharger is connected to the turbine, and arrangements are made 
to measure all pertinent data regarding the air flow through it. By 
adjustment of the compressor flow and delivery pressure, various loads 
can be applied to the turbine, and thus its speed of operation can be con¬ 
trolled. The observed data regarding air flow permit the power sup¬ 
plied to the air compressor to be calculated, as in Chap. V. This power 
must, of course, be equal to the power output of the turbine. In addi¬ 
tion, the power applied to the turbine wheel is given by the change of 

* Measurement of High Temperatures in High-velocity Gas Streams, Trans. 
ASME , 65 (July, 1943). 

t Stoeckly, E. E., Turbosupercharger Testing, Advance Paper, ASME , January, 
1940. 
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enthalpy occurring in the hot gas from the inlet to the exhaust conditions. 
The power outputs obtained by these two methods will not be equal, the 
difference being the frictional losses of the bearings, oil pump, etc. Thus 
the tests of the two components, if accurately carried out, will provide 
all the data necessary for a complete accounting of the energy supplied 
to the turbine. 



Fio, 99.—Turbotesting equipment. 

Greater details concerning these tests are given in the following 
extract from Mr. Stoeckly’s paper: 

In the performance of these tests fuel oil is used to produce hot gas. Both 
this fuel oil and the compressed air used for combustion are carefully metered by 
means of flow nozzles before going to a special combustion chamber. After burn¬ 
ing and before entering the turbine under test, the products of combustion pass 
through a special mixing chamber which produces a uniform-temperature gas in 
which all stratification has been eliminated. Between the mixing chamber and 
the turbosupercharger nozzle box, the exact gas temperature and pressure are 
measured by means of six quadruple shielded thermocouples and three static- 
pressure taps. The six temperature measurements are in two groups of three, 
approximately 10 ft apart with the second set located several feet ahead of the 
turbine nozzle box. By using three thermocouples installed at one-third pipe 
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depth and 120 deg apart at each point, the tendency toward stratification can be 
determined a'nd an average temperature obtained. By placing the two sets of 
thermocouples 10 ft apart, the rate of temperature drop along the pipe can be 
measured. To reduce stratification and to maintain the temperature as nearly 
constant as possible, the hot gas line fiom the combustion chamber to the turbine 
is lagged with 7 in. of high-temperature insulation. The turbine wheel dis¬ 
charges its gases between two eoncentiie lings in the sides of which are eight static 
pressure taps, four on the inside iing, and four on the outside ring. This is 



followed by a mixing chamber before and after which temperature measurements 
are taken to make certain that an average exhaust-gas temperature has been 
obtained. The turbine exhausts into a header containing a number of steam 
ejectors. Sufficient hot gas and exhausting capacity is available to test machines 
up to a pressure ratio of 10:1 between inlet and exhaust pressures. 

For these tests, the turbine can be loaded either by means of its own com¬ 
pressor or by means of a water brake. If the compressor is used as a load, careful 
measurements are made of the air flow and the compressor inlet and discharge 
temperatures. To hold constant inlet-air temperatures, regardless of changes in 
outside ambient temperature, air is first drawn through a steam heater. Mixing 
chambers are used both in the inlet and the discharge lines to obtain good average 
temperature. Two sets of three thermocouples each are used in both lines to 
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determine the change of air temperature along the length of the lagged inlet and 
discharge air lines. Provisions have been made for flow nozzles in both the inlet 
and discharge lines so as to be able to make a double check on compressor air flow. 

In the above test, it is seen that only on the turbine are altitude con¬ 
ditions duplicated. Thus this test is essentially a turbine test, the 
supercharger being employed for convenience. When it is necessary to 
test the complete unit under altitude conditions, duplicating both tur¬ 
bine and compressor conditions, the type of test equipment shown in 
Fig. 100 is employed, called a dosed refrigeration cycle . The turbine 
temperature, pressure, etc., are controlled as in the previous test. The 
air flow to the compressor, however, occurs in a closed cycle. Air deliv¬ 
ered from the compressor at high temperature and pressure is conveyed 
to a cooler, where the temperature is reduced as much as possible. The 
gas then flows to what is termed a refrigeration turbo. In this apparatus, 
the air is first compressed to some higher pressure and passed through a 
cooler to remove the heat added; thus the gas leaving the cooler is at a 
high pressure but moderately low temperature. This permits supplying 
the air back to the turbo driving the first-mentioned compressor. The 
air then flows through the turbo to the exhaust pipe, which forms the 
inlet pipe of the turbocompressor under test. The pressure in this suc¬ 
tion pipe is maintained at the desired altitude condition, and the pressure 
drop across the refrigeration turbo, accompanied by the extraction of 
work from the air, driving the refrigeration compressor, provides a tem¬ 
perature drop. The air leaving the refrigeration turbine is thus at the 
desired pressure and temperature corresponding to the altitude desired. 
Thus both turbine and compressor conditions at altitude are duplicated. 
This apparatus is capable of supplying about 450 lb per min of air under 
altitude conditions at temperatures as low as 80°F below zero. 
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TURBOSUPERCHARGING 

Thermodynamics tells us that, so long as any mass of gas is at a 
temperature higher than its surroundings, this gas can be expanded to 
some lower temperature, doing work in the process. Of course, to expand 
a gas it is necessarily assumed that the pressure at which the gas exists 
is also at some value greater than the pressure into which the gas must 
be exhausted. 

A heat balance of a highly supercharged internal-combustion engine 
might read as follows: 

Heat added in form of fuel = 100 per cent Btu 

Heat to bhp = 24 per cent take-off, 30 per cent normal 
Heat to coolant = 10 to 12 per cent 
Heat to oil = 1.5 per cent 
Heat to miscellaneous = 1 per cent 

Heat to exhaust = 58 to GO per cent 

Thus an engine rejects heat, in the exhaust, approximately equivalent 
to 2}4, times the bhp, a rather large waste, but a waste that cannot be 
avoided because of the limitations of the first and second laws of thermo¬ 
dynamics. However, if a temperature and pressure difference exists 
between the exhaust pipe and the atmosphere, some of this energy in the 
exhaust gases can be made available. 

In the case of an engine exhausting to the atmosphere at sea level, 
there is always a slight pressure above atmospheric in the exhaust pipe. 
It has been found practicable to increase this pressure, by a moderate 
amount, without harmful effects on the engine itself. In addition, the 
exhaust-gas temperature is well above that of the atmosphere, usually 
some 1400 to 1700°F; thus, by restricting the free flow of exhaust, the 
two requirements of a pressure and temperature drop can be secured, 
and some of the energy in the exhaust gases can thus be made available 
for useful purposes. 

So far, in practice, this available energy has been converted into work 
by the use of a turbine, which in turn drives the superchargers for both 
diesel and aircraft engines. The presence of the turbine in the exhaust 
pipe, with the use of a definite exit area from the nozzle ring, places the 
desired back pressure on the engine, fulfilling the required conditions. 

194 
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The total energy that can be made available from the exhaust gases 
usually exceeds that required to drive the superchargers by a considerable 
margin. It is thus conceivable that, in the future, this energy above 
that required by the compressors may be recovered and fed back into 
the engine to augment the power output. Examination of such a scheme 
indicates the possibilities of a considerable reduction in weight per horse¬ 
power accompanied by extremely low fuel consumptions per horsepower.* 
It is proposed to study first the 
action of the turbine alone, since 
the compressor end of the combi¬ 
nation behaves exactly like the 
gear-driven supercharger covered 
in Chap. V. 

On page 24, the general the¬ 
ory of a flow machine was built up, 
and this theory has been applied 
to compressors. No limitation 
was placed on the direction of flow 
of the work or heat in this devel¬ 
opment; hence it applies equally 
well to flow from a high to a low 
pressure, during which heat can be 
converted into work. Thus, for a turbine as indicated in Fig. 101 hav¬ 
ing conditions P h V h Ti at inlet and P 2 ,V 2 /r 2 at exit, the work done is 
related by Eq. (30), viz., 

IF = Hi - H 2 ± Q 

where W — work done per pound of flow 
Hi = enthalpy at inlet per lb 
Ii 2 = enthalpy at exit per lb 

Q = heat gained or lost per lb to external sources during the flow 
(positive if a gain occurs and negative if a loss occurs) 

The values of Hi and If 2 for any given temperatures T i and T 2 can 
be obtained from the gas chart for the mixture employed or by the 
use of some modern specific-heat data.f 

The value of Q is, of course, a variable depending upon the design and 
cooling conditions. However, in practice the surface area from which 
heat is lost is relatively small compared with the quantity of gas flow; 
thus for most practical cases it can be neglected and included in an over¬ 
all efficiency. 

*See Bachle, C.F., “Some Possibilities of Turbine Compounding,” SAE paper, 
January, 1945. 

f E.g ., Heck, R.O.H., The New Specific Heats, Mech . Eng. (January, 1940). 
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With a given pressure drop across the turbine from Pi to P%, the 
maximum available heat that can be converted into work would be that 
of an adiabatic expansion, since in this case all the energy change is 
converted into work. This type of expansion is therefore considered 
to be the standard of comparison, and the type or engine efficiency of a 
turbine can be defined as 


_ actual work from 1 to 2 
' nr ~ adiabatic work from 1 to 2 

Since the adiabatic work of expansion can be readily obtained, it is the 
logical starting point in studying the turbine. 

1. Adiabatic Work. —In obtaining the value of this maximum avail¬ 
ability for work, assume that the conditions in the engine exhaust mani¬ 
fold are represented by P t , V e , T t and that the turbine is exhausting into 
the atmosphere where the state is represented by P a , V a , T a , where V, 
and V a are the specific volumes of the gases in the manifold and the atmos¬ 
phere. Since the expansion is adiabatic from pressure P e to pressure P a , 
the temperature To of the gases leaving the turbine are given by 

r - r -(£F 

In general, the exhaust temperature T 2 at the end of the expansion 
process will be far above the low limit, viz., the atmospheric temperature 
T a ; thus a large percentage of heat remains in the gas and is unavailable 
for work under the existing conditions. It follows, however, that, if the 
conditions in the exhaust manifold P f , V t , T e are kept constant, then, for 
an aircraft engine operating at varying altitudes, the atmospheric pres¬ 
sure P a reduces with gain in altitude, and the useful temperature drop 
increases, and thus the work available increases with altitude. Thus, 
from Eq. (10), 

Adiabatic work done = C P (T e — T 2 ) Btu per lb flow 

<73) 

where C p is the mean specific heat of the gas between the temperatures 
T e and T 2 . Its value will vary with the mixture ratio, and thus the work 
done is a function of F/A ratio as well as of the inlet temperature and 
pressure ratio. 

If the gas charts are employed for this calculation, the properties 
P e and T e determine point 1 of Fig. 102 a, an adiabatic expansion to 
point 2 at pressure P 0 at constant entropy S e represents the process, and 
Hi and H 2 can be read directly from the appropriate scale. Then 

Adiabatic work = H\ — H 2 * Btu per lb air 
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By repeating this process for varying pressures and temperatures, a 
complete coverage of the useful field can be made. From Eq. (73), it 
is seen that the work depends on the pressure ratio; and, if a plot of 
work against this ratio is made, a simple family of curves results. Such 
a diagram is shown in Fig. 102, and from it the maximum available work 




can easily be read in terms of horsepower per pound of air flow per minute. 
It is wise to plot this diagram to two scales; the first, for a pressure ratio 
of 1:3, to a large scale to obtain the desired degree of accuracy, since 
this is a region frequently used; and, for high-altitude work, where the 
pressure ratio may be as high as 10 : 1 or more, the curves can be expended 
to a smaller scale and still retain sufficient accuracy. 
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The properties of the gases leaving this perfect turbine would be 
given by point 2 of the gas chart or can be derived from the usual gas 
equations, viz 


and 


■ 'W 


T 2 

P 2 V 2 = wRT z 


provided that the correct value of k is employed for the temperature 
range encountered. 

2. Actual Turbine.—As with any machine, various losses exist. In a 
turbine, these losses are due to eddies, turbulence, gas friction, etc.; 
thus the work actually delivered is some fraction of the maximum avail¬ 
able energy given in the previous paragraph. As already indicated, the 
efficiency of a turbine is defined as the ratio of the actual work done to 
the adiabatic work available for the same pressure ratio. Thus 


Turbine efficiency tjt — 


act ual work 
adiabatic work 


Referring again to Fig. 102a, employing the gas charts of the 
properties of gases, the gas in the exhaust pipe of the engine expands 
through the turbine to the existing atmospheric pressure P 0 ; thus the 
actual gas condition leaving the turbine must be somewhere on the line 
of constant pressure P a . 

In addition, it has been proved that, for any actual flow conditions, 
under negligible heat losses, the work done and the change of enthalpy 
are related by 

W = i - lh 


where H% = enthalpy at actual exhaust temperature T 3 

It follows that, since less work is done by the actual turbine as com¬ 
pared with the adiabatic, H z > H 2 ) and, since H = C P T, T* > T 2 ; but, 
by definition, 


rj T — 


Hi-Hi 

Hi ~ H 2 


(74) 


C P (T l - T.) 

C P {Ti-Tt) 

T i — Tz (if the gas is con- 
Ti — sidered perfect) 


A point that fulfills this condition would be one such as 3 on Fig. 102a, 
and its location can be found if the efficiency of the operation vt is known. 
Of course, the value of the actual efficiency for any machine is not avail¬ 
able until it is tested, but sufficient test work has been done on various 
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turbines that an approximate value of t\ T to be expected can be assumed. 
Selecting an appropriate value, the work done and the properties of the 
gases at exhaust from the turbine can be determined, since // 8 can be 
calculated from Eq. (74) and its intersection with P a determined. Alter¬ 
natively, by assuming the mixture to behave as a perfect gas, the simple 
relation given by Eq. (27) can be used with the correct mean value of k 
to determine To for the adiabatic expansion. T s is then calculated from 
Eq. (75), using the value of T 2 just determined. Then, by the use of 
PV = wRT , the properties of the mixture at exhaust are obtained. 

Thus it is possible to determine the actual work available from each 
pound of mixture leaving the engine and flowing through the turbine. 
It must be remembered that the gas charts employed are plotted for 
1 lb air and that the work done is that delivered by the 1 lb air plus the 
appropriate weight of fuel to make up the mixture ratio employed. It 
follows that 


Work per lb mixture 


work from chart 
1 + F/A ratio 


The total weight of gas flowing through the engine under any set of 
conditions is known from tests or can be estimated for any given bhp 
by the methods of page 50, Chap. Ill; therefore, 

Total energy available in exhaust gases — w X W T Btu per min 

where w = weight of gas flow, 11) per min 

W T = actual work per lb flow through turbine 
If t)t is the over-all efficiency of the turbine, including the friction of 
bearings, etc., then 

r, i f i • __ u'Wt X 778 

fehaft hp oi turbine — —33 000— 

Shaft hpr = 0.02357'wdT T 

The shaft horsepower of the compressor can be determined by the 
equations of Chap. V, and it follows that, if shaft hp 2 - > shaft hp r , then 
the exhaust gases are capable of driving the superchargers. 

In general, the turbine power exceeds that of the compressor, and it 
is impossible to pass all the exhaust gases through the turbo; some per¬ 
centage is therefore by-passed directly to the atmosphere until shaft hp r 
is equal to shaft hpc or 

0.02S57wW T p = shaft hpc 

where p — fraction of total flow passing to turbine 
but 

Shaft hpc = 0.00566 SHL 1 
^ nt T 
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It follows that 


V 


0.24 


YT i 

TIZtW t 


where p = fraction of gas passing to turbine 

Y — compressibility factor of supercharger 



Pi = inlet pressure to compressor 
P 2 = outlet pressure from compressor 
T i = inlet temperature to compressor 
n = mechanical efficiency of compressor 
€t = temperature-rise ratio of compressor 
Wt = work per lb mixture in turbine 
In addition, the compressor must have a definite tip speed Ffps in 
order to produce the required pressure ratio P 2 /P 1 . This tip speed is 
related as follows; 


YTi = 


7}V 2 

6,030 


where rj = pressure coefficient 

This requirement determines the speed of rotation of the compressor 
shaft as soon as the diameter of the supercharger is selected, and this of 
course determines the speed of the turbine, since the two are directly 
connected. The design of the turbine nozzles and wheel buckets must be 
made to conform to this required speed and have the desired efficiency 
i)r at the same time. 

Examination of the above theory of the turbine indicates that the 
power output depends upon (1) available pressure ratio of expansion; 
(2) properties of the gases that fix the magnitude of A, C p , and k on which 
the work depends for a given value of pressure ratio; (3) weight flow 
through the turbine; and (4) efficiency of turbine. 

Item 1 depends mainly upon the pressure P a at the designed critical 
altitude of flight, since the value of P e is fixed at a rather low pressure, 
some 10 to 20 in. Hg above sea-level atmospheric pressure, its value for 
a particular engine depending upon the loading that the exhaust values 
and manifolds will stand as regards pressures and temperatures, as well 
as upon the rate of reduction of engine horsepower with back pressure. 
Thus the pressure ratio at sea level does not exceed about 1.5 in most 
cases. If, for maximum power, the exhaust manifold pressure is held 
constant as altitude is gained, then the bursting stresses in the manifold 
increase as the atmospheric pressure reduces. At say 30,000 ft, where 
approximately the expansion ratio has increased to about 5:1, the pres¬ 
sure difference is some 21 psi; a high pressure to hold in a thin metal 
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pipe that is at a temperature of 1500 to 1G00°F. In addition, this pipe 
must be fitted with flexible joints to accommodate vibration and general 
relative distortion of engine and turbo, resulting from deflections in the 
light structure to which they are mounted. However, it should be noted 
that, because of this change of altitude, the pressure ratio of the turbine 
has changed from 1.50 to 5.0, approximately, making available a greater 
proportion of the energy of the exhaust gases. 


/ nfercoo/er 



u 

B C 'E 
Turbo supercharger 

Fia. 103.—Arrangement of turbocharged engine. 


Regulator 


With regard to item 2, the possible practical variation of C ( > and k 
over the range of temperatures available is small and depends upon the 
mixture ratio employed. To obtain the advantage of increased work 
resulting from any large change in these magnitudes would involve the 
use of some other fluid as the operating medium in the engine. Thus 
the weight flow through the turbine remains as the main method of 
controlling its power output. This flow can be varied from practically 
zero to full flow by the use of a by-pass. 

The last factor, efficiency, can be varied over a wide range by the 
designer; but, once the machine is built to a definite specification, the 
efficiency has been built into it by the details of the parts employed. 

3. Description of Turbosupercharger.—Before discussing the details 
of design of this type of machine, it is proposed to examine the general 
construction and its method of operation. 

The turbine employed is of the impulse type. This design is char¬ 
acterized by the use of a set of nozzles through which the gases expand to 
the final exhaust pressure, i.e., no pressure drop occurs in the turbine 
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wheel. As a result, all the available heat energy is converted into 
velocity, i.e kinetic energy, in the nozzles. The gases therefore leave 
the nozzles at high velocity, and some of the kinetic energy they possess 
is converted into work during their passage through the turbine rotor. 

The impulse wheel is essentially a high-speed machine, which emi¬ 
nently fits it for the purpose in view. The size and weight of the appara¬ 
tus are mainly determined by the area required in the nozzle's passages 
to pass the desired weight of gas to develop the power required to drive 
the supercharger. The result of the high velocities employed is a small 
compact and light machine. 

A typical general assembly of this equipment is shown in Fig. 103.* 
The exhausts from the various cylinders are collected together in a com¬ 
mon manifold A and conveyed to the nozzle box C of the turbine. The 
passage area through the nozzles C is so designed that, at the desired 
back pressure, they will pass the required weight of gas to drive the super¬ 
charger. Any gas in excess of this requirement is discharged through the 
waste gate E direct to the atmosphere. The gases leaving the nozzles at 
high velocity impinge on the buckets of the turbine wheel causing it 
to rotate at some high speed. The impeller G of the first stage of com¬ 
pression of the engine superchargers is directly connected to the turbine 
shaft; thus it rotates at the same speed. The result is that air from the 
atmosphere is compressed by G and delivered via an intercooler, where as 
much heat as possible resulting from compression is removed, to the 
engine-driven compressor F, which produces the final desired inlet mani¬ 
fold pressure. The carburetor is in general placed between the inter¬ 
cooler and the engine-driven supercharger. The turbosupercharger is 
fitted with its own lubricating system, as indicated in Fig. 103. 

This combination of superchargers permits full-throttle operation of 
the engine, a desirable condition, over a wide range of powers, since the 
manifold pressure can be controlled to a great extent by regulating the 
flow through the turbine, the engine throttle remaining wide open. This 
method of control also results in imposing no more back pressure on the 
engine exhaust system, at any time, than that absolutely necessary to 
drive the supercharger. The result is that the loss of power due to the 
back pressure required to drive the turbine is far less than the power 
that would be subtracted from the engine output if the supercharger 
were coupled directly to the engine. 

Figures 104 and 105 show a cutaway view and an external view of a 
General Electric turbosupercharger. In Fig. 104, the exhaust manifold 
connects to the nozzle box A, directly above the turbine wheel B . The 

* Ssanberwick, R.G., and W,G. King, Superchargers for Aircraft Engines, Tram, 
ASMEy January, 1944. 
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gases supplied to A first expand through the nozzles C , acquiring a high 
velocity, thus possessing considerable kinetic energy. Some ot this 
energy is imparted to wheel B during the passage of the gas through the 
wheel buckets D. 

The power thus developed is transmitted by means of the shaft F to 
the supercharger impeller G. The rest of the supercharger is of standard 
centrifugal design. The rotor assembly is carried on a ball bearing K 



Fig. 104. —Geneial Electric Turbobuporchargei. 


and a roller bearing L. This combination permits the absorbing of any 
lateral thrust there may be by the ball bearing but permits lateral expan¬ 
sion of the shaft resulting from temperature changes. 

The baffle ring M shields the compressor casing from the heat of the 
nozzle box. The installation in the plane is always arranged so that a 
pressure difference exists, causing air circulation around this baffle to 
to assist in cooling. 

The oil pump N is driven from the turbine shaft by a worm and worm 
gear. The pump is of typical dry-sump construction, consisting of a 
pressure pump to take oil from the tank and deliver it under pressure 
to the spray jet in the turbo casing, and a scavenge pump, in the same 
pump casting, to return the oil from the casing back to the storage tank. 

The turbine parts are made of heat- and corrosion-resisting alloy 
steels and, in the case of the turbine wheel and buckets, must be capable of 
withstanding high stresses at elevated temperatures. The latter is per¬ 
haps the most important requirement of a bucket material, since, as a 
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result of the high peripheral velocity, stresses of 20,000 psi or more are 
encountered, accompanied by temperatures of 1200 to 1400°F. The 
material generally employed for the buckets is Vitallium, having a com¬ 
position of 0.20, 0.5 Mn, 0.5 Si, 29 Cr, 5 Mo, and the balance Co. 

4. Details of the Turbine.—The important elements of the turbine 
are the nozzle ring and the wheel buckets. In general, the details of 



Fig 105.—Genetal Electric Turbosupercharger. 

design of these two items are the major factors affecting the over-all 
efficiency of the turbine, and they are thus of great importance. The 
nozzle determines the efficiency of conversion of the thermal energy into 
kinetic energy of the exhaust gases leaving the nozzles, and at the same 
time the discharge area of the nozzles fixes the discharge rate for any 
given exhaust back pressure. The design of the buckets determines the 
efficiency of conversion of the kinetic energy of the jets into mechanical 
work on the shaft. 

5. Nozzle Ring. —In the description on page 203, the nozzle ring is 
seen to consist of a series of cast- or sheet-metal partitions so arranged as 
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to form a suitable converging passage in which the gases can expand and 
attain high velocities. The type of nozzle generally employed can be 
represented as in Fig. 106. The exhaust gases from the engine are led 
to the nozzle box, or collector ring around the nozzles, in which some 
desired pressure P, is maintained. The gases enter the nozzles in the 
outer periphery of the box in an axial direction through a total area nA 
sq in., where n = number of nozzles and A — area of each nozzle in square 
inches, measured at right angles to the direction of flow. At exit from 
the nozzles, the direction of flow has been changed to some angle 0 to 



Fig, 106.—Flow through nozzle ring. 


the direction of rotation of the wheel. Inspection alone shows that, 
for a constant radial depth of nozzle, the exit area from each nozzle is 
reduced from A sq in. to some smaller value B sq in. (again measured at 
right angles to the direction of flow). In the meantime, the pressure of 
the gas has dropped from P e the exhaust manifold pressure, to P a , the 
pressure of the atmosphere into which the gas is being discharged. As a 
result, the gas velocity has increased from some low value V e in the 
nozzle box, usually called the velocity of approach, to the exit velocity V n 
leaving the nozzle. 

The first few pages of this chapter were devoted to applying the flow 
equation (30) of page 25 to the over-all turbine from which a general 
picture of the turbo problem could be obtained. Now, by applying the 
same equation to the flow through the nozzle only, the conditions of 
flow in this detail can be obtained. Assuming in the first case a perfect 
nozzle with no losses, then 


Energy at inlet = energy at outlet 
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where w — weight flow, lb per sec 
V 6 = velocity of approach, fps 
V n = exit velocity from nozzle, fps 
A* = enthalpy in exhaust manifold 
h a = enthalpy in exit from turbine 

Thus 

/(A. - to = i 


H) 


In practice, the velocity of approach is small compared with F„; 
hence V 2 is of negligible magnitude compared with V 2 , and in general its 
effect on flow is neglected. Hence 

V 2 

J{K - K) = 

_ 4 ? 

F n = \/2gJ Ah fps 

where Ah = adiabatic enthalpy drop from P e to P a 

Thus the theoretical exit velocity from a nozzle is given by 


V n = 223.8 \/Ah fps (76) 


The available energy Ah in Btu per pound of flow is given in Fig. 107 
and can be used conveniently in place of reading from the gas charts. 
Using these values, the exit velocity from an ideal nozzle can be obtained 
from Eq. (76), and a scale of velocity can be added to Fig. 107, as shown. 

If v n is the total volume flow from the nozzles in cubic feet per second 
and B sq in. is the exit area per nozzle normal to flow, then 


v n 


nBV n 

144 


cu ft per sec 


and the total weight flow per second would be given by 


W = 


PV 

RT 

144 P a V n 


R T a 


lb per sec 


where T a is the gas temperature at exit from turbine. 

A factor of greater use is the weight flow per second per square in. 
of exit nozzle area. This factor is given by 


which reduces to 


w = 


lUPgV n 

RTatlB 


w = 


PaV n 

R T a 


lb per sec per sq in. 


Substituting from Eq. (76), 


lb per sec per sq in 
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Theoretical weight flow per sq in. of nozzle area 


where P a — pressure, psi 


223.8P. \/~Kh 
R T. 


lb per sec 


Velocity, Ft./Sec. in Thousonds 
12 3 4 5 



Klo. 107.—Available energy in exhaust gases. (Standcrwick ami Kiny, Travs . ASM h 

vol. 6 No. 1.) 

The value of Ah used in the above equations is the enthalpy drop for 
an adiabatic expansion from P e to P a . It has been shown (see page 69), 
that the work done during an adiabatic expansion is given by 

W = —-y (P e v c ~ P a V.) 


The work done in an adiabatic expansion through a nozzle is the gain in 
kinetic energy of the gases; thus, per pound of flow, 

VJ _ k 
2 g k 1 


(PA\ - PaVa) 
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where v e = specific volume of gas in the exhaust manifold at P e psi 
v a = specific volume of gas leaving nozzle at P a psi 
but, for an adiabatic expansion, 

P.v k e - P a vi (77) 

and, by substitution and simplification, we get 


V n = P*' 1 - (77a) 


from which it follows that the weight discharged is 


w = 


144i/ a 

Substituting from Eqs. (77) and (77a), 

V 2 


lb per sec per sq in. 


w 


<2g(k/k - l)P e v e \l 


(Pa/P,)^ 1 ] 


144»,(P t /P«)* 


= m 1 7 [(k) j “ (f) k ] lb per ser per sq in - {17b) 


It is obvious that, for a given exhaust-manifold condition P e , v e , T e , 
the weight flow per second per square inch of nozzle area will be a maxi¬ 
mum when 



is a maximum. 

Now the ratio P e /P a can be called the ratio of expansion, and let it be 
denoted by r. Then, for the flow to be a maximum 
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The mean value of k for any ratio varies with the temperature and for 
air can be taken from Fig. 108.* 

The value of k for the mixture employed in an aircraft engine will of 
course vary with the fuel/air ratio as well as the temperature. A plot 



Fig 108 —Variation of k for an with temperature 



Temperature -°F 


Fig. 109.—Instantaneous values of k and C p for exhaust gas at various temperatures 


of suitable values that can be employed for various pressure ratios and 
initial temperatures is shown in Figs. 109 and 109a. Using the values so 
obtained for the average exhaust-gas condition, such as a rich mixture 
at a temperature of 1600°F, viz., 

R = 60.2 and k = 1.325 forJ = 4 

r a 


then 

Maximum flow per sq in. area 


~m'l 23 r= 

= 0.0271 

\ V e 


_Pr 

1 V e 


17 2 \ 

FT _ ( 2 

LU + 1 ) 

Vfc + V J 


lb per sec per sq in. 


* Calculated from J. Kennan, The Thermodynamic Properties of Air, J . Applied 
Mechanics , 10 (September, 1943). 
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when? P c — manifold pressure, lb per sq ft 
v e — specific volume, cu ft per lb 

Using the general gas law PV — wRT and substituting for v e and 
using P 6 in psi, 

uw = 3.902 P r (79) 

R = 56.5 for weak mixture, 57.5 of correct and 60.2 for rich, approxi¬ 
mately. This maximum rate of flow occurs where the pressure ratio is 
given by 



The rate of flow from a nozzle increases as P t /P a increases until the 
above value of 1.848 is reached. If the pressure ratio is further increased, 
no corresponding increase in the rate of flow occurs. The pressure ratio 



0 I 2 3 4 5 6 7 8 9 10 II 12 13 14 15 16 


p t /p 2 

Fig. 109a.—Mean values of k for various expansion ratios and tempei atures. 

at which maximum flow occurs is called the critical ratio; at this value the 
maximum possible discharge per square inch of area occurs from a nozzle. 
It follows that high-pressure drops do not produce high rates of flow per 
unit area. The maximum mass area rate of flow is determined only by 
the area of the nozzles, if the critical pressure ratio is reached or exceeded. 

6. Nozzle Velocities. —In order to understand the reason for this 
limitation in mass flow, consider the velocities of discharge from nozzles 
under varying conditions. The gas velocity from a nozzle is given by 
Eqs. (76) and (77a), viz,, 
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V n = 223.8 VA h 

-(£)*■**] 


Both of the above expressions show a continually increasing velocity 
as the pressure ratio P e /P a increases. It would appear, at first sight 
that, per square inch of nozzle, the discharge would continue to increase 
with pressure ratio. However, Eq. (78) for mass flow shows that a defi¬ 
nite maximum exists. In order to relate these two divergent ideas, 
examine the nozzle velocity under the critical ratio of 


Then 


P, = /* 4 -J\ 

K V ”2 ) 


k 

\k — 1 





- ^ on 

Hut, fur an 

adiabatic process, 


PA = PA 

and 

k - C4 ->- 

Thus 

- r.(£)b. 


/p v- 1 


= \k) k PaVa 


= k + 1 P a v a 

Thus 

V n = V kgPaVa 


fps 

If the gas density at exit from the nozzle is p a = (l/v a ) lb per cu ft, 

Vn = Jkg— fps (80) 

\ Pa 


Comparison of Eq. (80) with the velocity of sound in a fluid as given 
by any textbook on physics will show that this equation gives the velocity 
of sound in the medium at the conditions existing at the exit or throat 
of the nozzle, i.e., the maximum flow' occurs when the downstream pres- 
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sure is such that the exit or throat velocity reaches the velocity of sound. 
Now any change of pressure in a compressible fluid can be shown to 
travel in all directions with the velocity of sound. If, therefore, the 
pressure at the nozzle exit is reduced below this critical value for a given 
inlet pressure, this change will flow in all directions at this velocity. 
However, the gas at exit is traveling with the sonic velocity; thus the 
change of pressure cannot travel upstream unless it travels faster than 
sound, which is impossible. The result is that the upstream flow fails 
to receive notice of a change at exit, and hence flow continues at the 
same rate as it did before the change occurred. 

In the case in which the critical ratio is exceeded, Eq. (76) shows a 
continuing increase in exit velocity but with constant mass flow. This 
condition results from the equation of conservation of energy, which 
states that all the available energy Ah must be accounted for and appear 
as kinetic or some other form of energy. For the perfect expansion that 
is now being considered, it can appear only in the kinetic form. Since 
the weight flow past any section is constant, it follows that a nozzle with 
a pressure ratio less than the critical will have a continually decreasing 
area to accommodate the gradually increasing velocity. At the critical 
expansion ratio, the exit area mil reach a minimum and the mass flow 
a maximum. For ratios in excess of this, the nozzle will first decrease 
to the throat area, where the pressure existing will be that giving the 
critical ratio; further expansion will increase the velocity but at a constant 
mass flow equal to that at the critical throat area. The velocity increase 
above the velocity of sound is found to be accompanied by an increasing 
specific volume, with the result that the area at each section, past the 
point of critical pressure, of the nozzle must increase in order to accom¬ 
modate the flow. Thus nozzles for pressure ratios in excess of the critical 
are first convergent, then divergent. The shape of the divergent portion 
is quite important, since flow in this part is at velocities in excess of the 
sonic, with the result that shock waves and losses are very easily set up. 

The reader is referred to any good text on turbines for further work 
on nozzle flow, and to an article by A.H. Shapiro* for flow in the super¬ 
sonic region. Two recent publications of the NACA by M.S. Kisenkof 
are also of interest. The article on nozzle tests concludes that 

1. The shape of the entrance part of the nozzle does not show much 
effect on the character of the flow. 

2. A nozzle with the exit part conoidal and ending with a cylindrical 

* Nozzles for Supersonic Flow without Shock Fronts, J, Applied Mechanic* (June, 
1944). 

f The Theory of a Free Jet of a Compressible Gas, NACA Tech . Mem. 1058; 
Comparative Results of Tests on Several Different Nozzles, NACA Tech . Mem. 1006. 
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piece gives good velocity distribution across the section but is accom¬ 
panied by some variation in static-pressure distribution. 

3. A nozzle designed according to the Farnkl method* gives parallel 
flow with uniform velocity and pressure distribution accompanied by 
some 2 to 3 per cent greater reaction. 

4. Maximum reaction (i.e., maximum energy conversion) was 
obtained with an exit-cone angle of 20 to 25 deg.; and, in the absence of 
this exit cone, the thrust was reduced some 11 per cent. 

7. Actual Nozzle. —In any nozzle employed in a practical machine, 
there are always imperfections that result in varying degrees of losses. 
These losses may result from friction of the gas against the containing 
walls, eddies and turbulence set up because of various factors, incorrect 
shape of nozzle, etc. 

As a result of such losses, the gases leaving the nozzle will possess a 
velocity somewhat less than that given by Eq. (76), and the kinetic 
energy of the jet will be reduced; hence the available energy suffers a 
reduction. 

In addition, the gas at velocity V n may not fill the nozzle completely; 
hence there can be a reduction of mass flow with a further reduction in 
available energy. The actual mass flow can be obtained as follows: 


Theoretical weight flow per sq in. 
Actual weight flow per sq in. 


223.8P 2 
R T 2 


y/Ah lb per sec 


sy fi 223.8 /TT 11 
CvC a par- y/Ah lb per sec 

Jtvl 2 


where C v = coefficient of velocity 

_ actual velocity at exit 
theoretical velocity at exit 
Co = coefficient of area 
_ actual area of jet 
area of passage 

The above equation can be written as 

jr 223. 8P2 /TT II 

w a = K —^7 p—• VA h lb per sec per sq m. 

XVi 2 

where w a = actual weight flow, lb per sq in. nozzle area 
K ~ C v X C a — coefficient of discharge 
P 2 = pressure, lb per sq ft 

Tests of nozzles using steam, air, and combustion gases all appear to 
indicate that, given very smooth passages and well-rounded entrance 
conditions, the actual area of the jet will be almost equal to the nozzle 
* Supersonic Flows with Axial Symmetry, Izvestia Art. Akad. RKKA t 1 (1034). 
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area, or C a = 1. Thus the coefficient of discharge K is practically equal 
to the coefficient of velocity. 

The magnitude of this coefficient will, under the best conditions, 
approach 0.99 and may be as low as 0.90. An average value of 0.975 
for a well-designed nozzle can be employed, if PJP a is less than the 
critical. 

In turbine work, the kinetic energy of the gases leaving the nozzle is 
of main interest. This is given by 


Thus 


K.E. 


wV\ 

~2g 

V a = exit velocity = C, V n 


ft-lb 


K.E. 


= wcin 
2 9 

— 778 Cl Ah ft-lb per lb of flow 
= 0.95 X 778 Ah ft-lb 


or the efficiency of a well-designed nozzle as a means of obtaining energy 
is 0.95 for average conditions. In the case of a rough machined nozzle, 
this coefficient may be as low as 0.90 or lower, in which case the nozzle 
efficiency would reduce to 0.8 approximately. In most practical cases, 
with good nozzles, a value of 0.92 to 0.95 could be taken for the efficiency 
of conversion of the kinetic energy, and the exit velocity could be figured 
on this basis, giving velocities of 0.958 to 0.975 of the theoretical value. 

In a turbosupercharger, as at present designed, there is considerable 
excess energy in the exhaust gases over and above that required to drive 
the compressor. Examination of Fig. 104 shows the nozzles are generally 
formed of plate cast into the nozzle box. This form of nozzle is not the 
most efficient; but, since there is ample energy available, this is of little 
consequence. An efficiency of 0.88 to 0.90 would probably represent the 
actual flow conditions fairly well. 

Using these coefficients, the discharge from such nozzles per square 
inch of effective area can be calculated. If k is assumed to be 1.325 for 
average conditions, then, by Eq. (79), 

Maximum weight flow = 3.902 P« lb per sec per sq in. 

Solving this for various values of P the exhaust-manifold pressure at 
various altitudes, for some given average exhaust temperature, say 
1500°F, a line AB can be plotted that will give the maximum weight 
flow per square inch of nozzle area, as in Fig. 110. By the use of Eq. 



T U RBOS UPERCHA ROI NO 


215 

(776), curves such as CD can be added to cover all possible combinations 
of flow, altitudes, and manifold pressures. 

Thus CD is marked for zero altitude, i.e., the exhaust pressure on the 
turbine will be 14.7 psia or 29.92 in. Hg. If the exhaust-manifold pres¬ 
sure is maintained at 35 in. Hg, then the flow obtained from the chart is 8.1 
lb per sec per sc( in. At constant sea-level altitude, the flow will increase 
with increase of P c until P.,/14.7 = 1.848, the critical ratio when the 
flow reaches a maximum value for any value of P r . The curve CD thus 



Fig. 110. Average weight flow per square inch of nozzle area at various temperatures 

and altitudes. 

becomes tangential to the line AB for maximum flow. Similarly, for 
other altitudes, all the curves such as CD merge into the one common 
line AB at pressure ratios P e /P a equal to the critical, where P a is the 
atmospheric pressure at the altitude under consideration. The required 
theoretical area of nozzles for any weight flow at any altitude can thus 
be obtained from these curves. The required area would be obtained 
by dividing by the nozzle coefficient. By the use of correction factors 
such as those indicated in Fig. 110, the flow at any other temperature can 
be obtained. 

The theoretical velocity of the gases leaving the nozzle is given by 
Eq. (76), and, by the use of a coefficient of velocity C VJ the actual exit 
velocity is given by 


V ~ 223.8C* \/A h 


fps 


(80a) 
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Again it is possible to draw a series of curves to reduce calculations. 
The values shown in Fig. 107 represent the velocities obtained from a 
perfect nozzle for various pressure ratios and temperatures before the 
nozzle. By the use of an appropriate value for C v , as indicated on 
page 214, the actual exit velocity can be obtained. 

Thus it is seen that there are two velocities of interest to the designer, 
(1) critical velocity and (2) exit velocity. The value of (1) is that at the 
throat or smallest section of the nozzle, and it is on this that the weight 
discharge of a nozzle depends, particularly when the pressure ratio 
exceeds the critical; whereas (2) gives the maximum conversion of the 
available thermal-energy drop into kinetic energy, and on this depends, 
it will be seen, the efficient speed of rotation,of the turbine wheel. 

Example. —An engine using an F/A ratio of 0.0782 develops 1,500 
bhp for a fuel consumption of 0.575 lb per bhp per hr. If the exhaust- 
manifold pressure is maintained at 60 in. Hg abs with a gas temperature 
of 1600°F, calculate the nozzle area required in the turbo to pass 
this flow (1) at sea level, (2) at 20,000 ft. What is the exit velocity 
from the nozzle in each case? 

Fuel flow - 0.575 X 1,500 
= 862 lb per hr 


Air flow = 


862 

0.075 


= 11,500 lb per hr 
Total flow through turbine = 12,362 lb per hr 

= 206.03 lb per min 


At sea level: At 1600°F inlet temperature and an expansion ratio of 
60/29.92 = 2.005, the exhaust temperature will be given by 

T, - <1600 + 160) 

If k is assumed = 1.32 approximately, 



- 1740°abs 


The mean gas temperature for the expansion is thus l,900°abs approxi¬ 
mately, at which value the magnitudes of k and C p from Fig. 109 and 
109A are 1.320 and 0.3195. Using these corrected values in the necessary 
equations, 



** 1740°abs 
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M = C P (T t - 7\) 

= 0.3195(2060 - 1740) 

= 102.2 Btu per lb 

Weight flow per sq in. = K \/A/< 

Ki 2 

„ 1.555 X 29.92 X 0.491 X 144 /ino<5 

= K -00.2"X T74()-- V ,02 - 2 

= 0.3175AT lb per sec per sq in. 

= 19.05K lb per min per sq in. 


Assuming K = 0.975, then, at sea level, 

w — 18.75 lb per min per sq in. 


Nozzle area 


2 00.03 

18.57 


= 11.1 sq in. 

Theoretical velocity of discharge = 223.8 \ZAh fps 


V n = 2260 fps 

Actual velocity V = CV X 2,260 

= 0.975 X 2,260 
= 2,204 fps approx. 


At 20,000 ft: At this altitude, the atmospheric pressure is 13.74 in. 
Hg. Thus the ratio of expansion becomes 60/13.74 = 4.36. 
Approximate exhaust temperature, if K - 1.326 (see Fig. 109e) 


2060 


( I \ 0 2 4ft 

AW 


= 1435°abs 


Mean gas temperature 


2060 + 1435 


- 1748< 


2 

abs 


Thus, from Fig. 109, 
k = 


1.33 C v = 0.3118 Btu per lb 


and the corrected values of temperature, etc., are 

1.248 

f I 1 

T s 


- ^ (ikr 


Weight flow per sq in =* K 
- K 


= 1430° abs 
A h - C P (T 1 - T t ) 

= 0.3118(2060 - 1430) 
= 196.5 Btu per lb 
1.555Pj ^ 


R T t 

1.555 X 13.74 X 0.491 X 144 
60.2 X 1430 


V196.5 
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= 0.246X lb per sec per sq in. 

= 14.75X lb per min per sq in. 

Again, with K = 0.975 and w = 14.38 lb per min per sq in. 

XT . 200.03 

Nozzle area = 

= 14.5 sq i n. 

Theoretical exit velocity = 223.8 y/Ah 

= 223.8 Vl9(h5 
- 3,138 fps 

Actual exit velocity = 0.975 X 3,138 

= 3,000 fps approx. 

Comparing these results with those obtained direct from Figs. 107 
and 110, substantial agreement is obtained. 



Fig, 111.—Adiabatic horsepower per square inch of nozzle area at various altitudes. 

8. Available Horsepower. —In general, as already pointed out, the 
total available horsepower in the exhaust gases exceeds that required 
to drive the turbine. The previous example assumed passage of all the 
gas through the nozzle box, although actually only a portion is in general 
admitted to the turbine. This portion can be obtained as on page 200. 
or more conveniently by the use of curves such as those shown in Fig. 
111. This diagram gives the horsepower per square inch of nozzle area 
for various manifold pressures at different altitudes. Thus the nozzle 
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area is obtained directly as soon as the horsepower of the compressor 
has been determined. 

Hp per sq in. of nozzle area *= ^ 

oojOOO 

= 0.02359w Ah 

where w, the weight flow in pounds per minute per square inch, can be 
obtained from Fig. 110, and Ah, the change of enthalpy for any inlet 
temperature and pressure ratio, 
can be obtained from Fig. 107. 

This horsepower can then be plot¬ 
ted as in Fig. Ill for various alti¬ 
tudes. 

The results shown are for a tur¬ 
bine of 100 per cent efficiency, but 
some allowance for losses must be 
made. If every effort were made 
to produce an efficient turbine, it 
is believed that an over-all effi¬ 
ciency of about 75 per cent could 
be achieved in these small ma¬ 
chines; whereas, in large sizes, this 
could be increased to about 80 per 
cent. In general, the turbosuper¬ 
chargers employed with aircraft 
engines are of simplified construc¬ 
tion, secured at some sacrifice in 
efficiency, since excess power is 
available in the exhaust gases in any case. The efficiencies of the turbine 
in such cases can be as low as 60 to 65 per cent and still be capable of 
developing ample power for the purpose required. 

The actual horsepower that can be obtained per square inch of nozzle 
area would thus be the magnitude as read from Fig. Ill multiplied by 
the expected over-all efficiency. 

The exit area of the nozzles is as shown in Fig. 112. 

If l =* radial height of nozzles, in. 
a = outlet angle (15 to 20 deg) 
t = thickness of vane, in. 
p = pitch of vanes 
n « total number of jets 
D s» mean diameter of nozzle box, in. 

A *■ total exit area, sq in. 

b a® width of jet perpendicular to direction of flow, in. 
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Area per nozzle = bl sq in, approx. 

= (p sin a — t)l 


( p sin a — t \ 
p sin a ) 


p sin ocl 


= Cp sin al 


where C — - - - is called the thickness coefficient and represents the 

p sm a 

reduction of area due to the thickness of the vanes. 

Total nozzle area = nCpl sin a 

For a mean diameter of D in., 

np = tD 

Thus 

Total area — rCDl sin a (81 ) 

from which l can be obtained for any value of D as soon as a and C are 
fixed. 

It will be seen by Eq. (87), page 224, that the efficiency is a maximum 
the smaller the value of a; however, Eq. (81) indicates that, for a given 
total area and mean diameter, the radial length l will increase as a is 
reduced, leading to undesirably long blades. In general, the values 
employed for a range from 15 to 20 deg; whereas where efficiency is of 
minor importance compared with over-all size and weight as in the 
turbosupercharger, values in excess of those indicated can be employed. 
The length l in. of the nozzle appears to be held to about one-eighth to 
one-tenth of the mean diameter D of the wheel. 

The object of the guide vanes is purely that of directing the gas in 
the correct direction; thus their thickness t is the minimum that will 
stand up in service, and the smaller the value of t the greater the coeffi¬ 
cient C. The value of t is of the order of }{§ in- The pitch of the 
vanes can vary over a fairly wide limit, say from % to 1 in. or more, 
usually some 2^ to 3 times bucket pitch. Thus the details of the nozzle 
box and nozzles can be established. 

9. Conversion of Velocity to Work. —The elementary theory of the 
turbine, in which a stream of gas at high velocity impinges on a rotating 
wheel, is easily handled if some simplifying assumptions are made. It is 
as follows: 

Figure 113 gives a diagrammatic sketch of a typical impulse nozzle 
and wheel. By means of the figures already referred to, the weight 
flow and exit velocity from the nozzle, box can be determined. 

The direction of gas flow at exit is known as soon as the detail design 
of the nozzle is decided upon, as indicated in the previous paragraph. 
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Thus the line AB of Fig. 1136 can be drawn as a vector parallel 
and proportional to the gas at exit from the nozzle. This line represents 
the absolute velocity of the gas in magnitude and direction leaving the 
nozzle. 

The wheel is rotating with a velocity Vb in the direction of rotation 
as shown. Vb is usually taken as the velocity of the pitch line of the 
buckets, t.e., at its mean height. 


Nozzles 

_ L _ 



Wheel bucket 

(a) Nozzle box 


AD A 



(b) 

Fio. 113.—Velocity diagrams for an impulse turbine. 


If BC is drawn parallel and proportional to Vn, then AC represents 
the magnitude and direction of the gas relative to the blade. Thus the 
inlet angle 6 deg of the blade should be made equal to FCA, if the gas is 
to slide onto the blade without shock. In many cases, the blade is 
made symmetrical (for ease of manufacture); hence the gases will leave 
the blade at the same angle d deg on the exit edge. Making the sim¬ 
plifying assumption that there is no change of velocity in passing over 
the blade, it follows that CD represents the velocity of the leaving gas 
in both magnitude and direction relative to the blade. By adding to 
this the velocity of the wheel Vb , as represented by DE, the absolute 
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velocity V R at exit in both magnitude and direction is obtained, repre¬ 
sented by CE. 

The two velocity diagrams may also be plotted as shown in Fig. 113c, 
which simplifies the construction work required. Assuming that 1 lb 
of gas enters the wheel at absolute velocity F n fps and leaves with 
absolute velocity V R} 

VI 
20 
_ n 

2gJ 

K.E. at exit = ~ 

\ 

V 2 

= v R 
2 qJ 


K.E. at inlet = 


ft-lb per lb 
Btu per lb 
ft-lb per lb 
Btu per lb 


Thus, in passing through the buckets, there has been a change of 
kinetic energy given by 


AK.B. = ~ (FS - VI) 


Btu per lb flow 


Assuming no losses, this means that this energy has been transferred 
to the wheel during the passage of the gas over it. Thus the maximum, 
energy conversion possible is given by 

Work = -L (F^ - VI) Btu per lb flow (82) 
ZgJ 

and the efficiency of the turbine is 

(1/2 g J)(V* - VI) 


Vt 


(1/2 gJ)Vl 


_ VI - vi 

VI 

The work done can also be evaluated as follows: 

Force = rate of change of momentum 
dm 


(83) 


dt 


dv 


Momentum in direction of motion at entrance is 


Momentum at exit 


dm rr 

Mi * -rr V n COS a 
dt 

dm 
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Thus the total change of momentum in the direction of motion of the 
wheel as the gas passes through the wheel is 

Ail/ = ^ (F„ cos a + V« cos 0) 

If w = rate of flow in pounds per second, then 

11) 

AM = _ ( V n COh a + Vr cos 0) 

9 

Work done is force times distance; thus 


id 

W — — VuiV, COS a + VJ< cos fi) 

— ~~ (Y n co 8 a -f Vr cos f$) ft*lb per lb flow (84) 
From Fig. 1136, it is seen that 


CE cos 0 + ED = CD cos 8 

but ED = BC; thus 

CE cos 0 = CD cos 6 — CB 

Also 

AB cos a = CB + AC cos 6 

hence 

AB cos a + CE cos 0 = AC cos 8 + CD cos 8 
Vn cos a + Vr cos 0 = V a cos 8 + VA cos 8 
— 2 Va cos 8 


Thus 


W = 


Also, it may be written that 


2VbVa 

g 


cos 8 


Since 


II 

aq 

O 

CB 2 + CZ) 2 - 

2CB X 

CF cos 0 

ss 

cb 2 + 4 c 2 - 

2CB X 

A6 Y cos 8 

*** 

II 

VI+ V\- 2V„V a cos 

i (9 


4C cos 0 = 

= BC 


CE 1 

= CB 2 + .4C 2 

- 2CB 

X FC 


(85) 


( 86 ) 


The efficiency is a maximum when Vr is a minimum. It is seen 
that V R is minimum when CB X FC is a maximum. This occurs when 
CB = FC or Fb * Va cos 8 . 

When this condition exists, it also follows that 

FB = 2 CB 

= F« COS a 



224 SUPERCHARGING THE INTERNAL COMBUSTION ENGINE 


Therefore 


CB = V B » ^ cos a 


Thus, for maximum efficiency, 

Since 


V 

F * n 

b = ~2 cos a 


FB - 2 FC 
tan 6 = 2 tan a 


In an actual machine, it follows that, to a first approximation, the 
efficiency will be a maximum when Vb = V*/2, since a is small and cos a 
is almost equal to unity. Thus, when these} simplifying assumptions are 
used, the blade velocity should be approximately one-half the jet velocity. 
The ratio of wheel velocity to jet velocity is often called the velocity ratio. 
With this value for the velocity ratio, the efficiency becomes 

_ work on blades 
ri1 initial K.E. of jet 
_ 2 V B Va cos 0X2 g 

gvl 

but 

V n 

Vb = " 2 ^ cos a and 2 Va cos $ = V n COS a 
It follows that 

VI COS 2 a 

VT ~ n 

= cos 2 a f (87) 

10. Velocity of Whirl. —In Fig. 113c, where, for convenience, the velo¬ 
city diagrams are plotted on the same side of the line representing the 
bucket motion, consider the initial and final velocities V n and Vr. The 
total change of velocity in passing through the blade is represented by 
the line AD. In the case being considered, AD will be parallel to BC; 
however, in most actual turbines, because of losses in the blades, AD will 
be inclined to BC. In any case, the useful change of velocity in the 
direction of motion will be the projection of AD on to the line BC } 
the plane of motion of the wheel. This projection is generally called the 
velocity of whirl , say V w fps. It follows that 1 lb per sec of gas passing 
through the wheel suffers a change of velocity V w in the direction of 
motion; thus 

y 

Force on blades * — lb per lb of flow 
0 

Work done = 1 - ft-lb per sec 

Q 
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But 


F« = F„ cos a + Vr cos /J 
IF = ■— (F n COS a + Vr COS P) 


which agrees with Eq. (81). The velocity of whirl in all cases with or 
without losses will be represented by the projection OF shown in 
Fig. 113c. 

11. Efficiency.- The initial kinetic energy of the jet is given by 


Therefore 


K.E. = 


2 (i 


ft-lb 


Efficiency -q T = 


IV _ 2Fb(F„ cos a + F* cos /?) 

K_- FI 

2F*F„ 

f7 


a series of velocity diagrams are plotted as in Fig. 114 for varying 
values of V K with a constant jet velocity F„, a graph of the effect of the 



Fig. 114.—Velocity diagrams foi vaiying blade speeds without losses. 

ratio of blade speed to gas speed is obtained. Assume a gas speed of 
2,000 fps and that the blade speed varies from zero up, also that the 
angle a of the nozzle is 18 deg. 

In this case, if the blade speed is zero, the discharge from the bucket 
is BDq equal to the jet velocity AB and at 18 deg, and no work is done, 
since the wheel is stationary. With a wheel velocity of 200 fps repre¬ 
sented by BC y AC is the relative velocity to the blades, and, without 
losses, it follows that CD 200 is the exit velocity relative to the blade. 
Thus, with C as center and AC as radius, draw arc to locate D 2 00 on 
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line ADo parallel to CB. Then BD 2 qq is the absolute velocity of gas 
leaving the wheel, and AD 2 oo is the velocity of whirl. Repeat this con¬ 
struction for other wheel velocities and the following data (Table V) are 
obtained; a plot of the resultant efficiencies is shown in Fig. 115. 

With a gas velocity of 2,000 fps, the initial kinetic energy is 


K.E. 


2,OOP 2 

2 g 

62,200 1‘t-lb per lb flow 


Table V 


Blade speed, 
V*, fps 

Blade speed 

Gas speed 
velocity ratio 

Velocity of 
whirl, 
fps 

Work per lb 
gas W, 
sec 

Efficiency, 
per cent 

0 

0 

3,804 

0 

0 

200 

0.10 

3,392 

21,080 

33.8 

400 

0.20 

2,992 

37,150 

59.8 

600 

! 0.30 

2,592 

48,300 

77.7 

800 

0.40 

2,192 

54,400 

87.5 

1,000 

0.50 

1,812 

56,200 

90.4 

1,200 

0.60 

1,412 

52,600 

84.6 

1,400 

0.70 

1,012 

44,000 

70.8 

1,600 

0.80 

612 

30,800 

49.5 

1,800 

0.90 

212 

11,850 

! 19.6 

1,902 

1.00 

0 

0 

0 


It is seen that the best efficiency is obtained when the blade speed is 



0 020 0.40 0.60 080 1.00 


approximately one-half the jet speed. 
At this velocity ratio, it will be found 
that the absolute exit velocity CE 
will be in an axial direction; thus the 
lost velocity will be a minimum and 
equal to 

2,000 sin 18 deg = 619 fps 

In the case under discussion, where 
there were no losses, it follows that 
the difference between the initial and 
final kinetic energy of the jet is also 


Velocity Ratio- 


Blode Speed 
Jef Speed 


the work done. 

12. Impulse Turbine with Losses. 


Fig. i is. Efficiency versus velocity As has already been pointed out in the 

case of flow through nozzles, there are 


always some losses resulting from friction, eddies, etc., during the passage 
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of the gas over a blade. Thus the actual leaving velocity of the jet from 
the moving blade is reduced below that of the entering velocity. It follows 
that the relative velocity CD at the exit from the blade is no longer equal 
to V a = AC, the relative velocity at inlet, since some loss occurs because of 
the reasons given above. The ve¬ 
locity diagram for such a case is 
shown in Fig. 110. Let the rela¬ 
tive exit velocity be some fraction 
k of the relative inlet velocity; thus 


CD = kAC 
= kV A 

Then BD represents the absolute 
exit velocity with losses, in place 
of BD f , without losses. 

Loss of kinetic energy in passing through the wheel 

= ^ (Vl ~ VD 



ft-lb per lb 


However some of this has been lost because of friction and does not 
appear as work; hence 

Net work = energy supplied — energy rejected — energy loss 


Thus 


Energy loss in bucket = J- [V\ — (A*Fa) 2 ] 

Ig 


Net work = ^ V* - ~ F* 


2 9 


no ~ **) 


= -L (v 2 
2 


V 2 

n> - £ « 


k 1 ) 


and, for any given value of V n , this will be a maximum when 

VI - Fid - k 2 ) 

is a minimum. 

The total change of velocity in the direction of motion is the projection 
OF of AD on line BC and is again denoted by V w , the total velocity of 
whirl; hence net work is given also by 

VbVv 


Net work 


9 


ft-lb per lb of flow 


V w » Vn cos a + Vr cos fi 
= Va cos 6 + IcVa cos B 
* Va cos 0(1 + fc) 
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For moderate changes in the value of V a , k can be assumed to be a 
constant; thus 

V w = (1 + k) Va cos 6 fps 

\r . i (1 + k)V bVa cos 0 ~ 

Net work —-- it-lb per 11> flow 

<7 

If n is the velocity ratio or the ratio of blade speed to gas speed n = 
then 

(1 - k)nV n V A cos 6 


Net w ork == 


ti{ 1 + k) 

~~g 

?*,(! + k ) 


g 


g 

V n (V n cos a - Vb) 
F 2 (cos a — n) 


Efficiency = - 


net work 


initial kinetic energy 

w(l + k)Vl , w 2g 

= --- - (cos a - n) X ~ 

— 2(1 + k)(n)(c os a — n) 

Since k and a are constants, the efficiency is a maximum when 
dr)i 
dn 
drjT 


= 0 


m 


^ =2(1 + k) cos a — 47/(1 + k) = 0 or n = a 


Substituting this in Eq. (88), 


Vt i 


(1 + k ) cos 2 a 


This expression indicates that the maximum efficiency with losses is 
also obtained when a. is small; whereas (1 + k) is a maximum if the loss 
of velocity in passing through the blade is small, in w r hich case (1 + k) 
approaches 2, and the efficiency becomes cos 2 a as for the blade without 
losses. In practice, k may be expected to be some 0.87 to 0.92. 

It follows that the blade speed for maximum efficiency when losses 
occur approaches one-half, as in the case of the turbine wdthout losses. 
This is illustrated by the velocity diagrams shown in Fig. 117. The jet 
speed is again assumed to be 2,000 fps (as for the case without losses), 
but in this case the relative velocity leaving the blade is taken as 0.90 
of the relative entering velocity. Table VI gives the results of this 
analysis, and a graph of efficiency plotted against the ratio blade speed/gas 
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speed is given in Fig. 118. It is seen that the effect of friction is to reduce 
the maximum efficiency from 90.0 to 87.0 per cent. 



r \isi.K vi 



Blade speed, 

Belative velocity, fps 

Velocity of 

Net work, 


Blade 

(las speed 


_ 

whirl Vw, 

ft-lh per 

Efficiency 

speed, fps 

n 

At inlet 

At exit 

fps 

lb flow 

per cent 

0 

0 

2,000 

1 

1,800 

3,624 

1 

0 

0 

200 

0 10 

1,822 

1,640 

3,236 

20,070 

32.30 

400 

0 20 

1,628 

1,465 

2,864 ! 

35,590 

57 20 

000 

0 30 

1,448 

1,303 

2,488 

46,400 

74.60 

800 

0.40 

1,272 

1,145 

2,108 

52,400 

84.40 

1,000 

0 50 

1,100 

990 

1,736 

53,980 

86.80 

1,200 

0.60 

944 

850 

1,352 

50 410 

81.10 

i;400 

0.70 

800 

720 

968 

42,090 

67 80 

1,600 

0.80 

696 

626 

530 

26,360 

42.40 

1,800 

0.90 

632 

569 

208 

11,630 

18.75 

1,900 

0.95 

624 

562 

0 

0 

0 


13. TTng 3 mun etrir.nl Blade.—In the investigations so far conducted, 
it has been assumed that the blade is symmetrical about the plane of 
rotation of the "wheel. This is not absolutely necessary; the exit angle 
from the blade may be greater or less than that of the entering edge. Now 
examine the case where the inlet edge is at an angle 6 but the exit of the 
blade is at an angle d Also assume that there is a loss of relative 
velocity due to friction, as in the previous case, the leaving velocity being 
k times the entering relative velocity, as shown in Fig. 119. Then 





Fig. 118. —Efficiency versus velocity Fig. 119.— Velocity diagram for an 

ratio with losses. unsymmetrical blade. 


Thus, for any given values of k, 6, and 9 e , the term in the brackets can be 
considered constant, and then 


where 

If 

then 



But 
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- V A cos 0 ** F„ cos a — Fa 
= F„(cos a — n) 

Work = CnF "(c°s « - n) 

0 

Efficiency = — ^ a ~ w) X || 
= 2Cn(cos a — n) 
which, as in the last case, is a maximum when 


n 


cos a 
2 ~ 


C COS 2 a 
or =-2— 


the constant (7 being 


(i + i-'S'qA 

\ cos 6 ) 


instead of A'i = (1 + k) ior the sym¬ 


metrical blade. 

Thus, as before, improved efficiency results from reduction of a and 
from increase in the value of C. In this latter factor, k is more or less 
fixed, and little can be done to increase its magnitude. In addition, the 




Fig. 121.—Flow through moving blades. 


value of 0 is also fixed, by the geometry, in order to have shockless entry. 
It follows that increased efficiency can be obtained only by increasing 
cos 0„, i.c. } by reducing the angle 0, of the exit edge of the blade. But 
reducing 0. reduces the exit area from the blade, unless some additional 
height is given. This change of height is illustrated in Fig. 120, and 
it is seen that only a moderate change is possible. The jet of gas can 
be expanded slightly on leaving the nozzle so that it occupies a greater 
height ht at exit than the height h, at inlet. By this means, some small 
reduction of angle 0, below that of 0 at inlet can be obtained. 

14. Blade Passage. —The flow of gas through the blade can be repre¬ 
sented as in Fig. 121. Since there is no change of pressure or tempera¬ 
ture during the passage through the blade, it follows that the areq of the 
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passage should be constant. Thus the section usually employed is of 
the type shown. However, since there is some slight loss of velocity in 
passing over the blade, the exit should have a slightly increased passage 
area. 

In addition, the effect of the passage of high-velocity gas around the 
curve of the blade naturally produces a centrifugal force that results 
in a slight increase of pressure on the face of the blade and a reduction 
on the back face. Thus some small compression and reexpansion of the 
gas occurs during the passage through the blade. 

Few data are available on the flow of gases through blading. Prog¬ 
ress will be speeded up when the manufacturers freely interchange ideas, 
as is done in the automotive industry. However, in the absence of data 
obtained with gases, it is believed that some of the results obtained with 
high-temperature steam will not be too far from the mark. In this 
case, it is recommended that 

Blade width b = j to ^ 

4 0 


where l 
also 


thus 


length of blade 

b — 2r cos 0 

r = radius of back of blade 

Pitch of blade = ^ - T _ 

2 sin 0 


Pitch — 


b 

2 sin 2 0 


(Fig. 121) 


The outlet angle of the blade 0 t must be such that the required area 
for flow is obtained. 

Let t — thickness of outlet edge of blade 
- 0.010 to 0.020 in. 
p = pitch of blade, in. 

1 = blade height, in. 

0 e = outlet angle 
n = number of blades 
w = weight of gas flowing per sec 
v = specific volume of gas 

b x = width of passage between blades (see Fig. 121) 
then 
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where T and P are the temperature and pressure of the gas leaving the 
nozzle 


but 

Thus 

and 


Area for flow = 


144m’ 

TFT 


111 wv 

W7 
e , 


nl(p sin 8 C — /) 

, , 1 / 144m . \ 

S,n V \nWV A + 7 


sq in. 


Area provided by blading = nlbi 

b i = p sin 9 e — t 
Passage area = nl(p sin d e — t ) 


The value for t in the above expression depends upon the casting or 
forging practice employed but could be assumed to be about 0.010 to 
0.020 in. for average turbosupercharger use. 

15. Stresses in Blades. —It is impossible at the 
present time to present this part of the picture in any 
great practical detail. However, the method of figur¬ 
ing the stress can be reduced to a fairly simple pro¬ 
cedure. 

Centrifugal Stress .—The blade is stressed to the 
maximum value at the root. If the blade is assumed 
of uniform constant cross section of a sq in. and if w 
is the weight per cubic inch of the material, then, as 
in Fig. 122, 

Centrifugal force of element dr at radius r in. = — 



wa dr 


12 g 


where c*> = angular velocity, radions per sec 
Thus the total load on blade at the root is given by 


But 

and 



- r 2 ) 


r j — r 2 = l 


the blade length 


r i + r 2 

2 


r m the mean radius of the blade 
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Hence 


L 


wau 2 


Ir , 


The section area of blade equals a sq in. 

Thus stress f c due to centrifugal force is given by 


Jc ^ ir m 

W ** N% 1 
12 g 60 lVm 
= 0.00000796 Ir JS[* 


lb 


(89) 


where N — rpm and w — 0.28 lb per cu in. for steel 

The above formula is for a blade of constant cross section. This 


( condition is, in general, seldom ful¬ 
filled even in the turbosuper- 
Area of hp -a f charger, where the blades are short 

and thus the centrifugal stress 
tends to be low. In most cases, 
an internal-combustion turbine 
of any kind has a wheel diameter 
and blade length of such propor¬ 
tions that it will be found that 
the stress due to centrifugal force 
alone can easily reach values of 
35,000 to 40,000 psi or higher if 
the blade section is uniform. 
These values are above those 
permissible with existing materi¬ 
als. In such cases, the cross sec¬ 
tion of the blade can be tapered 
from the root to the tip, thus removing unnecessary material and reduc¬ 
ing the total centrifugal force to a permissible value. 

Tapered Section Blades .—Assume that a blade is tapered uniformly 
from area a r sq in. at the root to a t sq in. at the tip as in Fig. 123. 

If r ( = radius at tip of blade 
K — radius at root of blade 
w » weight per cu in. 

Area at some intermediate section such as r in. is given by 



a * a r 


Or at 

r, - T r ) 


(i r - r T ) 
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Weight of element dr of blade is 


dw = w 


Centrifugal force on element 


Total centrifugal load on blade is given by 


!“j :r - *>]* 

^ - (t^;) (r _ rrl 


L ' L m [“■ - (^t) (r -’•->] * 

dr ~ (^?) ,= * + &t) dr 

_ W’oj 2 \ a r T 2 /a r — oAr 1 (a, — a A r’ 2 "| r ' 

“ W L"2~ -“* / 3 + \n^V r ) rr 2 J rr 


which reduces to 


V„ r. a r — a, / r, r 2 \1 
ft L Or \ 31 ^ 3r m Z/J 


and the stress at the root becomes 


. wuHr m f a T — at( r, r 2 \] . . . 

Stress at root = [l - ^ “ 3 ; + %rj) J P s > (9<) ) 

2 a*/a r , then 

>tress at blade root — ~~ Zr w j^l — ^1 + j psi (90a) 


If # = a*/a r , then 


Stress at blade root — lr m j^l-P s * (90a) 

Bending Stress .—In addition to the centrifugal force, there is a bend- 
ing moment due to the force acting on the blade. This force results 
from the total change of momentum in the direction of motion, i.e it 
is a result of the velocity of whirl V w . 


by Eq. ( 88 a), 


Force on blade - ^ V w - F 


F — ~V a cos 6 (1 + k lb per lb gas per sec 

g \ cos 0/ 


Thus, if w is the total weight flow in pounds per second and there 
ar© n blades, the- weight of gas flowing over each blade per second is 
w/n lb, and the total force on the blade is 


IP n ( ■* I 1 COS 0g 

- Va cos 6 [ 1 + k -- 
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This force can be considered to act at the mean blade height. Thus the 
bending moment at the root is 

B.M. = ~ V A cos 6 (l + k —j) (92) 

2 ng \ cos 6 / 

This produces a stress at the root given by the usual equation 

Qt , — bending moment __ . 
reSS modulus of section b 

The modulus of the section can be obtained by the use of the meth¬ 
ods given in any good text on strength of materials (such as Morley’s 
'‘Strength of Materials”)? and thus the stress due to bending can be 
obtained. The total stress at the root of the blade will thus be given 
by 

ft = fr + fb 

The magnitude of f t can be still further increased by the addition of 
stresses resulting from any vibration that may be set up. The reader is 
referred to a text on the subject of vibrations for details of its calculations. 

It should be remembered that, in operation, the temperature of the 
blade material reaches a possible 1200 to 1400°F. Under such condi¬ 
tions, the material, when subjected to stress, gradually creeps. Thus 
the life of the part depends upon the time required for sufficient change 
of dimensions to occur to make the unit useless. If the stress or tem¬ 
perature is held down, the life increases. The former can be done by 
design, and the latter is a function of the engine supplying the gas to the 
turbo and thus is outside the turbine designer’s control. It does appear 
possible with existing materials to allow the total stress to reach some 
22,000 to 27,000 psi and still secure satisfactory life for the purpose in 
view. New materials coming into use will probably extend the range. 

16. Stresses in Turbine Disk— The stresses produced in a rotating 
disk result from the centrifugal forces of the material from which it is 
made. This subject has been covered by various authorities in consider¬ 
able detail, and it is not proposed to repeat these data here, since this is 
purely a design problem.* 

In the above pages, the main items contributing to the operation of 
an exhaust-gas-driven turbine have been covered in a more or less ele¬ 
mentary fashion, but it is hoped that the material will lead to a better 

* The reader is referred to W.J, Kearton, “Steam Turbine Theory and Practice,” 
Pitman Publishing Corporation, New York; E.L. Robinson, Bursting Stresses of 
Turbine Discs, Trans. AS ME, 66 (July, 1944); W. Knight, “Stresses in Disc Wheels/* 
SAE paper (April, 1944); and many other useful articles. 
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understanding of the principles involved. The publication of up-to-date 
flow data, etc., is long overdue. 

17. Performance. —Data covering the performance figures of such 
equipment are also very scarce. However, it has been established that 
the ratio of wheel speed to jet speed is of fundamental importance in the 
efficient operation of a turbine, and the curves of Figs. 115 and 118 are 
shown plotted against this ratio. Hence the test data of a turbine are 



0.30 0.35 0.40 0.45 0.50 0.55 0.60 


Velocity Ratio W/y 0 

Fig. 124.—Efficiency versus velocity and pressure ratio. 

usually plotted in the manner shown in Fig. 124. If the machine is 
designed for efficient operation at a pressure ratio of say 3:1, then it is 
probable that its maximum efficiency will occur at this point, and the 
results obtained by tests will look approximately as shown, if the nozzle 
angles and blades remain fixed throughout the test. As the pressure 
ratio increases, the jet velocity increases, and an accompanying increase 
in wheel velocity should occur if the efficiency is to be maintained. 
However, increasing frictional losses accompany the increased velocity, 
and also an increasing weight flow if the back pressure is constant and 
Pe/Pa is below the critical. Hence the effective areas are insufficient for 
the new conditions, and the efficiency falls. Conversely, if the pressure 
ratio is reduced, a decrease in efficiency is to be expected, even if the 
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velocity ratio or ratio of blade speed to jet speed is maintained at its 
most efficient ratio by the use of constant nozzle dimensions. 

If the velocity ratio is varied, theory indicates that a reduction of 
efficiency is to be expected in any case. Thus the pressure ratio, effi¬ 
ciency, and velocity ratio would be related somewhat as shown in Fig. 
124. The velocity ratio for maximum efficiency is slightly less than 
0.5 when blade losses are considered. A value of 0.45 would be closer 
to that value giving maximum efficiency in most practical cases. 

The efficiency curve illustrated represents the ratio of the actual 
power delivered to the theoretical power available for the same pressure 
ratio. 

In the case of the turbosupercharger, the power available is far higher 
than that required to drive the supercharger; hence maximum efficiency 
need not be aimed at. Some sacrifices in efficiency are usually made to 
permit simplification, ease of construction, and operation over a wide 
range of flow. The over-all efficiency to be expected from such equip¬ 
ment is probably of the order of 60 to 65 per cent maximum. By careful 
design, this could be increased (when necessary) to 75 or 80 per cent 
and perhaps slightly higher. 



CHAPTER XI 

THE AXIAL-FLOW COMPRESSOR 


The common form of supercharger, the centrifugal, takes air in 
axially and discharges it radially. It is well known that sudden and 
sharp changes of direction of air are not conducive to efficiency. Fur¬ 
thermore, the air flow through the centrifugal compressor cannot help 



but be quite turbulent. These handicaps have resulted in the develop¬ 
ment of another type of rotating machine, the axial-flow compressor. 
These machines have resulted from the aerodynamic work on propellers 
for aircraft and the theory developed for them. A propeller has effi¬ 
ciencies of 80 to 85 per cent, and it is difficult to make one less than 
say 70 per cent efficient. Hence it follows that, if this principle is 
applied to a compressor, a corresponding efficiency should be obtained. 

As will be seen, there are rather definite limitations to this design, 
and thus it is not generally used as a supercharger for aircraft engines. 
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However, the advent of the internal-combustion turbine and the jet- 
propelled plane has directed general attention to this form of compressor. 
It is considered, therefore, that a few of the fundamental principles of 
this form of compressor would not be out of place in this book. 

Unfortunately, the major developments on this machine have been 
in connection with the Second World War and many major develop¬ 
ments still cannot be made generally available at the present time. 

It can be stated that the main claim made for this type of compressor 
is a greatly increased adiabatic efficiency, values of 85 to 88 per cent 



Fig. 1256. —Allis-Chalmers gas turbine. 


and even higher being quoted. Against this must be set the disadvan¬ 
tages of a small pressure increase per stage and a tendency to possess a 
rather narrow useful range of flow without the occurrence of surging. 

Figure 125a and 1256 illustrates such a compressor as employed in a 
gas-turbine installation, the field in which this form of compressor is 
being employed. The shape of the blades and number of stages required 
can be observed. Figure 125a shows a section through both turbine 
and compressor. The compressor is seen to consist of several rings of 
blades attached to the inner rotating element, alternating with rings of 
stationary blades attached to the casing. The first ring of stationary 
blades are generally designed so that the air passing through them is 
directed axially along the compressor. The angle at which the rotating 
blades are set is such that the motion of the air over the blade is similar 
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to the flow over an airfoil, somewhat as shown in Fig. 126a. It follows 
that the theory of the airfoil can be applied to this type of machine. 

In the case of an airfoil, there are the well-known lift and drag coeffi¬ 
cients which depend upon the shape of the section of the foil. The sec¬ 
tion of an airfoil is not flat but has curved upper and lower surfaces, so 
designed that the air separates smoothly at the leading edge, joining again 
at the rear, with as little disturb¬ 
ance as possible, the flow com¬ 
monly being called streamlined. 

When the airfoil is set at a 
slight angle to the direction of air 
flow, called the angle of attack , as 
in Fig. 1266, there is a deflection 
of the air from its initial path, and, 
by Newton’s first law of motion, a 
force must exist to change the di¬ 
rection of motion of the air. The 
air over the top tends to leave the 
surface and travel in a straight 
line, whereas on the lower surface 
it is crowded together and pushes 
against the airfoil. The result of 
this is that the pressure distribu¬ 
tion over the surface of an airfoil 
is somewhat as shown in Fig. 

126c. It follows that the sum of 
all the forces on the wing is an 
upward force that supports the plane in flight. 

It is well known, however, that the motion of air over any surface is 
accompanied by friction. Thus there must be a force to move the air¬ 
foil in the direction of motion commonly called the drag . If the angle 
of attack is increased beyond a certain point, the air breaks away from 
the upper surface, turbulence is produced, and the lift of the wing is 
greatly reduced. The angle of attack at this point is called the critical 
angle of attack and is that at which maximum lift exists. This critical 
angle is near the breakdown point. 

If all the individual lift pressures and drags acting on the airfoil are 
added together, a resultant force is obtained. This single force is 
assumed to act through a definite point in the wing so located that the 
wing will behave the same as if all the individual forces were acting 
together; thus Fig. 127a represents the conditions existing during flight. 
In practice, this force is resolved into two forces; the lift acting vertically 


(O) 


Air flow past a blade element 
parallel to air motion 



Pressure distribution on a 
blade element 

Jhn,. 12(>. 
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upward, which must equal the weight of the plane for level flight; and 
the drag at right angles to the lift, which resists the motion of the plane. 
Thus the section that gives the greatest lift with the minimum drag is 
the most efficient. It is usual to represent these two forces in graphical 
form as in Fig. 127 h. 
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force 

Dracf forces j 


I Lift force 
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air flow 
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Fig. 127.—Forces acting on an airfoil. 

It can be shown that the lift of a wing is given by 


Lift = CiAp ~ (93) 

where Ci = lift coefficient 

A ~ area of surface, sq ft 
p = density of air, slugs per cu ft 
V = velocity of air, mph 
Similarly, the drag is given by 

Drag = C D Ap ^ (94) 

where Cd = drag coefficient 

The value of these coefficients can be determined for any wing section 
in a wind tunnel, and a plot of the lift and drag coefficients, as shown in 
Fig. 128, permits the evaluation of the lift and drag forces for any use 
of wing having the same section as the sample tested. 
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So much for airfoils as used in airplanes. Now the blade attached 
to the rotating element of the axial-flow fan is operating under similar 
conditions. The stationary guide 


blades coupled with the blade mo¬ 
tion direct the air to flow over the 
moving blades at some angle of 
attack. As a result, there is a 
resultant force acting on the blade 
which can be resolved into a force 
in the axial direction and one in 
the direction of motion of the 
blade. 

Figures 129a and 1296 indicate 
the case of flow over a moving 
blade, Fig. 129a, in which the air 
flows axially at entrance to the 
blade, is given a velocity of whirl 
in, passing through the blade and 
is then straightened out by guide 
vanes behind the blades. Figure 1296 shows the case where the air enters 
with whirl, induced by guide vanes before the fan, and leaves axially. 

the 



Fia 128—Typical lift and drag coefficients 
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The determination of 
forces, pressure rise, etc., in an 
axial fan are set out in “Theore¬ 
tical Determination of Axial Fan 
Performance” by E. Struve, * from 
which most of the following has 
been extracted. 

1. Forces on a Blade Element. 
The forces acting on a given radial 
element dr of a blade enclosed by 
radii tt and r 2 are determined by 
the direction and flow at the ele¬ 
ment; these forces can be con¬ 
sidered as identical with those 
arising at a wing element of the 
same profile, situated in a plane 
parallel to the flow of air. 

FJow over an element of blade is considered as shown in Fig. 130. 
The element is contained between two cylindrical surfaces, and the blade 
is considered of constant width 6 over the element contained between the 
* Central A ero-hydrodynamical Institute Rept. 295, Moscow 
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two radii and is considered to behave as having a velocity equal to the 
rms of the two radii r m , where 


- t L±Jj 

_ V 2 


V lfps 


Air entering the 


The velocity of the element is 

•\\w\w 

*/? 


moving blade 


Mohon of w / / 
moving blade v b fps / 


Stationary 

blade 


Air leaving the 
moving blade 


Air heaving the 
stationary blade 


WWW 


Fig. 1296. 


V = wr m . In the case where the air 
entering the blade is flowing axi¬ 
ally, with the relative velocity of 
the air making an angle of attack 
with the blade element, the ve¬ 
locity vector diagram will be as 
shown in Fig. 13 la, 
where F& = blade velocity at 
mean radius under 
consideration, fps 
V a = axial velocity at en¬ 
trance, fps 

Vr = velocity of the air rel¬ 
ative to the blade of 
the section under 
consideration, fps 
On leaving the blade, the air 
has been given a velocity of whirl by the action of the blade, thus chang¬ 
ing the direction of flow, while the 
axial velocity V a is constant since 
mass flow at any section is con¬ 
stant. This results in a decrease 
in the magnitude of the relative 
velocity V R , at exit, as shown by 
the vector diagram at that point 
(see Fig. 1316), 

where V w — velocity of whirl, fps 
Vz = absolute velocity at 
exit, fps 

Vrs = velocity relative to 
blade, fps 

If different sections of the 
blade are considered at varying 
radii from the axis, it is obvious 
that the value of the blade velocity 
V b increases with the radius. It 
follows that, for a given axial velocity V a , 


b fps 




the blade angle $ must change 
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with the radius to maintain the same angle of attack a. Thus it is 
necessary to plot vector diagrams for a number of blade elements at 
different radii. 

The forces on the blade, as outlined for the airfoil, depend upon the 
change of momentum of the flow through the blade and result from the 
relative-velocity decrease. This decrease of velocity must be accom¬ 
panied by an increase in pressure according to Bernoulli’s equation. 

Applying the momentum equation to the mass flowing over each blade 



fri«. VAX. Velocity diagrams of a blade element 


element, viz., change of momentum of mass flowing per second is equal 
to the force applied, the relations between the velocities and pressures 
can be established, as follows: 

Consider one blade as shown in Fig. 132. Since there is no change 
of area axially, and flow is constant at all points, the axial velocity is 



constant. Thus there is no change of momentum in the axial direction. 
The change of momentum occurs in the tangential direction. 

If n is the number of blades, then the distance between blades in a 
plane at right angles to the axis at radius r m is 2rr m /n and, if dr is the 
radial width of the element under consideration, the weight of air flowing 
over one blade, if the absolute inlet velocity is axial, is 
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dw 


volume X density 

t r 2irr tn 7 

V a dr p 


n 


lb 


p = density of air at entrance 
F a = axial velocity (absolute) 


lb per cu ft 
fps 

Therefore, the tangential momentum relative to the blade at entrance is 


Momentum = mass X tangential velocity 

= V a — dr £ V b 
n g 

At exit, the air has been given a tangential velocity F u ,; thus the 
tangential velocity relative to the blade at exit is (V h — V v ), and the 
momentum at exit is 

Momentum = V a dr - (V b — F„) 
n g 


The increase in momentum in the direction of rotation is equal to the 
force Ft of Fig. 132 on the blade. 


Fr = V a — dr £ [Vi - (V b - V w )] 

7i g 

- — P - V a v w dr (95) 

n g 

For convenience, the term r m /n) V w , which is a measure of the 
rotation of flow behind a blade element, has been given the name of 
the circulation and will be represented by r. Then 


Ft = - V a dr r (96) 

9 

The force F a along the axis must be due to the difference in pressure 
ahead of and behind the blade; since, as already shown, the axial velocity 
through the blade is constant, and thus there is no change of momentum 
in this direction. 

2. Pressure Produced by Blade. —Applying Bernoulli’s equation to 
the relative velocities before and after the blade, 

F 2 F 2 

p ' + ’T,- P ' + ’^ 

Thus the pressure head produced by the blade element is 


But 


p* - -Pi - £ cn - y%.) 

— P psf 

V% = VI + V\ 
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and 

v%, = (n - F .) 2 + K* 

Therefore, 

r.iv, (p. - (97) 

This pressure difference exists over the area (2wr m /n) dr . Thus the force 
must be given by 



Thus the relation between the velocity components and the aero¬ 
dynamic forces is given by Eqs. (96) and (98). The magnitude of com¬ 
ponents Ft and F a enable the resultant pressure R on the blade to be 
determined and also the equivalent resultant velocity V Ri as in Fig. 132, 
where Vr 2 is the equivalent air velocity acting on the blade element as 
in a wind tunnel that produces the above forces. F T and F a are propor¬ 
tional to V a and V b — (V w /2). The rectangles of Fig. 132 show that R 
is given by 

R = VW+ F\ 

= ZtVh dr 
9 

The velocity V Ri gives the direction of the effective approach angle 
ft of the flow to the blade, and thus the vector diagram Fig. 131c shows 
the equivalent condition for the forces on the blade. 

3. Work Required. —The work required to give the pressure head 
and the volume flow desired is the product of the force and the velocity 
of displacement. The force in the direction of motion is Ft lb, and the 
velocity is the blade velocity at r m = V b fps. 

Work = Ft X V b 

VaVw dr Vh ft * lb Per 860 

Since in this expression (2 tt^/u) dr is the area of flow handled by one 
blade, ( 2wr m /n ) dr V a represents the volume of air flowing through one 
blade per second. Let this be Q cu ft; then 

e - 7T~ r ‘ 

— ^ Vb — tan f$ t cu ft per blade 
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The work done per blade element thus becomes 


Work = - QV u Vb ft-lb per sec per blade (99) 

and the horsepower 

HP = bi(Tq QVwVb PCf bkde 

If all the work done by a blade were converted into pressure head, 
producing a pressure head of P then 


Thus, by Eq. (99), 


Work = P m ax Q 



( 100 ) 


The actual head produced is given by Eq. (97), from which it is seen 
that the actual head produced is less than the maximum possible theo¬ 
retically. The loss arises from the rotational velocity V u given to the 
air at exit from the blade. By applying a guide vane behind the blade, 
it is possible to convert this kinetic head of rotation into pressure head. 

Thus the maximum pressure that can be produced by one stage, 
consisting of a ring of rotating blades and one ring of guide vanes is 


P— = - V„v b psf 

y 

In the above analysis, friction of the air on the blade has been neg¬ 
lected. Thus, in actual practice, pressures less than those indicated 
by the above equations will be obtained. 

The analysis outlined above is based on the general theory of mechan¬ 
ics familiar to all engineers; but, as already pointed out, there is a great 
similarly between the blade element and an airfoil and the theory of 
wings can therefore be applied to the fan blade. 

The advantage of this method of treatment is the inclusion of the 
effect of friction of the air flowing over the blade by the use of the coeffi¬ 
cient of drag. The coefficients of a blade section determined by wind- 
tunnel tests and applied to a compressor are as follows: The lifting force 
L lb can be combined with the drag force D lb to give a resultant R , 
acting at soipe angle to the direction of air flow, as in Fig. 127. These 
two forces are expressed in terms of the two dimensionless coefficients, 
lift coefficient Cl and drag coefficient C D , as defined by Eqs. (93) and 
(94), viz., 

Lift = r tp ~ bl lb 
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where b *= width or chord of blade 
l = length or span 

V = velocity of approach of the air relative to blade at entrance 

and 

])ra & = C I} p^bl lb 

In the case of a fan blade, the interest is in the forces in an axial and 
tangential direction, i.c., along OF and OA of Fig. 132. Denote the 
coefficients in these directions by (\ and C T , the axial and tangential 
directions, respectively. The forces F A and Ft in these directions are 
obviously the projections of the lift and drag components in the tan¬ 
gential and axial directions. It also follows that the coefficients C A and 
C T are also related to the projections of the lift and drag coefficients C L 
and Cd . 

Considering Fig. 132 and the fact that the projection of the resultant 
in any direction is equal to the algebraic sum of the projections of the 
components, then 

<\p hi = C L p hi cos EOF - C„p t- hi cos AO 11 


But angle EOF and BOA = (3; thus the axial coefficient is given by 

V A = Ci cos j3 - C„ sin (I (101) 

Similarly, the tangential coefficient is 

C T = C h sin (3 + Cn cos (102) 

With the aid of Kqs. (101) and (102), it is possible to convert the 
lift and drag coefficient of any airfoil section, as obtained by v ind-tunnel 
tests, into axial and tangential coefficients of the same section used as a 
fan. 

The lift and drag coefficients so far considered apply to a single air¬ 
foil in an infinite stream of air in which the velocity and direction are 
the same both upstream and downstream of the airfoil. An axial com¬ 
pressor, however, is equivalent to a series of airfoils relatively close 
together extending across the whole stream and thus will deflect the 
stream as a whole, changing the above conditions somewhat. 

Let Fig. 133 represent a series of airfoil sections called a cascade. 
These can be considered as an element of the blades at any given radius 
having a velocity of V B fps in the direction shown.* Then, if the axial 

* O’Brien, M., and R. Folsom, “The Design of Propeller Pumps and Fans,” 
University of California Press, Berkeley. 
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Fr-Jnb dr F„(F W , - F Wo ) 
w 

= - nb dr V a V w (103) 

However, this force F T can be considered as being produced by some 
mean relative velocity V m acting at some angle /3 deg to the direction 
of motion resulting in some angle of attack a deg to the blade. Thus, 
considering the resultant lift and drag on the element of blade, 

F r = nR dr sin (0 + X) (104) 

where R = resultant force on blade per ft 
X deg = angle of R to lift force 

If H is the head produced by the blades and h is loss of head due to 
drag, it follows that the work done in moving the blades must appear as 
work done on the air plus work against friction; thus 

W = FV b 

= wn dr pV a (H + h ) (105) 

If H t is the equivalent total head, then 

Hr = H + h (106) 

and, from Eqs. (103), (105), and (106), 

Fr = — (F W1 - F w „) (107) 

Q 


From Eqs. (104), (105), and (106), 

VbR sin (13 — X) 


H t - 


WpV a 


(108) 


The net energy per unit weight added to the fluid by the blades is 
given by Bernoulli’s equation, 

Po , 7 ,V$ P l 7 VI 

+ Z°+ _ + //__ +z i + _ 


w 


H = 


-jL. +z ,_ Zs+ n^i 

w ig 

Since F„ is constant at inlet and exit, this becomes 


H = 


w 


2 g 


(109) 


In most cases, the change of potential head Zi — Z o is zero, and it 
follows that [(Pi — Po)/w)wp is the resultant force on one blade along 
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the axis of the machine per unit length of blade. Therefore, 
( ^ l ~ Po + Z 0 - wp = R cos 08 - X) 

Loss in passing over blade based on mean velocity V m is 

wn dr pV a h = n dr DV m 
where D = drag force, lb per ft of blade. Thus 


wpVj 

Substitution of Eqs. (108) to (111), and (H)3) and (104) results in 


~ sin {0 + X) = cos (0 + X) + sin {0 4- X) + ^ sin X 


(Tu,, - V Wn )/2\ , 


sin (0 — X) - cos {0 — X) + 


This equation is satisfied only if 

cot d = - " ~ y + 3 ( 113 ) 

V a 

To examine this condition, draw the inlet- and outlet-velocity dia¬ 
grams, as shown in Fig. 134. Then it can be seen that 


v Wi + y wo 


- FH 


It follows that 


T ( ^'*’1 "P ^ W'o l tfT\ 
* - ^- 2 - ) = KD 


i.e ., the airfoil, when it deflects the flow through an angle, behaves as if 
it were subjected to an air flow at an angle 0 deg and having a velocity 
equal in magnitude to AK } the vectorial mean of the relative velocity 
at entering and leaving edges of foil. In other words, the lift and drag 
must be perpendicular and parallel to this mean angle 0 in order to 
develop the required head. This, of course, determines the mean angle 
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of attack of the air. Using this analysis, it has been shown that the use 
of a series of blades in a cascade gives results that approximate the lift 
and drag of a single airfoil quite closely, though some disagreement on 
this point seems to exist among various experts. This assumption of 


A 



Fig. 134.— Velocity diagram for an axial compressor. 


noninterference of the various blades is true, provided that they are not 
placed too close together, and this is often covered by placing some 
limit on what is known as the solidity, defined as 


nb 
~ 2 r m 


where n = number of blades 
b = chord of blades 

r m = mean radius of element under consideration 
It is seen that the solidity represents the ratio of the total chord of all 
the blades, if arranged to lie in the plane of rotation, to the circumference 
of the wheel at the radius under consideration. The value generally 
used for S is from about 0.9 to 1.2, most authorities recommending that 
it should not exceed 1.0, though recent work seems to indicate that even 
the 1.2 can be exceeded in some cases without too much loss. It should 
be noted that the solidity at the hub will be greatest. 

4. Pressure Produced.— Using Eq. (110) and assuming Zi - Z 0 = 0, 
as is generally the case, then, for an element of blade of width b and 
radial depth dr, 



wp dr — b dr 11 cos (0 + X) 


i.e., the net useful energy E u added to the air is given by 

E u = (Pi - Po)p dr V a ft-lb per sec , 
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The total energy input Er by the blade is the change of momentum in 
the tangential direction, which is the tangential force times the blade 
velocity 


Et 


but 


L 

and 

D 


Thus 


Er 


ppdrVaVwVB ft-lb per sec (114) 

[L cos (90 — 0) + D cos 0]V B 

V 2 

C Lpb dr -jjp 


C„ P b dr 


v • 

r m 


C i.pb dr ^ cos (90 - 0) + C D pb dr ^ cos 0 


F 2 


pb dr Ef VbCl sin 0 I 1 + ~ cot 0 


(j + g c ° t 0) 


] F b 


(115) 


If the blade efficiency is defined as the ratio of the total power input 
to the useful energy added to the air, then 



pV„Vb 

If the pressure produced per stage is 

AP = Pi — P 0 psf 

Then 

AP =* rjpV w VB psf (116) 

This, of course, assumes that the increase of the velocity of whirl V w 
added to«the air by the blades is recovered in the form of pressure by 
reducing the whirl velocity by means of a stationary set of blades behind 
the moving ones, i.e., Eq. (116) gives the total pressure rise for a complete 
stage consisting of one rotating and one stationary element. 

5. Losses. —The loss in the rotor results from the drag force. Using 
the mean velocity V m for the flow over the moving blade, the drag on 
the blade element is given by 

D = C Dg plfbdr lb 


Energy loss due to drag is equal to the work done against this force. 
Thus, if Elk ■= energy loss in rotor ; 
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Elr = DV- 


73 

= C DR pb dr •— 


ft-lb per sec 


The losses in the stator blades can be calculated as follows, using 
Fig. 135 for the flow (showing that the velocity of whirl V w imparted to 
the air by the rotor is removed in the stator), the velocity diagram being 

\V, Absolute velocity 
leaving rotor 


Vectorial mean a 
velocity V m , 

V ms V 


Stator 


Absolute velocity ' 
entering next sfa$ 



Fig. 135.—Velocity diagram of stator. 

ABC, and the absolute velocity V 2 leaving the stator being equal to, 
and in the same direction as, the entering velocity to the first rotor, 
viz., Vc. Thus the drag in the stator is 


and energy loss 


Da — CDap — 2 ~‘ 5 dr 


Eds - DV m , 

V s 

= C D3 pb dr 


Total loss in one stage = Elr + Els = E L 

pb dr , n _ _ T , 3 , n 


ft-lb per sec 


{CdrVI + CdsVI) 
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Thus the efficiency of the energy input to the air is given by 

_ Et “ El _ El 
V T r Wt 

CbhVi - cvn, 

C'VIV B sin (9[1 - (Cm/Cl) cot j8] 


In order to have a high efficiency at high lift, i.e., high pressure ratio 
per stage, the blades must be operated at an angle of attack near that 
giving the maximum value of C l /Cd but smaller than that giving the 
maximum value of C L . Stalling is just about to occur when Cl is a 
maximum; and, if the compressor were near this point, a slight change 
of flow would result in stall and surge. Examination of various blade 
profiles indicates that the lift/drag ratio can be about 17 to 20 : 1 . In this 
case, it should be noted that the term Cd/Cl cot 0 will be small since 
is usually near 45 deg. Thus, if the same Cl is used for rotor and stator, 
then the term for the stage efficiency can be written as 


r V* + V z 
C L V%V b sin p 


(118) 


Let the ratios between the various velocities be represented as 


F a = bV B 


Then 


and 


CVb 

V, = 

dV« V m = aV H 

and 

= V B yj 

lb 2 + ( 


= V B yj 


y/ C 2 _ 62 _ (A 

bV B 

v m 


k ** r 

b 


Vb 2 + [1 - Vc 2 -b 2 - (d/2)] 2 


V mi d\V B 


Thus, using these values, the blade efficiency can be evaluated. It 
will be found that the efficiency is a maximum when 0 = 45 deg. Thus, 
as far as is possible consistent with other requirements, the velocity dia¬ 
gram in Fig. 134 should be symmetrical about the axial velocity V a . 

One other loss of considerable importance has been neglected up to 
this point. This is the effect of clearance between the blade tips and the 
casings. An analysis of this is made in the report by E. Struve already 
referred to (see page 243). 
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If the relative clearance is defined as the ratio of the actual clearance 
to the blade height and 


C 

(\ 


= blade clearance, in. 

= relative clearance per cent 


n, _ 100C 

R r 2 ID - d) 


per cent 


where D and d are the casing and hub diameters, in. 

The effect of varying the relative clearance for a series of fans is 
shown by Mr. Struve to follow the graph of Fig. 136. The pressure is 
expressed as a percentage of the maximum obtained with zero clearance. 
This curve illustrates the importance of minimum clearance, since it is 
seen that there is a loss in pressure of about 10 per cent for a relative 
clearance of 1 per cent. 




Fig. 136.—Effect of varying clearance 
on head. 


Fig. 137. 


Thus, in designing for any desired pressure, the calculations should be 
made for some higher pressure to make allowance for clearance. Thus, if 
Pd is the designed pressure and Pr the required pressure, then 

Pn = Kl\ (119) 

where K = correction factor 

_ pressure for relat ive cle aranc e emp loyed 
' pressure for zero clearance 

The*approximate magnitude of K can be obtained from Fig. 136. 

6. Hub Friction. —In addition to the above, there is a loss due to the 
passage of the air over the hub. Experimental results* indicate that 
this can be given (in horsepower) by 

*The Power Expended in the Rotation of the Axial Fan Hub, Central Aero- 
hydrodynamical Institute. Tech . Note 120 (1930). 
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H P h„b = (l +3.9 £) (120) 

where Ch = experiment all}' determined coefficient 
p = density of air in stage 
co = angular velocity 
d — diameter of hub, mm 
/ = length of hub, mm 

Values of C H can be obtained from Fig. 137, where C H is plotted 
against the Reynolds number R, where 

u = j 

14.46 X 10~ 6 

7. Comparison with and without Friction.—If Eqs. (110) and (116) 
are compared, it is seen that the aerodynamic method, with its allowance 
for friction, based on flow over the blade results in a higher value for the 
velocity of whirl V w being required for any given compression ratio. 
Apart from this, the two formulas for the complete stage are identical 

It should be noted that, in the vector diagrams shown, the absolute 
inlet velocity has a component of whirl in the direction of rotation of the 
wheel. This results in a higher blade velocity in order to obtain the 
maximum allowable relative velocity across the blade. When found 
desirable, this velocity of approach can be made axial or even given a 
negative velocity of whirl, which will result in a lower speed of rotation. 

8. General.—So far the analysis has been based on an element of 
blade at a given radius where the blade velocity is Vb. This peripheral 
velocity varies with the radius, however, and thus the relative velocity 
V R across the blade also varies from the root to the tip. Since the velocity 
and pressure ahead of the blade are constant at all radii, it follows that a 
series of vector diagrams must be examined at different distances from the 
axis of rotation and the blade angle and angle of attack at each radius 
adjusted to obtain the desired results. 

On the outlet side of the moving blade, a rotational component V w 
has been given to the air. V w will depend on the radius of the point under 
consideration. This varying velocity of whirl can set up centrifugal forces 
that would result in cross flow between the layers at the back of the fan. 
It can be shown that no flow from one layer of air at any radius to another 
layer at some other radius will occur if the velocity of whirl V w is inversely 
proportional to the radius; or 


rVv — const. 

f'lVwi 888 *= t$V u , 3 


etc. 


021 ) 
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But 

Thus 


r 2 V bi 

v hl v V!l = v bi v UH = n ( y w , ( 


etc. 


etc. 


( 122 ) 


But, by Eq. (114), V bl V l0l1 etc., is proportional to the work done per 
pound of air, i.e ., the work added to the air passing at the hub must 
equal the work added at the blade tip. 

‘When the conditions for any one element of the blade (usually the 
tip) are established, the required V w for any other element can be obtained 
from Eq. (122). The axial velocity of approach V a will remain unchanged 
from the hub to the tip; and V b} the blade velocity, and V w , the velocity 
of whirl, will vary directly with the radius. Thus a series of velocity 
diagrams such as Fig. 134 can be drawn for enough elements along the 
length of the blade so that its gradually changing contour can be deter¬ 
mined and the angle of attack, lift coefficient, etc., obtained at all points 
for each stage of compression. 

If a stage is designed to meet the conditions of Eq. (122), it follows 
from Eq. (116) that the pressure produced at the hub for the complete 
stage will be equal to the pressure produced at the tip, and cross flow 
does not exist. The gas thus approaches the second stage in exactly the 
same way that it approached the first. 

However, Eq. (97) gives the pressure rise behind the rotating blades 
and before entering the stator. In this case, when rV w = constant, it is 
seen that the pressure at the hub is less than that at the tip of the blade. 
This difference in pressure is found to be balanced by the centrifugal forces 
due to the varying rotation at different radii. 

When the pressure for the total stage, and for the rotating blade only, 
is plotted against the radius, curves similar to those of Fig. 138 are 
obtained. The varying difference of pressure between the rear of the 
moving blade and the stator arises from the conversion of the kinetic 
energy of rotation, due to the varying value of V w with radius, into 
pressure by the blades of the stator. It can be concluded that 

1. The static pressure ahead of the blade is constant along the blade 
length. 

2. The relative velocity V R of the flow through the blade increases 
from the hub outward to the tip. 

3. The flow behind the moving blade possesses rotation, following the 
law « constant. 

4. As a result of 3, the pressure increases from the hub to the tip. 

5. The stator removes the rotation behind the moving blade and 
converts it into pressure head. 
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6. As a result of 5, the pressure behind the stator blades is constant 
from the hub to the tip. 



Pressure produced 

p-n-p-yu 

*pv w u 


_ 


P mox behind /he 


moving blade 
L{1 Pressure produced |=p.V w -(U-^) 
| behind rofor v ' 

[=T)pV w (U-^) 


Radius of blade 


Tip radius - 


Fig. 138.— Pressure behind rotating element. 


9. Design of Axial Compressor.—It can be assumed that, for any 
given application, the value of the pressure to be produced P psi and Q 
the quantity of flow in cubic feet per second, are known. On fixing the 
axial velocity V a , the area of the inlet stage of the compressor is found 
from 

Q = AV a cu ft per sec 

= jCD 2 - d 2 ) V a 

where A =* inlet area, sq ft 
D = tip diameter, ft 
d = hub diameter, ft 

Examination of Eq. (90) of Chap. X indicates the effect of blade length 
on the stress at the root; thus it is seen that difficulties due to stresses 
arise from long blades. In addition, V w has to vary with the distance from 
the axis of rotation; hence a long blade results in a large variation of V w . 
It is generally recommended that the ratio d/D should be > 0.5 in the 
case of a fan such as is used for cooling purposes; whereas, for a compressor 
where high pressure differences are required, this ratio should be at least 
0.7. 
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Again the axial velocity must not exceed some definite value if an 
efficient blade is required. What actually matters is the relative velocity 
Vr across the blade. Tests on airfoils have indicated that maximum 
efficiency is usually reached if the air flow to the wing is at a velocity of 
about 0.7 times the velocity of sound in the air at the temperature con¬ 
ditions existing. 

Again Eq. (116) shows that the pressure per stage depends on V B 
and V u . The limit for V B is the same as that for propeller blades, viz., 
about 0.85 to 0.95 of sonic velocity. This combination of circumstances 
results in V a being limited to a maximum of about 0.65F B whereas 
greater efficiency is possible if it can be kept down to 0.5 V B or less. 
However, the higher F„ is, the smaller the machine, and thus the lighter 
the weight. It must be remembered that sonic velocity changes with 
altitude and is given by 


Vs 


_kP 

Vf 


Since 


PV = wRT 


it follows that 


Vs = VkgRT 


(123) 


where Vs ~ velocity of sound in air 

k ~ ratio of specific heats for air = 1.403 
R = gas constant 
P = pressure psf 
p == density, slugs per cu ft 
T = temperature, °abs 

In other words, the velocity of sound depends upon the air temperature 
and thus reduces with altitude. It follows that selection of V a , V B) and 
V R depends upon the altitude at which the compressor is required to 
operate. Thus, from the above discussion, it is possible to select 
some values for V a and V and the magnitude of D and d can then be 
determined. 

The delivery pressure P is known, together with the atmospheric 
pressure P a for the desired altitude of operation. It follows that the 
total compression ratio r required is 


P 



At this point, some allowance for clearance should be made according to 
Eq. (119) and Fig. 136, and the designed compression ratio would become 

P/> 
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If the pressure ratio per stage is n, it follows that the relation between 
r D and r i is 

r„ - i? (124) 

where n = number of stages 

Present experience seems to indicate that the maximum value for r x 
per stage is of the order of 1.15 to 1.18.* Again Eq. (116) shows that, 
for given values of V a and V w and Vb , the compression ratio per stage 
reduces as the density p increases. Thus the ratio per stage will be a 
variable decreasing as the stage number increases. However, by the 
use of Eq. (124), the mean ratio per stage is 



In this equation, n should be determined to obtain r m somewhat less 
than the maximum values of R h viz., about 1.14 to 1.15. Thus the 
number of stages required can be estimated; and, using the maximum r x 
for the first stage and gradually reducing it to a value of about 1.12 to 
1.13 in the last stage, the value of V w for each stage can be obtained, at 
both the hub and the tip, from Eqs. (116) and (122), viz., 


and 


A P = tjpVwVb lb per sq ft 


rVw = const. 


r i 


P - AP 


P 


where r x = ratio in stage 

P = inlet pressure to stage 
AP = pressure increase in stage 

The value of p in slugs per cubic foot at each stage must be obtained. 
At inlet to the first stage, of course, it is known from the operating condi¬ 
tions to be fulfilled; whereas, at exit from the first stage, p can be obtained 
from the delivery pressure, which has just been found, and an estimated 
delivery temperature can be found from 


TViqV - 1) 
T,- T x 


where = adiabatic efficiency of stage 
Tx = inlet temperature 
r 2 = outlet temperature 
Ti = pressure ratio of stage 

The value of ij can be taken as the expected adiabatic efficiency of the 

* These values can be obtained in high-speed machines, but some reduction is 
necessary in slow speeds. 
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machine, viz., 80 to 87 per cent. Then, by the use of PV = wRT , p at 
any stage can be calculated. 

Thus it is possible to obtain V w at all points along the blade and at 
all stages, which permits of constructing the velocity diagrams at all 
points, from which all the blade angles for both rotor and stator at all 
radii can be obtained and the shape of the blades determined. 

By the use of Eq. (118), the theoretical efficiency of the flow can be 
obtained at all stages to see that it exceeds by some 3 or 4 per cent the 
expected over-all efficiency required, this allowance being necessary to 
allow for losses in the bearings, etc. 

10. Lift Coefficient. —To obtain the point on the lift-drag curve at 
which the blade, so designed, is operating, proceed as follows: The force 
on the rotating blades is as shown in Fig. 132. 

F t = L cos (90 — 0) + D cos 0 
= Chpb dr sin 0 ^1 + ^ cot 13 

As before, if ( C d /Cl ) cot /3 is neglected, 


Ft = C L pb dr ~ sin (3 


But, from eq. (114), 

Et — E tV b 

Therefore 

Ft = PV dr V a V u 

thus 

PV drV a Vw = C L pb dr ^ sin fi 

The blade pitch 

%cr 


v = — 

r n 

If the solidity 

~ nb b 

b ~ 2^ ~ p 

then 

F.F„ = ClS sin 0 


In the case of the stationary blades, F T is also give by 
Ft = pp dr V a V w 

Since the same change of momentum occurs as in the moving blades, the 
tangential force on the stator blades is also 
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Ft = L cos (90 - 0) + D cos 0 

n 

~ C L pb dr sin 0 


It follows that, for the stator, 


F 2 

V a V v « ClS sin 0 


(120) 


Thus by the use of Eqs. (125) and (126), the values of ClS for the 
rotor and stator at different radii can be obtained. Now, in general, Cl 
must be chosen at some point below the maximum lift coefficient to 
permit of flow change without stalling, as already pointed out. Of 
course, the greater the value of C L , the greater the pressure produced 
per stage. It appears that, for the average profile, the value of Cl 
should not exceed about 0.8 if some range of operation is desired. By 
assuming such a value, the magnitude of S is obtained, which should be 
within the limits given on page 253. If not, the values of V a , etc., can 
be adjusted until a satisfactory solidity ratio is obtained. 

Having obtained S, then the number of blades n can be calculated 
for any chord b. Where possible, the aspect ratio, i.e., the length of 
blade divided by the chord, should not be too small; otherwise end effects 
reach a serious magnitude. In the first stages, an aspect ratio of some 
3:1 or 4:1 can usually be employed; and, in the last stages, this may be 
reduced to as little as 1:1 or even less. 

11. Power Requirements. —Equation (114) gives the energy input 
by an element to the air in foot-pounds per second; it follows that the 
horsepower is 


Hp 


pp dr V a V w V B 
550 


and the total power required to drive the compressor is 

= jp dr V a V w V„ 


Hp 


550 


but, by Eq. (122), V u Vb is a constant for all elements, F„ is also a con¬ 
stant, and the integral of p dr is the annular area for flow; thus 

fpp dr V a = Q cu ft per sec 

where Q = volume flow 

Then the power required by any one stage of the compressor exclusive 
of bearing and hub friction is 

Hp - gjj 


(127) 
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The power added to the air is 

Up, 


QXAI> 

550 


where AjP = pressure difference produced by stage, psf 
Thus the stage efficiency is 

A P 

V P V u ,F fi 

In obtaining the power required to operate such a compressor having 
many stages, it is better to apply the principle of the change of enthalpy 
across the machine, as for the centrifugal compressor. The casing is 
somewhat larger in this case, and thus the heat loss will not be so low as 
for the centrifugal compressor; but, by lagging it, if necessary, sufficiently 
accurate results can be obtained. 

Thus, given an over-all adiabatic efficiency for this class of machine, 
Eqs. (30) and (53) apply, from which most of the required data can be 
calculated. Typical machines indicate that adiabatic efficiencies varying 
from 80 to 85 per cent can be obtained. 



CHAPTER XII 

THE SUPERCHARGED DIESEL CYCLE 

It is perhaps true that the spark-ignition gasoline Otto-cycle engine has 
had most attention as regards the problems of supercharging. Yet, today, 
the oil-engine cycle cannot be totally neglected. It is obvious that the 
theoretical studies already presented of the different forms of super¬ 
chargers are identical whether applied to an oil or to a gasoline engine. 
Thus no change need be incorporated in any of the supercharger equations 
given in earlier chapters except as may be necessary to allow for such 
variations as may occur in pressure ratio, etc. It follows that Eqs. 
(30), (31), and (36) still apply to all forms of chargers for the oil engine, 
and thus it is possible to obtain the delivery conditions in the manifold 
for any desired boost conditions. 

Of first importance is a study of the oil-engine cycles to form some 
idea of the possible effects upon engine operating conditions of supplying 
air under greater than atmospheric pressure. The two cycles of major 
interest are (1) the constant-pressure cycle and (2) the dual cycle. 

L Constant-pressure Cycle. —The first is represented in Fig. 139a, 
where air at a state of Pi, F x , T h represented by point 1, is supplied to 
the engine cylinder and compressed to point 2, where the condition is 
P 2 , F 2 , T<i at the end of the compression stroke. Then, starting while the 
piston is at TDC, fuel is supplied by the injection system at such a rate 
that the cylinder pressure is maintained constant during a portion of 
the expansion stroke until point 3 at a volume Fs is reached. This is 
followed by an adiabatic expansion to the initial volume, V\ at point 4. 

Any book on the oil engine will demonstrate that the above cycle has 
an efficiency given by 



where ij = cycle efficiency 

r = compression ratio 
Fi 

" V* 

d « cutoff ratio 

F s 

3SS i 

Vt 

k « ratio of specific heats 
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It is seen that this efficiency is unaffected by the magnitude of Pi, the 
inlet pressure, depending on the compression ratio r and the cutoff ratio 
d. It follows, therefore, in this ideal cycle, that supercharging has no 
direct effect upon efficiency. However, one important factor should be 
noted; i.e ., as Pi is increased with a constant value of r, the maximum 
pressure of the cycle, P 2 , will increase quite rapidly. This pressure P 2 



V V 

(c) (d) 

Fig. 139.—Theoretical diagrams of the constant-pressure cycle. 


decides to a great extent the general engine design and weight as well as 
the smoothness of operation. Hence it follows, in general, that some 
limit must be set on the magnitude of the maximum pressure. Alter¬ 
natively, for any given constant value of P 2 , the compression ratio must 
be reduced as the magnitude of the manifold pressure Pi increases. 
Since the efficiency depends upon the compression ratio, it follows that a 
reduction of efficiency is to be expected as the power output is increased, 
as the engine is increasingly supercharged, if a limitation in the magnitude 
of the maximum pressure is accepted. 

In order to obtain the net work of the cycle, the work of the super¬ 
charger must be included. In that case, the compressor work, as well 
as that of the suction and exhaust strokes, represented as in Fig. 139b, 
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must be allowed for, as with the gasoline cycle. Thus abed represents 
the work of the compressor; whereas, if the inlet manifold pressure P m 
exceeds the exhaust pressure P f1 there is a net positive pumping work of 
aecd. Thus the area ecb must be subtracted from the diagram area 
1-2-3-4 to obtain all the resultant engine output. 

If the air from the compressor should be passed through a heat 
exchanger to reduce its temperature and thus increase the charge weight 
in the engine cylinder, then the suction and exhaust strokes would be as 
shown in Fig. 139c. Here cf represents the reduction in volume of the 
charge due to the action of the cooler. The cooler cylinder charge 
increases the power output, since the cylinder will contain a greater 
weight of air for a given volume, permitting the combustion of an increased 
weight of fuel. However, the area efeb must be subtracted from the 
net positive power loop of the diagram. This area is greater than ebc 
of Fig. 1396; hence the efficiency must fall slightly with intercooling 
despite the power increases. 

If the compression and expansion curves are adiabatics, it follows 
that 

Work of compression (1-2) =--_ -. 

Work at constant pressure (2-3) = Pz(V* — V 2 ) 

w , , . n PzVi - P 4 V A 

Work of expansion (3-4) = --~~' 


p y. _ p y 

Area ebc = - P*(Y h - V e ) 

Area efeb = + P m {V f - V/) - P e (V b - V.) 

By the use of these expressions, the net work of the cycle for any given 
heat addition can be obtained. 

Casual examination will indicate that, for any given maximum pres¬ 
sure, the diesel cycle has good power possibilities, with its constant- 
pressure combustion; but this is accompanied by a decreasing efficiency 
as the power goes up. This disadvantage may not be too serious for 
aircraft applications, where, for short periods during take-off, a high 
power is demanded and a sacrifice in efficiency is of minor consequence, 
provided that a low weight per horsepower can be maintained, particu¬ 
larly so when this is accompanied by high efficiency when cruising at 
reduced power, permitting long range to be secured. 

The oil-engine cycle so far discussed provides for the supercharger to 
be driven directly off the engine by any suitable means. However, as 
in the case of the gasoline engine, the exhaust gases have a large energy 




THE SUPERCHARGED DIESEL CYCLE 


269 


content, if it can be made available. This energy content for the type 
of engine under discussion is reduced greatly over that of the spark- 
ignition engine because of the relatively high efficiency of the oil-engine 
cycle, as a result of which the average exhaust-gas temperature is reduced 
to 850 to 900°F, approximately, for a good unsupercharged four-stroke- 
cycle engine, increasing somewhat as the engine power is increased by 
supercharging, particularly if a richer mixture is used to secure maximum 
load for short-period operation. In order to be able to recover some of 
this heat in the form of work, it is necessary to provide for both a pressure 
and a temperature drop; the exhaust-gas temperature is sufficiently high 
to provide ample heat recovery, in the form of work, for most purposes if 
the exhaust back pressure can be increased to provide for a moderate 
pressure drop across the turbine without harmful effects on the engine. 

The calculations concerning this side of the problem can be solved 
in exactly the same manner as for the gasoline engine (see pages 195 to 
200), due allowance being made for the weaker mixture ratio and lower 
temperature resulting from the oil-engine cycle. However, it should be 
remembered that the cylinder contents during the compression stroke are 
air plus a very small percentage of exhaust gas because of the relatively 
small clearance volume of the oil engine compared with the gasoline 
engine. Thus the use of the physical properties of air alone would give 
a better interpretation of the compression stroke than any of the gas 
charts. The recently published “Thermodynamic Properties of Air,” 
by J.H. Keenan and J. Kaye,* can be used for this stroke without much 
error. After combustion, at full load, the charge consists of the burned 
gases resulting from a lean mixture with about 20 per cent excess air. 
This is seen to be weaker than the lean chart provided for the gasoline 
engine; however, new charts should soon be available covering this weak 
mixture, and a diesel-engine cycle could then be investigated in the same 
manner as shown in Chap. Ill for the gasoline engine. In the meantime, 
an approximation can be made by using the weakest gas chart 
available. 

The power available from the exhaust gas is figured exactly as out¬ 
lined in Chap. X and can be represented on the P-7 diagram as in Fig. 
139c?, where it is assumed that P €J the exhaust back pressure is greater 
than P m) the manifold pressure. Then 

Work of supercharger = area abed 
Possible work of turbine — area aihg 
Negative pumping loop = area dejg 

Thus the net output of the cycle is the sum of the power loop plus 

* John Wiley & Sons, Inc., New York, 1945. 
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the shaded area bcejfhi. The reduction of volume ce between the com¬ 
pressor discharge and the engine intake represents the cooling action of 
an intercooler placed between the two units. 

The net output given above would be that obtained, provided that 
the turbine was geared to the crankshaft so that the excess power (shown 
shaded) over that required by the supercharger can be added to the 
crankshaft. If a typical turbosupercharger arrangement were used, 
then, of course, the turbine power would supply the compressor load 
only, as in the case of the gasoline engine. 

The use of P-F diagrams such as those discussed will enable any par¬ 
ticular case of interest to be investigated on a theoretical basis. By 
using experimentally determined values of n in PF W , a close approxima¬ 
tion to the actual gains to be expected in any particular case can be made. 
Such an analysis has been made by C.B. Dicksee,* who examined the 
modern oil-engine cycle, as outlined below. 

2, The Dual Cycle.—The term dual applies to the manner in which 
combustion of the fuel occurs and has no effect upon the rest of the cycle; 
thus what has been said above regarding supercharger, pumping, or 
turbine work applies equally to this cycle. 

The change in the combustion process occurs because the fuel injec¬ 
tion is at such a rate that combustion near TDC is very fast, giving the 

effect of a constant-volume combus¬ 
tion of a portion of the charge. Con¬ 
stant-volume combustion continues 
until some desired maximum cylinder 
pressure is reached which is greater 
than the compression pressure; this 
peak pressure is then maintained 
approximately constant for the re¬ 
mainder of the burning period. 
Combustion is followed by adiabatic 
expansion as before. The cycle re¬ 
sults in a P-F diagram as in Fig. 140 
where 2-3 represents the constant- 
volume and 3-4 the constant-pressure 
portion of combustion. To this diagram can be added supercharger and 
pumping diagrams, as in Figs. 1396, c, and d as required. 

As a result of the analysis of such indicator diagrams, for various 
compression ratios, maximum cylinder pressures, and supercharging pres¬ 
sure, Mr, Dicksee obtained the results shown in Fig. 141. Here it is 
shown that, as the boost ratio, i.e., the ratio of the volume of the cylinder 

*Proc. Inst Automobile Engrs 36, 1-27 (1941-1942). 
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charge before and after the supercharger, is increased, the gross engine 
power increases at the expense of thermal efficiency. The boost ratio 
can be increased, for any given compression ratio, up to the point where 
the compression pressure equals the maximum cylinder pressure, when 
the diagram becomes the constant-pressure cyle of Fig. 139. It is seen 



Fia. 141.—Estimated performance of supercharged dual cycle. 


from Fig. 141 that, for a constant maximum pressure of 1,500 psi, the 
effect of compression ratio on power output is small, even in the unsuper¬ 
charged engine, and that this difference gets smaller as the engine is 
pressure-charged. However, there is a considerable gain in power for 
all compression ratios as supercharging increases. Furthermore, the 
effect of compression ratio upon efficiency reduces as the engine is super¬ 
charged until, at high boost, the efficiency can actually reduce as com¬ 
pression is increased. 
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Thus it was concluded that 

1. For optimum results, the highest engine compression ratio capable 
of developing the desired output should be used. 

2. The maximum cylinder pressure should be the highest that con¬ 
ditions will permit. 

The higher the pressure the lower the boost ratio required for a given 
output, and thus power losses in the blower are reduced. 



120'_1_I_1_I I_I_ 1.J 1 1_1_U LL-,L 

1.0 1.5 2.0 2.5 3.01.0 1.5 2.0 2.5 1.0 1.5 2.0 1.0 1.5 

Boost Ratio - Ratio of Volumes (V,/V 3 ) 


Fig. 142.—Performance data when fitted with supercharger having adiabatic efficiency of 

80 per cent. 


The results shown in Fig. 141 and the above conclusions apply only 
to the gross power output. When due allowance is made for the work 
absorbed by the supercharger, Mr. Dicksee obtains the curves of Figs. 
142 and 143. Figure 142 is the net brake performance that can be 
expected when the engine is fitted with a compression-type supercharger 
having an adiabatic efficiency of 80 per cent; and Fig. 143 is the perform¬ 
ance when the engine is fitted with a Roots-type supercharger, also 
having an 80 per cent efficiency. Converting the curves of Fig. 142 to 
a basis of total compression ratio, t.e., rr } the total compression ratio is 
equal to the product r B X r B , where r B is the engine compression ratio 
and r B the boost ratio of the blower, results in Fig. 144 


Fuel Consumption - Lb. per Sq. In. 
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Comparison of these figures will reveal that 

1. For a given maximum pressure, the lowest engine compression 
ratio results in the maximum power output. 

2. The maximum output for a given total compression ratio is obtained 
by employing the highest maximum cylinder pressure permissible. 

3. The highest fuel economy is obtained with the highest engine 
compression ratio. Thus some compromise with 1 must be made. In 



1.0 1.5 2.0 2.5 3.0 1.0 1.5 2.0 2.5 1.0 1.5 2.0 1.0 1.5 2.0 


Boost Ratio-Ratio of Volumes (V,/V 2 ) 


Fig. 143.—Performance data when fitted with a lloots-type supercharger having an 
adiabatic efficiency of 80 per cent. 


general, it is advantageous to use the highest ratio that will develop 
the power desired. However, at high supercharge, the difference in 
efficiency is small. 

4. The type and efficiency of the blower are of major importance 
when high output is desired. 

The above discussion represents what can be obtained from a study 
of a theoretical cycle. Unfortunately, the practical oil engine does not 
follow this theoretical cycle any too closely, not because of any errors in 
our thermodynamic processes but because of certain practical limitations 
concerned with the injection, distribution, and combustion of the fuel. 
An examination of these modifying effects will now be made. 

3. The Practical Dual Cycle. —The suction, compression, expansion 
after completion of combustion, and the exhaust strokes follow quite 
closely the assumed conditions in the above theoretical analysis. The 
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most important part of the cycle, as regards efficiency and power output, 
viz., the heat addition, however, does not necessarily subscribe to accurate 
treatment. This is due to the fact that, during this short period of the 
cycle, fuel must be supplied at some controlled rate, mixed with the 
oxygen in the cylinder, and burned completely. In a high-speed engine, 
this complete operation should occur in 0.004 sec or less; whereas, at 
300 rpm, the time would still be 0.03 sec or less. It follows that any 



Total Compression Ratio 

Fia. 144.—Performance versus total compression ratio. 


factor that affects this time period, by quite small intervals, can have a 
major effect upon the resulting combustion, e.g., the exhaust valve of a 
high-speed engine would open approximately 0.006 sec after the end of 
combustion; and it is readily seen that, for efficiency, a high expansion 
ratio is desired, and combustion must be completed before effective 
expansion begins; thus a delay of even 0.001 sec in completing combustion 
can affect the cycle adversely. 

Theory has indicated that a high compression ratio is desirable for 
good efficiency. Let this case be examined in some detail. 

A high ratio means a high temperatui^ at the end of compression, 
which results in rapid ignition of the fuel. It follows that, for a given 
maximum pressure , injection must begin later than with low compression; 
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as a result, it is quite easy to lose as much as 0.0002 sec, or 5 per cent 
of our total time, for injection, combustion, etc. On the other hand, a 
low compression will add 5 per cent or so to the time for this operation. 
True, the delay between injection and the beginning of combustion 
increases, resulting in some fraction of this 5 per cent grain being lost, 
but this is not a dead loss; in fact, it can be a distinct advantage, since 
fuel is being added continually by the injector during this interval and 
is being mixed with a greater percentage of the cylinder contents before 
combustion begins, improving the resultant combustion process. Thus 
it is normally expected that maximum power and efficiency are obtained 
from an engine employing a compression ratio less than the theoretical 
optimum, in most cases, the lowest ratio capable of firing the fuel under 
starting conditions; whereas, with ignition aids, it can be even lower with 
advantage. There is a limit to how low the ratio can go, however, as 
the ratio reduces the ignition lag increases, and it is possible to reach a 
state in which all the fuel is in the cylinder before combustion begins. 
This, or anything approaching it, is most undesirable, since it will result 
in complete loss of control of the combustion process, resulting in an 
extremely high rate of change of pressure as well as high cylinder pres-* 
sure. These effects result in increased engine weight for any given stress 
but, taken as a whole, may not be prohibitive by itself. The rapid rate 
of change of pressure, however, can be of serious moment; not only does 
the engine detonate, resulting in the familiar diesel knock but, under the 
conditions outlined above, the noise is quite distressing; of greater con¬ 
sequence, perhaps, are the deflections and shock to which the parts are 
subjected. The result is considerable increase in vibration, with result¬ 
ant failure of attached accessories, and the necessity of employing a 
higher grade of bearing alloy, as well as materials in general, than would 
otherwise be the case. All this adds to the resultant first cost of the 
engine, which is already high because of the cost of the injection system. 

It may be concluded that the theoretical oil-engine cycle is of only 
general help in analyzing this type of engine. The compression ratio is 
high; hence the change in efficiency with a moderate change of ratio is 
small even on the theoretical basis; and, since only about five-eights of 
this theoretical change can be obtained in practice, the effects of varying 
compression are generally negligible. Thus it follows that the practical 
engine behaves approximately as follows: 

1. For a given compression ratio and maximum cylinder pressure, the 
power output will increase with the degree of supercharging at the expense 
of an increase in fuel consumption. 

2. For a given compression ratio, increase of maximum cylinder pres¬ 
sure will help power output and efficiency. 
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The Reciprocating Steam Engine 


The piston valve. 

A piston valve may be considered as a slide valve coiled into cylindrical form 
about the axis of reciprocation (see Fig. 108). This coiling relieves the valve of 
unbalanced forces due to steam pressure, and, with inside admission, the gland 
is also removed from the h.p. steam, otherwise it does not possess any major 

Expansion Blocks 




Fig. 108. Section of pibton valve and a portion of steam cylinder. 


advantage over the slide valve. Reduced clearance and the fact that it cannot 
be lifted off its seat under undue compression caused by “linking up”, i.e. short¬ 
ening the stroke of the valve by moving the reversing link towards mid-position, 
as is done when locomotives coast downhill, favour its use on locomotives. 

The valve is difficult to keep steam tight and occupies considerable space. 
The Corliss valve.* 

If a slide valve were taken and coiled about an axis perpendicular to the axis 
of reciprocation we would virtually have a Corliss valve, except that only a 

* Corliss, an American, invented this valve in 1850; although ho was not brought up 
to engineering, or even connected with it, nevertheless ho had a flair for it. 
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portion of the original valve, and one port, could be used for controlling the 
admission of steam. This therefore necessitates the use of two admission valves 
and two exhaust valves per cylinder (see Fig. 109), these valves being operated 
by a wrist plate that is driven by a single eccentric. 



Advantages of the Corliss valve. 

(1) The use of independent steam and exhaust ports reduces condensation as 
well as the clearance volume. The quick and easily varied cut off is also conducive 
to great economy of steam. 

(2) The power to drive the valves is small because of the small angles through 
which they oscillate. 

(3) In horizontal engines the exhaust valves occupy the lowest position, so 
that cylinder drainage is almost perfect. 

(4) Separate steam and exhaust valves permit of independent adjustment of 
the points of admission, cut off and release. 
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The density of the fresh air at beginning of compression when super¬ 
charged will be 

(Pm ~ 1-0)144 
p ‘ 55.4 X (T m + 50) 

which allows a 1 lb pressure drop and a 50° temperature rise of the air 
on passing through the valve. 

Thus, for each pound of charge naturally aspirated, there will be 

™ X 1.026 lb charge 
P 

when in the supercharged condition. Thus the ratio of power outputs is 
given by 

1 026 ~ = I- 50 bhp + 0.1176 bhp + W e + pumping work , , 

p 1.1176 bhp ^ 

If w is the pound of air flow per hour for 1 bhp of the naturally aspi¬ 
rated engine, the weight flow for the supercharged engine will be 

uh — 1.026 w X bhp lb per hr 

By Eq. (52a), 

W c = wC P (T m - Ti) Btu 

where C P ~ 0.24 
T l = 530°R 

Thus W c in horsepower is given by 

nr mo a( pA x/ uu vx 0-24 (T m - 530) X 778 
W, - 1.026 ^ j » X bhp X - 60 x 33 |0 bo - 

- 0.0000909 (?) w X bhp(r. - 530) 

Pumping work is given by 

Wp = (j p m - P')(v, - f 2 ) x 33 0()0 

where P m - inlet-manifold pressure 

P, =» exhaust-manifold pressure 

If a volumetric efficiency of 0.85 is assumed, then the piston displacement 
of the unsupercharged engine, Fi — F 2 cu ft per hr, is given by 

r to X bhp XRTi 


144 


Vi 


0.85 P i 

w X bhp X 53.4 X 580 
0.85 X 13.7 X 144 
18.47 w X bhp 


cu ft per hr 
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Thus 

. w _ 18.47 X w X bhp X (P,„ - P e ) X 144 
P 33,000 X GO 

= 0.001344 w X bhp (P m — P e ) hp 

Substituting in Eq. (129), 


p* _ 
p 

1.411 + 0.0000846 ^ 

p ) w{Tm 


1.411 + 0.001172(P 

m - Pe) 


1 - 0.0000846 w(T„ 

- 530) 

But 




P. P. , 



. P R T. ' 

K PT“ 

Also, by 

Eq. (53), 



r __ 530 

\( p A° 


I rn 

TJT 


Thus 




580(P m - 1.0) 



13,7 (Tm + 50) 


13.7[530Ar[(Prn/i4.7) 02 « 6 - 1] + 580] 

1.411 + 0.001172(P W - P t ) 

1 - 0.0000846^(530Ar)[(Pm/14.7) 0 286 + 1] 


(130) 


where P m — required manifold pressure 
P e — exhaust back pressure 

tjt = adiabatic efficiency of supercharger employed 
w = assumed weight flow, lb per hr per bhp 
From this, P m can be obtained for any value of rj T and w. The average 
value for tjt can be assumed as 0.65 to 0.70 for positive-displacement 
blowers, and 0.70 to 0.75 for centrifugal blowers. Although w will be 
about 9 to 10 lb per hr bhp, the value of P m so obtained should check 
reasonably closely with the 25 psia originally assumed. Some small varia¬ 
tion from this value can be tolerated, since the original assumption affects 
only the change of volumetric efficiency in V 2 = 1.026 Fi; thus any error 
in the assumption makes only a small difference in the final result. 

The above equation could be expressed in general terms but would be 
somewhat more involved. 

5. Type of Supercharger. —Various types of superchargers were dis¬ 
cussed in Chaps. IV and V and their suitability or otherwise for the air¬ 
craft type of engine was considered. Any or all of these types can be 
employed in the oil engine, though some may be more suitable than others 
in certain cases. 

If only the present fields of applications of the oil engine are con- 
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sidered, the supercharger does not have to operate over very great altitude 
changes or at high boost pressures. These considerations affect the 
selection of the type and indicate that the selection should be made on 
the basis of factors other than efficiency alone. 

The operating characteristic of the engine is of great importance and 
must be balanced against the pressure characteristics of the supercharger. 
In an engine required to develop high torque over a wide range of speeds, 
this means maintenance of high cylinder charge over this range, which 



Fig. 145.—Roots—Conriersville blower used foi supercharging superior diesel engine. 
Engine has 14j^-inch bore by 20-inch stroke and was rated 1,200 bhp at 325 rpm. Engines 
used for propulsion power in the Type V-4 Maritime Commission vessel. 


requires almost constant manifold pressure at all speeds. To fulfill this 
condition, the air flow per revolution of the engine is approximately con¬ 
stant, and thus the supercharger should give almost constant flow per 
revolution, independent of speed at almost constant manifold pressure. 
This is a characteristic of positive-displacement Roots- or Lysholm-type 
compressors. The centrifugal compressor delivers a variable flow at a 
pressure that varies as the square of the impeller speed. It follows that, 
if at full speed the pressure produced is that desired for maximum output, 
then the manifold pressure at idling will be very low, and the engine 
output will be approximately that of an unsupercharged engine. If, as is 
generally the case for the aircraft engine, an oversized compressor is 
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fitted and throttled for full-speed operation, and opened wide at reduced 
speed, some of this disadvantage can be overcome at the expense of 
extra controls If the load characteristic of the engine suits the centrif¬ 
ugal compressor, i e , high power is required only at high speed, then this 
type of compressor will be superior to the displacement type m most 
cases It will also be well suited to a constant-speed engine such as a 
generator set Its disadvantage of a high sttp-up ratio involving high- 
grade gears would be of little moment except m the cheapest form of 



lio 146—Roots-tvpe supercharger applied to the Geneial Motors diesel engine 


engine The centrifugal compressor has even been used successfully 
for scavenging two-cycle oil engines 

An examination of current practice reveals that the positive-displace¬ 
ment compressor is the preferred selection for most of the small high¬ 
speed engines, except where a turbocharger is employed Figures 145 
and 146 show typical applications of the positive-displacement type 
Figure 145 shows a separately driven blower on a National Superior 
engine, and Fig. 146 is a scavenge blower for the General Motors two- 
cycle engine. Figure 147 shows the centrifugal blower fitted as a scavenge 
blower to a Continental sleeve-valve two-cycle engine. 
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6, Performance Characteristics. —The early part of this chapter was 
devoted to a theoretical examination of the supercharged oil-engine cycle. 
The results obtained from actual tests will now be considered. 

Perhaps the test results covering the widest range of pressure ratios 
available at the present time are the work of the NACA as covered by 
their Technical Notes 569 and 619. The former gives the results of sea- 
level boosting of a single-cylinder oil engine up to 20 in. Hg gauge. 
Figure 148 shows the ihp performance obtained at 2,000 rpm. It will 



Fig. 147.—Centrifugal-type scavenge blower, Continental Motors engine. 


be noted that considerable increase in maximum pressure resulted from 
the boosting, and the isolated points at 15 and 20 in., with further increase 
of maximum pressure, gave considerable increase in power and reduction 
of fuel consumption. 

Plotting the results on an axis of boost pressure for a constant fuel/air 
ratio gives Fig. 149, which reveals the considerable increase in compression 
pressure with supercharge, which is accompanied by a decrease in ignition 
lag, as shown by the decreased rate of pressure rise, a result of reduced 
lag. It follows that the engine will run much more smoothly when 
supercharged. By advance of the point of injection, the rate of pressure 
rise can be brought back to that of the unsupercharged engine; this will 
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be accompanied by increased pressures and power output together with 
improved fuel economy. Thus the maximum benefits of supercharging 
can be realized only by the use of higher cylinder pressures, as is the 
case with the gasoline engine. Some of the important conclusions drawn 
from these sea-level tests are 

1. Increasing the inlet pressure decreases the ignition lag and con¬ 
sequently the rate of pressure rise in the combustion chamber, giving a 
smoother engine. 



Fig. 148.— Test results for various manifold pressures. {Nat, Advisory Comm . Aeronaut. 

Tech. Note 569.) 

2. In order to obtain power in proportion to the boosted induction 
pressure, it is necessary that the maximum cylinder pressure be increased 
in proportion to the compression pressure. 

3, Indicated mep of 240 psi and fuel consumptions of 0.39 lb per ihp 
per hr have been obtained at 2,000 rpm and 20 in. Hg gauge. 

NACA Technical Note 619, referred to above, records the effect of 
altitude upon engine performance. Figure 150, taken from the report, 
is of interest, since it compares the loss of power of an unsupercharged 
gasoline engine with that of an oil engine with increase of altitude. 
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It is seen that the oil engine loses at a reduced rate compared with the 
spark-ignition engine. 
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Fig. 149.—Performance at constant fuel /air ratio. (Nat. Advisory Comm . .Aeronaut. ITec/?. 

Note 569.) 
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Fig. 150. —Effect of altitude on performance of an unsupercharged engine. 


When operating under boosted conditions, it was shown that the 
indicated mep developed varied almost directly with the air charge, which 
is that assumed in the calculations on pages 276 to 279. 
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Figures 151 and 152 show the performance on both a density and an 
air-charge-weight basis; it is seen that the charge-weight basis appears 
the better method of plotting the results, since this method corrects for 
the effect of clearance volume and volumetric efficiency. 



Inlet Air Density, Lb./Cu.Ft. 

Fig. 151.—Performance versus inlet air density. (Nat. Advisory Comm. Aeronaut. Tech. 

Note 019.) 
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Inlet Air, Lb., Cycle 

Fig. 152.—Performance versus inlet charge weight per cycle. (Nat. Advisory Comm. 

Aeronaut. Tech. Note 619.) 

Another point of interest in the tests under discussion is shown in 
Fig. 153, where the exhaust back pressure is varied for a constant inlet- 
manifold condition. This effect is of great importance when the applica¬ 
tion of an exhaust-gas-driven turbosupercharger is considered. 
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However, the curve shown is for constant maximum cylinder pressure; 
whereas, for optimum performance, it has been shown that maximum 
pressure should increase with the supercharge. When the maximum 
performance is required, as with the aircraft engine, no reason is seen 
why the maximum pressure cannot be increased up to at least values of 
about 1,500 psi, since such pressures are now common in the gasoline 
aircraft engine; the result would be some improvement in the results 
shown. 



10 12 14 16 18 20 22 24 26 28 30 32 34 36 


Back Pressure in Hg Absolute 

Fig. 163.—Effect on back pressure on engine performance. (Nat. Advisory Comm. Aero¬ 
naut. Tech . Note 619.) 

It should be pointed out that Fig. 153, showing the effect of back 
pressure, was obtained with a valve overlap of 68 deg, which permits 
considerable flow back from the exhaust manifold to the engine cylinder 
and inlet manifold. Where high exhaust back pressure is necessary, a 
smaller valve overlap would reduce to a great extent the power loss shown 
in these curves. 

As a result of these altitude tests, it was concluded that 

1. The altitude performance of an unsupercharged compression-igni¬ 
tion engine compared favorably with a carbureter engine, the low tem¬ 
peratures at altitude maintaining power. 

2. In the boosted region, the ihp varies directly with the weight of 
air charge in the engine cylinder. 

3. Varying back pressure in the exhaust pipe had a moderate effect 
upon engine power output. 

Against the improved power output, for little if any increase in 
specific fuel consumption, must be offset the increase in mechanical 
stresses of the running gear if, as is desirable, the maximum cylinder 
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pressure increases with the supercharger pressure. A typical analysis of 
crankpin and main-bearing loads was made by R. Pyles. * He concluded 
that, for a power increase of 50 per cent, the bearing loads changed as 
follows: 

1. The greatest change is in the load on the connecting rod and 
crankpin. 

2. The load on the center main bearing changed by a negligible 
amount. 

3. The mean bearing load in the supercharged engine is smaller than 
in the naturally aspirated one. 

In true fairness, it must be admitted that similar changes occur with 
supercharging the gasoline engine, except perhaps 3, which would prob¬ 
ably show a higher mean load. It seems that, as a result of this discussion, 
the satisfactory solution to the problems of supercharging the oil engine 
would tend to narrow the gap in weight per horsepower that exists today 
between the gasoline and the oil engine of the unsupercharged type, 
since the former engine increases its maximum to mean loading very 
rapidly compared with the latter. 

7. Turbocharging.—The picture of supercharging the oil-engine cycle 
would not be complete without some discussion of Buchi’s system of 
turbocharging. As pointed out in Chap. I, this system was one of the 
earliest attempts at supercharging the internal-combustion engine. 

The theory developed in Chap. X for the operation of a turbine indi¬ 
cated that a pressure drop was employed to generate a jet of fluid of 
liigh velocity to impinge on a w r heel and do work. In an} r form of com¬ 
bustion engine, the pressure in the engine cylinder w r hen the exhaust 
valve opens is quite high, usually some 60 to 80 psi or more, while the 
pressure in the exhaust manifold is approximately atmospheric. It 
follows that all the necessary conditions exist at the exhaust valve itself 
for the generation of a high-speed jet; in fact, the conditions are far 
superior there to those at the turbine nozzle. If it should prove possible, 
in practice, to convey this very-high-speed gas to a turbine wheel without 
too much loss, a high power recovery at the turbine wheel is possible 
without the power loss on the engine due to back pressure. 

In the normal engine, however, where a number of cylinders exhaust 
into the same manifold, these puffs of gas would overlap and interfere 
with each other; this interference is particularly detrimental during the 
valve-overlap period, when the scavenging operation occurs. Buchi’s 
system of supercharging is an application where an effort is made to 

* Diesel Supercharging—Its Effects on Design and Performance, SAE J., S3, 
21-5-224 (1938). 
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conserve the kinetic energy of the gas leaving the exhaust port and at the 
same time to eliminate interference between the columns of gas from the 
different cylinders. 

The principle of operation is to fit the engine with two or more exhaust 
pipes, connecting the cylinders to each pipe in such a way that no cylinder 
is experiencing its exhaust opening period, with its accompanying high 
velocity and pressure, while any other cylinder exhausting to the same 
pipe is on the valve-overlap period. For example, Fig. 154a indicates 


Conventional manifold 




the approximate pressure variations in the conventional single manifold 
of a six-cylinder engine. If this engine were fitted with two manifolds 
with three cylinders exhausting into each, the corresponding diagram in 
each branch would appear as shown in Fig. 1546. Typical valve timings 
have been added to the charts, and in a it is seen that the pressure in the 
exhaust pipe is high during the scavenge period of at least one cylinder. 
The result is that the intake-manifold pressure must be higher than the 
peak exhaust pressure if effective scavenging of the combustion space 
is desired. When the manifold is divided, it is seen that the scavenge 
period, i.e., the valve overlap, occurs during the low-pressure period in 
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the exhaust pipe, with the result that a much lower suction manifold 
pressure will adequately scavenge the engine cylinder of exhaust gases. 

The result of so dividing the manifold, plus careful design and con¬ 
struction, is adequate maintenance of the kinetic energy of the exhaust 
gases in the pipe to generate enough power to supply the supercharge 
pressure necessary for the engine operation without applying any exhaust 
back pressure, in the ideal case, to the engine. In practice, a small 
back pressure is necessary. To achieve best results, this construction 
should be accompanied by sufficient overlap of the inlet and exhaust 
valves to permit cleaning out of the exhaust gases from the clearance 
space at TDC and also to permit enough excess scavenage air to flow 
through the engine cylinder during this period so that considerable cooling 
action to both valves and pistons occurs, all having a very beneficial 
effect on engine operation. 

The use of Buchi's supercharging system is claimed to result in 

1. Increase in engine output for a given size and speed of approxi¬ 
mately 50 per cent. 

2. Specific fuel consumption is decreased at the supercharged output, 
being less than that of the unsupercharged engine. (As already pointed 
out, gear-driven superchargers generally result in an increase in specific 
fuel.) 

3. Since overloads result in greater exhaust-gas flow and temperature, 
the turbine speeds up, and thus the blower automatically provides 
increased inlet pressure to carry such overloads without as rapid an 
increase in fuel consumption and exhaust-gas temperature as occurs in 
unsupercharged engines. 

4. Operation of the turbocharger is automatic at all loads. Speed, 
quantity, and pressure of the air follow engine-load^ changes without any 
control devices. 

5. Because of the small weight increase caused by the addition of the 
charger, the weight of the installation per bhp is reduced materially. 

6. Less heat is carried away in the jacket cooling water for a given 
output, reducing the size and bulk of the equipment for dissipating heat. 

7. Considerable cold air flows into the exhaust manifold during the 
overlap period, reducing the exhaust-gas temperature to such a point 
that readily obtainable heat-resisting alloys can be used for the turbine 
blading. 

A typical arrangement of such a supercharger is shown in Fig. 155. 

In order to obtain the maximum benefit from this system, it is con¬ 
sidered that* 

*Stbwaet, J.P., R. Boyer, and J.W. Anderson, American Experience with 
Buchi Turbocharging, SAE September, 1941. 
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Fio. 165,—Application of Bucbi turbosupercharger to a diesel engine. 
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Fia. 157.—Comparison of various supercharging means. 
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Fia. 158.—Effect of sudden load applications to a turbocharged engine. 
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1. Proper valve timing must be used to permit adequate scavenging. 
The exhaust valve must have relieved the cylinder pressure at the time 
the intake opens to permit air to flow through the engine cylinder. 

2. Cylinder-head passages and valves must be adequate for the 
increased flow without excessive pressure drop. 

3. Adjustment to fuel spray and combustion chamber must be made 
to permit the extra fuel supply to be burned efficiently. 

4. Exhaust manifolds should be as straight and short as possible to 
utilize the energy of the gases to maximum advantage. 
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Fia. 159.—Starting characterises of a turbocharged engine. 


Typical operating-performance curves for Buchi’s system are shown 
in Fig. 156, and the various steps of the development are shown in Fig. 
157, where it is of interest to compare the curves D and E showing the 
difference in fuel consumption between a gear-driven and Buchi's turbo* 
driven supercharger. In Table VII is a comparison of the heat balance 
data before and after applying a Buchi’s charger to a Cooper-Bessemer 
engine. It is seen that a general improvement in all respects was 
achieved. 

The question of the response of the turbine to sudden changes of 
load is often raised. An actual test on an installation is shown in Fig. 
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Table VII 


Brake raep, psi. 

Heat input to engine, per cent. 

Heat to useful work, per cent. 

Heat loss to cooling water, per cent. 

Heat loss to oil, per cent. 

Heat loss to exhaust, per cent. 

Heat to radiation and unaccounted for, per cent 


158, where, with the engine and generator running at lull speed and no 
load, full load was suddenly applied by means of a circuit breaker. The 
results indicate that the engine had settled at full load in about 2 sec 




; 
















Fig. 160.—Elliott-Buchi turbocharger. 

from the time of application, though it took somewhat longer for the 
turbine to reach full speed. Another test of interest is a starting test 
shown in Fig. 159, where a start from the complete shutdown condition 
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was made, the engine fired in about 2 sec, the blower having accelerated 
to about 4,000 rpm in this interval by the action of the starting air 



Full speed was attained in 6 sec 
and full load in 14.7 sec, most of 
this lag beyond the 6 sec being due 
to the time taken by the generator 
to build up the field to produce the 
full voltage. 

Typical designs of the turbine 
rotor and casings are illustrated in 
Figs. 160 and 161, and the appli¬ 
cation to a Cooper-Bessemer en¬ 
gine is shown in Fig. 162. 

8. Free-piston Engine.—The 
above t\pe of turbosupercharger 
is of course limited to rather low 


rio 161 —Impeller of Elliott-Buchi turbo- 
chaxgei 


manifold pressures, since it is 
mainly by the use of the kinetic 


energy of the exhaust gas that operation is secured. It is true that 


little if any loss of power occurs in the prime mover, since practically 
no back pressure is applied to the exhaust manifolds. This scheme 



* *• j* 

Fi©. 162.—Turbocharger applied to a Cooper-Bessemer engine. 


provides an efficient means of obtaining sufficient power from the 
engine exhaust to supply an additional 50 per cent, approximately, of 
air to the engine cylinder. If it is necessary to increase the engine output 
above that represented by this 50 per cent extra air, it becomes necessary 
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to increase the pressure drop across the turbine in order to obtain the 
increased power to drive the supercharger, in which case some power 
reduction of the main engine is to be expected. Alternatively, if the aim 
is that of securing maximum fuel economy, it is preferable to sacrifice 
some output from the engine, due to increase of back pressure, in order 
to recover more than this loss in an exhaust-gas turbine giving an 
improved over-all efficiency. This, in effect, results in a compound 
engine, a reciprocating unit to handle the high-pressure low-specific- 
volume gas, and a rotary machine to handle the low-pressure high- 
specific-volume medium. It follows that, as the back pressure on the 
engine is increased, the supercharger pressure must also increase if effi- 
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Fio. 163.' High-presume supei <*barging. 

cient scavenging of the clearance space is to be secured; thus, high- 
pressure supercharging results. 

Sulzer Bros., of Winterthur, Switzerland, have published some inter¬ 
esting results with various two-cycle engines supercharged to high pres¬ 
sures in their Technical Review of Dec. 31, 1941, from which the following 
is taken. It was found that, by regulating the fuel supply at all times 
to maintain efficient combustion and heat flows through pistons, cylinder 
heads, etc., that could be handled for long periods without damage to 
the parts, the power output as represented by the mep increased rapidly 
(from about 95 to 185 psi) as the supercharge was increased from 1 to 
2 atm pressure. A further increase in supercharge pressure to 3 atm, 
however, only increased the mean pressure a further 45 psi (partly due 
to the limitation on heat flow mentioned above); whereas increase in 
charging to 6 atm (about 85 psi) resulted in an output of 255 psi, under 
the above limiting conditions. A typical performance curve of a Sulzer 
opposed-piston engine operating on the propeller law under these high 
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supercharge conditions is given in Fig. 163. An engine of 122 mm bore 
and 150 mm stroke operating at 1,500 to 2,400 rpm on the two-stroke 
cycle developed mep of 175, 220, and 275 psi at 29.5, 44, and 88 psia 
supercharge pressure. 

It follows that, as the scavenge pressure increases, the engine dis¬ 
placement for a given weight flow decreases, i.e., bore and stroke reduce; 
as a result, the high pressures and heat flows can be handled without 
difficulty. At the same time, the power absorbed by the compressor 


Exhaust pipe 



Fig. 164. 


increases tremendously, and it has been found desirable to use the diesel 
engine to drive the supercharger only; then the exhaust gases from the 
engine are passed through a turbine that is used to develop the net output 
of the combined unit. This arrangement is shown diagrammatically in 
Fig. 164, where the engine A drives the compressor B, which supplies 
the engine at high pressure, the output of the engine being all used up 
in driving the direct-coupled compressor B . The exhaust from A is then 
taken to the turbine C, which delivers its output to the connected load; 
t.e,, with the limiting condition on heat flow, etc., at some 80 psi manifold, 
the diesel develops just enough power to operate the supercharger, and 
the unit consisting of engine and compressor becomes a power-gas gen¬ 
erator for the turbine, which now runs uncoupled from the engine. This 
arrangement has some advantages over the straight gas turbine, inasmuch 
as the low gas temperature necessary for turbine operation is obtained 
without the low efficiency accompanying such temperatures when used in 
a straight turbine set. This is due to the work of compression being done 
by the high pressures and temperatures occurring in the reciprocating 
mechanism, which result in high efficiency; and, since the power absorbed 
by the compressor is some 60 per cent of the turbine output, a marked 
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increase in efficiency of the heat used to generate this compressor power 
results in a big improvement in the over-all economy. It is claimed that a 
resultant over-all efficiency of from 35 to 40 per cent is possible with this 
cycle, without the use of any regenerators, when using exhaust gas at 
about 900°F. 

The above cycle has led to the proposal of a free-piston engine, as 
shown in Fig. 165. The opposed 
pistons a of the oil-engine cycle 
work directly on the compressor 
pistons b, which supply the scav¬ 
enging and charging air to the 
engine cylinder through ports / 
at high pressure. The exhaust 
gases are discharged via ports g 
to the turbine i. No crankshaft 
is provided, and the two pistons 
are kept in synchronism by the 
linkage shown. Thus direct and 
efficient transmission of power 
to the air is secured; also the 
gas in the engine combustion 
chamber is compressed to a vary¬ 
ing degree depending on the 
supercharge pressure in use at 
that instant. The operation is 
as follows: 

With the pistons at TDC, a charge is fired in the cylinder, and the 
pistons are forced outward, compressing and delivering some of the air 
in the supercharger cylinders through valves d into the scavenge manifold. 
On the piston opening the exhaust ports g the pressure in the power 
cylinder falls, and scavenging and charging occurs through the inlet 
ports/. By the time this is complete, the air trapped under high pressure 
in the compressor cylinders has brought the pistons to rest, and this air 
pressure on pistons b then begins to return them to TDC of the firing 
stroke. At some point in the compression stroke, when the pistons have 
been given a high velocity, the pressure in the compressors will go below 
atmospheric; and further motion, as a result of the kinetic energy pos¬ 
sessed by the masses of the pistons, will result in drawing into the super¬ 
chargers a new charge of air through suction valves c. By the time the 
pistons have been brought to rest by the work of compression on the air 
trapped between the power pistons a on the combustion side and of the 
work of suction on the compressor side, the charge trapped in the power 
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cylinder has reached a pressure and temperature suitable to ignite the 
fuel supplied by valve e and thus repeat the combustion process. The 
exhaust gases, discharged through ports g at high pressure, flowing 
through the turbine z, generate the net power output from generator k . 

In Fig. 165 is shown an auxiliary turbine-driven compressor that can 
be used, when necessary, to obtain such precompression of the super¬ 
charge air as may be required to achieve the maximum air pressure 
desired. The result of this combination of reciprocating and rotating 
machines is claimed to be an increase in thermal efficiency of approxi¬ 
mately 100 per cent over that of the constant-pressure gas turbine and 
an increase in mep of some 100 to 200 per cent for the diesel unit; thus 
there is a combined reduction in weight, space, and fuel, the over-all 
efficiency being superior to that of the unsupercharged oil engine alone. 

9. Application to Practice.—In the previous pages, the basic cycles 
of the supercharged oil engine have been outlined. As has been pointed 
out, the theoretical cycles are not necessarily an accurate guide to the 
engine performance. Thus it becomes necessary to apply theory with 
some care to a practical application, if an accurate interpretation of the 
performance to be expected is to be obtained. The example on page 276 
enables the engine manifold pressure to be obtained for any given increase 
of indicated power desired. This applies to any engine supercharged by 
any type of compressor, mechanically driven from the engine itself. 
In the case of a turbodriven compressor, the work of the compressor W c 
will be obtained from the turbo and thus does not have to be deducted 
from the net ihp, as obtained by the method of Eq. (129). The pumping 
work Wp will still exist, however, and will be positive if P m > P e and 
negative if P m < P e . 

In the case of a compound engine, when both the turbine and com¬ 
pressor are geared to the engine, there will be, in general, an excess of 
turbine work over that absorbed by the compressor. In such a case as 
this, it seems that the logical method of evaluating the resultant perform¬ 
ance is to consider first the engine only, operating with some inlet-mani¬ 
fold pressure P m and exhaust pressure P,, and determine the net ihp by the 
application of the method on pages 266 to 273, using bhp + fhp -f pump¬ 
ing as the net ihp. The work of the compressor can be figured by formulas 
of Chaps. IV and V, depending on the type of compressor employed and 
the weight flow obtained from the engine condition. The turbine power 
to be expected can be obtained as shown in Chap. X. Thus the net 
engine output under these conditions can be obtained. 

v It has been pointed out how the practical diesel cycle differs from the 
theoretical one; hence it follows that some fairly sound practical basis 
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must be chosen from which to predict the supercharged performance. 
Such a basis is not easily established for all the various types of combus¬ 
tion chambers in existence. However, the following is considered to 
represent average conditions likely to be encountered. 

Open-chamber Engine with Gear-driven Supercharger .—Engines of this 
type can be typified by a chamber approximating that shown in Fig, 106, 
where the chamber is formed between the piston top and cylinder head 
without any restricting orifices or separate chambers. Fuel injection 
is usually from a centrally located valve, as shown. 

Where this chamber can be used to advantage, viz., in slow- and 
medium-speed engines, up to about 1,500 rpm (in a few cases, speed 
above this has been employed), and moderate bores from 5 in. diameter 
up, the performance results are generally excellent, brake mep of 110 to 
115 psi being easily achieved at fuel consumptions of 0.4 lb per bhp per hi* 
or less, while maximum mean pressures as high as 125 psi with clear 
exhaust have been obtained. 

Thus the reference point from which to interpret results would be 
that of an unsupercharged engine having a cylinder charge, in the 
unsupercharged condition, of density given by 


[Pa - (0.5 to 1.0)] 
p 53.4 X [fa + (50 to 80°')] 


(131) 


and capable of giving an average indicated mep at sea-level density of 


Indicated mep = psi 

7? TO 


(132) 


where P a = average atmospheric pressure at location 

T a * average atmospheric temperature at location 
110 « average maximum brake mep at sea-level density to be 
expected (unsupercharged) 

r} m = mechanical efficiency of an unsupercharged engine 
In the case of low-duty engines designed for a very long life, the brake 
mep at which the unsupercharged engine will be required to function will 
be of the order of 70 to 80 psi; in such a case, this should be used in place 
of 110 psi. 

.Typical values of the mechanical efficiency for unsupercharged engines 
would be from 0.78 to 0.83 for the large slow-speed heavy engine, 0.80 to 
0.84 for the medium-speed light engine, and as high as 0.87 for the high- 
powered lightweight engine. 

With some reasonable assumption such as the above as a starting 
point, calculate the required P m for the desired supercharged indicated 
mep as outlined on page 279, making the allowances pointed out for the 
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type of supercharger it is proposed to employ. This means that the 
weight of the air and fuel charge is increased in proportion to the ihp, 
resulting in about the same excess air coefficient being used in both cases. 

As a result of this, the fuel consump¬ 
tion per ihp (exclusive of any power 
required to operate the supercharger) 
can be expected to remain approxi¬ 
mately the same as in the unsuper¬ 
charged condition; provided, of course, 
that the injection system is correctly 
adjusted to handle the increased flow 
of fuel required. From this ihp con¬ 
dition, the expected bhp of operation 
can be obtained with a reasonable 
degree of accuracy. It should be 
remembered that the frictional losses 
will increase but little over a moder¬ 
ate range of manifold pressures; fric¬ 
tional losses should be understood to 
mean those due to friction only; the 
pumping losses are generally included 

Fia. 166. Open-type combustion ch&m- ^ ^ term when friction jg meag _ 

ured in the normal manner with a 
dynamometer. Then, for a gear-driven supercharger, 

Bhp = ihp — fhp — pumping hp — compressor hp 

Turbosupercharged open chamber .—In this case, the turbine provides 
all the power to drive the compressor. Thus the engine output increases 
with the supercharge pressure at a higher rate than when the charger is 
gear-driven, the only loss being that due to any additional pumping work 
there may be resulting from the change of exhaust-manifold pressure. 
The increase of charge weight due to supercharging, determined as before, 
will give the net ihp; from this, the expected bhp can be obtained, as 
follows: 

Bhp — ihp — fhp — pumping hp 

Compound Engine. —In engines of this type, the difference in power 
between that generated in the turbine and that absorbed by the compres¬ 
sor must be added to the engine output; thus 

Bhp « ihp — fhp — pumping hp — compressor hp + turbine hp 
Methods have been given whereby the compressor and turbine power 
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can be obtained with a high degree of accuracy for any given conditions. 
It must be admitted that the engine ihp and bhp cannot be obtained 
with the same degree of accuracy. In addition, so far, pumping work 
has been figured as a pure rectangular area. This is true only if the 
inlet pressure P m is greater than the exhaust pressure P„. This in general 
is the case for all oil-engine applications, except that of the free-piston 
engine, in which high back pressures 
are employed. The pumping area in 
an actual engine is not rectangular but 
consists of wavy lines. In addition, 
the pressure on the piston during the 
inlet stroke will fall below that in the 
inlet manifold, whereas the reverse is 
true throughout the exhaust stroke, 
while all corners of the pumping di¬ 
agram will be rounded off. The re¬ 
sult of this is that, in general, the 
actual area of the pumping loop differs 
but little from that of the rectangular 
area used, despite the fact that its 
shape might be considerably different. 

Turbulence-chamber Engines. —A 
turbulence-chamber engine is under¬ 
stood to mean an engine in which the 
air charge at TDC is divided into 
two parts, some in the cylinder and some in a separate chamber with 
orifices between the two to control turbulence, such as is shown in Fig. 
167. In this case, considerable pumping loss occurs in transferring the 
highly compressed air to and from the chamber, accompanied by a high 
heat loss to the jacket and in many cases by a hot piston due to impact 
of the burning gas, leaving the orifices on the piston crown. In addition, 
scavenging of the combustion chamber is impossible. All these factors 
reduce the maximum brake mep obtainable and increase the fuel con¬ 
sumption; thus the average maximum unsupercharged performance 
would be reduced to a brake mep of 90 to 105 psi with a fuel consumption 
of 0.45 to 0.50 lb per bhp per hr. The mechanical efficiency will also 
suffer somewhat because of the work lost displacing the gas from the 
cylinder to the chamber. The magnitude of this loss depends upon the 
type of combustion chamber; and, as the ratio of orifice size to piston size 
decreases, the loss increases quite rapidly. 

As an approximate starting point, it can be assumed that the mechan- 
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ical efficiency will be at least some 0.02 to 0.03 lower than that given for 
the open-chamber engine. If performance figures are available for the 
unsupercharged engine, these should be employed in all calculations. 
Using such data as a starting point in Eqs. (129), (131), and (132), pro¬ 
ceed as before to calculate the engine output for any type of super¬ 
charger, turbo or otherwise. 

Buchi’s Turbine .—In the above analysis, it has been assumed that the 
exhaust-gas turbine operates with a constant pressure in the nozzle box, 
and calculation of power output is readily obtained by the methods of 
Chap. X. In the Buchi application, some difficulties are at once appar¬ 
ent: (1) How much of the kinetic energy developed at the exhaust valve, 
without applying any back pressure, can be converted into work at the 
turbine? (2) To what degree does the shape and size of the exhaust 
manifold affect this kinetic energy? (3) How small a nozzle area in the 
turbine can be employed to obtain high velocity at the wheel without 
applying an appreciable back pressure to the engine? 

The answer to these and several other questions must be available 
before an adequate method of accurately estimating Buchi turbine 
would be available. Undoubtedly the manufacturers have such data 
available, but so far this has not been made public. 

If the kinetic energy leaving the exhaust valve could be conserved, 
no back pressure would be necessary. In actual practice, it would be 
reasonable to assume that, by fitting a series of simple conical nozzles of 
various areas to the exhaust pipe, a minimum area could be obtained 
giving the best engine operating condition together with a knowledge 
of the mean gas velocity of discharge from the nozzle which could be 
employed in the turbine design. Some such generalized theoretical 
analysis and design data should not be too difficult to obtain if they were 
necessary. In view of the fact that the Buchi-turbine manufacturers 
undoubtedly have such data available, the engine builder is not greatly 
concerned. From an academic standpoint, however, it would be helpful 
to have such material available. 

Free-piston Engine ,—In order to apply the theoretical conditions out¬ 
lined in this chapter to a free-piston engine, the method of procedure 
appears to be about as follows: The output required from the turbine is 
known for the particular problem to be investigated, since this is the 
net power required. The adiabatic work to be obtained from 1 lb gas 
for any expansion ratio can be obtained from curves such as Fig, 102. 
The selection of the type of turbine, impulse or reaction, will determine 
the pressure ratio that can be employed and the possible efficiency to be 
expected, say 70 to 74 per cent for an impulse machine and 80 to 84 per 
cent for the reaction machine. It follows that the net output per pound 
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of flow from a typical turbine can be calculated, and thus the required 
gas flow for any given horsepower is available. It now remains to calcu¬ 
late an engine size that will deliver this volume of gas at the desired 
exhaust pressure and temperature (which appears to be some 850 to 
950°F in the Sulzer experiments), supercharge it to such a point that it 
will generate enough power to drive the compressor only, about 85 to 
90 psi inlet pressure. Reference to the Sulzer Technical Review, already 
referred to, will indicate the range of pressures and temperatures that 
have been employed in such engines. 

10. Comparison of the Various Supercharging Methods for Full- or 
Part-load Operation. —There is usually a definite field of application for 
each type of supercharging, and an effort will be made to point out a few 
of the important considerations. 

The gear-driven supercharger operates at a constant speed with 
respect to the crankshaft; thus, if it is of the displacement type, it will 
deliver an approximately constant quantity of air per engine stroke. 
This means that a high mep can be developed at any speed. In effect, 
the engine power output behaves like that of an engine of increased dis¬ 
placement, but at a reduced weight per horsepower. Thus, where space 
is limited and high power per unit of displacement at all speeds is required, 
the mechanically driven supercharger of the displacement type is indicated. 

Against this advantage must be set the fact that, for a given bhp out¬ 
put, the ihp must be sufficient to overcome the power required for the 
compressor as well as friction, and thus some penalty on fuel consumption 
is incurred. 

If an engine, fitted with a displacement supercharger, is called upon to 
operate at part throttle at constant speed, as is a generator set, or even 
at low loads with variable speed, it must be remembered that such an 
engine draws practically constant weight of air per revolution at either 
full .or part throttle for any given rate of rotation. Because of this 
feature, the work absorbed by the compressor will remain constant with 
varying output and will become a high percentage of the net output at 
low loads. The result is a high rate of fuel consumption compared with 
the unsupercharged engine. The engine, as it is throttled, will be running 
with an increasing excess air coefficient; if possible, it would be desirable 
to reduce the supercharge pressure with the fuel, keeping a more or less 
constant fuel/air ratio, to the point where the engine is operating naturally 
aspirated at full output allowable, the supercharger being completely cut 
out <rf operation. Further reduction of load below this point would 
occur as in the ordinary unsupercharged engine. This scheme could be 
earned out if the supercharger were driven independently of the engine 
and at Variable speed. 
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If the supercharger is of the centrifugal type, gear-driven from the 
engine, then the pressure delivered will be proportional to the square of 
the speed of rotation. It follows that the allowable increase of brake 
mep above that of the naturally aspirated engine will increase with the 
speed; as a result, the maximum brake mep is available only at high 
speed. Thus the application of this type of supercharger must be con¬ 
fined to (1) engines operating at full speed under all conditions, such as 
power generation, or (2) applications such as marine power units where 
the output falls off with speed reduction because of the characteristics 
of the propeller. 

It is seen that the centrifugal machine has improved variable-speed 
characteristics for many applications, and that the high rate of increase 
in fuel consumption mentioned for the positive-displacement machine is 
partly avoided. At part throttle and constant speed, however, there is 
still an excess power consumed by the compressor, above that abso¬ 
lutely necessary for the reduced output. Since the adiabatic efficiency of 
the centrifugal machine is generally superior to that of the displacement 
supercharger, it follows that, even at part throttle and constant speed, 
the over-all performance of the former type should be the better of the 
two. The centrifugal fails mainly in the transportation field where 
maximum torques are required at low speeds during ’starting of the 
vehicle. If electric transmission is employed, as for locomotives, etc., 
even this disadvantage disappears, since the engine can, during the 
starting operation, be operating at high speed, giving high output. 

The turbo-driven units being independent of the engine, to some 
extent, can give a wider range of operation; however, the high speed of 
rotation of a turbine means a centrifugal compressor; and, thus for a 
constant manifold pressure, a constant speed of rotation is necessary. 
Assuming that the turbine nozzle box is designed for the full-load condi¬ 
tion of operation, then, as load is reduced, the weight of gas discharged 
by the engine does not vary greatly, provided that the engine speed 
remains constant. The exhaust-gas temperature, however, will gradu¬ 
ally reduce, accompanied by a reduction of available work per pound; 
thus the power developed by the turbine will fall off. As a result, the 
turbine speed and thus the supercharge pressure will fall if the unit is 
of the Buchi or conventional turbosupercharger type. This is of no 
consequence, since the manifold pressure and thus the power required 
by the compressor to carry the reduced output has reduced. Similarly, 
if an increase of power occurs, an increase of exhaust temperature *ad 
thus of turbine speed results, giving greater manifold pressure to cftitty 
the increased load. It is seen that a free turbine and compressor is pf a 
somewhat self-compensating nature, and the main power plan^^wiU 
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operate under very favorable conditions, particularly as regards fuel 
consumption, over a considerable range of loads and speeds. 

Considering the case of a compounded engine, the turbine and com¬ 
pressor must be geared to the engine crankshaft, perhaps with an over¬ 
running clutch. In this case, it follows that the compressor could be of 
the centrifugal or positive-displacement type; in either case, the manifold 
pressure will remain constant at constant speed, as will the exhaust-gas 
weight. As before, the gas temperature varies with the load, giving 
more or less power per pound of gas as the load increases or decreases. 
The power pumped back to the engine will thus vary with the load. 

Under reduced-speed operation, since the turbine and compressor are 
connected to the engine, the positive-displacement compressor will tend 
to maintain an approximate constant manifold pressure at all speeds and 
loads, whereas the centrifugal machine will reduce manifold pressure with 
speed. As a result, the weight flow from the positive-displacement com¬ 
pressor will be higher than from the centrifugal. This increased flow' 
will, of course, be reflected in the power developed by the turbine, since 
its power depends on the weight flow as well as on the temperature. If 
the reduced power output of the engine is due to a lower speed of rotation 
only, the mep remaining about the same as in the full-load condition, the 
exhaust temperature will be approximately constant at the value for 
full load. Thus there will still be considerable power available in the 
exhaust gases, which can be recovered and added to the engine, resulting 
in an improved fuel consumption. 

Should the mep at reduced speed be lowered, however, as is the case for 
marine propulsion, then the mass flow from a positive-displacement blower 
compared with the centrifugal will be high, but the gas temperature will 
be down quite low, and the horsepower to be recovered per pound will 
be greatly reduced. The recovery with a displacement machine could 
easily reach a point where the extra complication, maintenance, etc., of 
such a compound unit would not be worth while when offset against the 
slight improvement in power and economy to be achieved. In such a 
case, the final decision would have to rest on the average load factor at 
which the engine is to be operated. 

Turning to the compound engine with centrifugal compressor, here it 
was stated that manifold pressure, and thus weight flow, reduces with 
the engine speed and the power recoverable in the turbine reduces 
accordingly. Consider the case in which mep is required to remain at 
the full-load value, if possible. The effect of reduced speed, with its 
reduced air flow, but constant mep, will be a rapid increase in exhaust 
temperature and thus in the power available per pound of gas in the tur¬ 
bine. The excess-air coefficient for the combustion process in the engine 
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cylinder decreases, however, with the result that this condition is equiva¬ 
lent to an overload and should be employed only for a limited time. 
Thus, where constant torque at variable speed is required for long periods, 
the centrifugal compressor compounded with a turbine is inferior to the 
positive-displacement type. However, if high loads at low speeds are of 
a temporary nature, the extra power developed in the turbine under 
such conditions adds materially to the net output, permitting operation 
under such conditions for a moderate length of time. Thus, where gear 
changes occur, as in trucks, etc., keeping engine speed variations within 
moderate limits, the compound engine presents an attractive proposition, 
if the increased cost of the unit can be kept within reasonable limits. 
The reduced fuel bill will cover a reasonable increase in first cost. 

If the power plant is to function with reducing mep with speed, then 
a centrifugal compressor, with its falling manifold pressure and weight 
flow, tends to keep the exhaust temperature up as the load and speed 
fall, giving a higher output per pound of flow from the turbine, in place 
of a reduced one of the positive-displacement compressor. At some point 
in the speed and power range, the constant weight flow per revolution, 
but at low gas temperature, of the positive blower may be interior to the 
reduced weight per revolution but high temperature of the centrifugal 
machine. 

Each application must be judged on its own merits and a careful 
analysis of the expected average operating conditions made before a 
choice can be made of the most desirable combination to employ. The 
only case that is quite straightforward is that where the maximum pos¬ 
sible power is required at all engine speeds, in which case a positive- 
displacement blower seems to be the answer, if the blower is driven by 
gearing off the engine. Of course, if the supercharger is * separately 
driven by a variable-speed electric motor, any type could be employed. 

The final selection will also depend a great deal upon the overfall 
cost of operation as well as the service required. In some cases, the cost 
per unit of power developed is of major consideration compared with the 
first cost of the installation. In other cases, operating costs may not be 
of such great moment. Where fuel consumption is of great importance, 
t.e., engines operating on a continuous 24-hr-day basis, the selection of a 
supercharged engine would be relatively easy; the turbo-driven super¬ 
charger provides the power for the compressor at practically no cost to 
the basic engine output. The result is improved fuel consumption per 
bhp qf output. Where the ultimate in fuel economy is desired, the 
compounded engine with centrifugal compressor is considered to be the 
answer, despite its somewhat greater complexity and initial costs, pro¬ 
vided, of course, that it will fulfill the part-load requirements. , 
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Adiabatic, 20, 31 
Adiabatic efficiency, 76, 110, 187 
Adiabatic work, 196 
Aftercooling, 161 

Air density, effect of, on output, 285 
Air flow, calculation of, 129 
measurement of, 175 
Airfoil, forces on, 241 
Altitude, effect of, on diesel cycle, 283 
on Otto cycle, 64 
and manifold pressure, 141 
and performance curves, 160 
and power output, 138 
Altitude performance, throttled, 140 
Altitude testing of turbosupercharger, 
192 

Analysis, dimensional, 186 
Angle of attack, 241 
critical, 241 

Angular momentum, 92 
Available energy, 207 
Available horsepower, 218 
Available work, 197 
Avogadro's hypothesis, 6 
Axial compressor, 239 
design of, 260 
efficiency of, 256 
power requirements for, 264 
velocity diagrams for, 250, 253 
Axial compressor losses, 254 

B 

Back pressure, effect of, on performance, 
286 

and volumetric efficiency, 133 
Backward-curved impeller, 119 
Bending stresses in blades, 235 
Blade, tapered, stresses in, 234 
uniform, stresses in, 233 
unsymmetrical, 229 


Blade clearance, effect of, 257 
Blade element, forces on, 243 
Blade passages, 231 
Boyle’s law, 5 
Buchi, 1, 2 

Buchi’s system of turbosupereharging, 287 
Buchi’s turbine, 302 
Buckets, inlet, 121 

C 

Cascade, flow over, 250 
Centric compressor, 81 
Centrifugal compressor, 89 
actual, 95 
adiabatic, 89 
corrections for, 111 
horsepower of, 91 
limitations, of, 108 
maximum work of, 94 
temperature-rise ratio for, 96 
work of, 91, 97 

Charge weight, effect of, on output, 285 
Charles' law, 5 
Clearance, effect of, 257 
Clerk, Dougald, 1 
Coefficients, of drag, 243 
of lift, 243 
pressure, 98, 101 

and temperature-rise ratio, 96, 101 
Compression, work of, 46 
Compression efficiency, 41 
Compression ratio, 37, 41, 262 
Compressor, positive-displacement, 67 
control of, 73 
reciprocating, 67 

(See also types of compressor) 
Compressor efficiency, 110 
Compressor horsepower, 99 
Constant-pressure cycle, 266 
Constant-volume cycle, 37 
supercharged, 51 
Continental diesel engine, 281 
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Control valve, Junkers, 153 
Critical angle of attack, 241 
Critical pressure ratio, 210 
Cycle, actual, with heat losses, 60 
constant-pressure, 266 
dual, 270, 273 
effect of altitude on, 64 
heat losses of, 54, 56 
Otto, 37 

D 

Dalton's law, 10 
Density ratio, 137 
and horsepower, 142 
Diagrams, velocity, 245 
for cascade, 250 
of stator, 255 
for turbine, 221 
Diesel cycle, 266 
Diesel engine, Continental, 281 
General Motors, 281 
ideal, 266, 270 
National Superior, 281 
open-chamber, 299 
performance characteristics of, 282 
superchargers for, 279 
application of, 298 
turbulence-chamber, 301 
Diffuser, 114, 124 
exit area, to 125 
vaneless, 172 
Diffuser Passage, 117 
Dimensional analysis, 186 
Disk, stresses in, 236 
Displacement blower, with compression, 
80 

without compression, 74 
Elliott-Lysholm, 81 
Drag coefficient, 243 
Drag forces, 247 

Drive, supercharger, single-speed, 144 
two-speed, Junkers, 151 
Pratt & Whitney, 155 
Rolls-Royce, 151 
Wright, 146 

variable-speed, Mercedes-Benz, 156 
Dual -cycle, practical, 273 
theoretical, 270 
Durand, William Frederick, 2 


E 

Efficiency, 37 
adiabatic, 76 * 
of axial compressor, 256 
of centrifugal compressor, 110 
and compression ratio, 41 
of displacement compressor, 76 
isothermal, 69 
of nozzle, 214 
of turbosupercharger, 191 
volumetric, 127, 131 
Elliott-Buchi turbosupercharger, 293 
Energy, ttvailable, 207 
internal, 43 
Energy charts, 42 
Engine, diesel (see Diesel engine) 
free-piston, 294, 302 
ideal, 49 

(See also specific kinds of engine) 
Enthalpy, 22, 44 
of perfect gas, 25 
Entropy, 27 

at constant pressure, 29 
at constant volume, 29 
general polytropic, 30 
isothermal, 28 
Equalizing holes, 124 
Exhaust dilutant, 44 
Exhaust-gas temperature, 189 
Exhaust manifold pressure, 288 
Exit area of diffuser, 125 
Exit width from impeller, 123 
Expansion, adiabatic, 20 
general polytropic, 18 
isothermal, 17 
Expansion ratio, 207 
critical, 210 

F 

Plow, blade cascade, 250 
maximum, 209, 214 
through nozzle, 206 
at altitude, 215 
Plow machine, 24 
P'orces, on blade element, 243 
drag, 242 
lift, 242 

resultant, on blade, 242 
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Forward-curved impeller, 119 
Free-piston engine, 294, 302 
Friction, on hub of axial compressor, 257 
Fuel consumption, 48 

G 

Gas, mixtures of, 7 

Gas temperature, exhaust, 189 

General Motors diesel engine, 281 

H 

Heat, instantaneous specific, 209 
specific, 13-15 
and work, 12 
Heat losses, of cycle, 54 
of variable-speed drive, 159 
Holes, pressure equalizing, 124 
Horsepower, available, 218 
of compressor, 99 
Hub friction, 257 

1 

Ideal diesel engine, 266, 270 
Ideal engine, performance curves of, 
at altitude, 49 
at sea-level, 49 

Impeller, backward-curved, 119 
centrifugal, maximum work of, 94 
forward-curved, 119 
increase of pressure in, 114 
radial, 119, 120 
Impeller exit width, 123 
Impeller passage, 124 
Inlet buckets, 121 
Instantaneous specific heats, 209 
Internal energy, sensible, 43 
total, 43 

Isothermal efficiency, 69 
Isothermal expansion, 17 

J 

Junkers Company, 1 

Junkers Jumo supercharger drive, 151 

L 

Lift, on blade, 248 
Lift coefficient, 243, 263 


Lysholm compressor, 81 
efficiency of, 88 
work of, 87 

M 

Manifold pressure, calculation of, 126 
diesel cycle, 276 
dual cycle, 276 

effect of, on diesel output, 282 
effect of altitude on, 141 
effect of speed on, 140 
exhaust, 288 
part-throttle, 139 

Mean effective pressure, indicated, 47,48 
of Otto cycle, 40, 42 

Mercedes-Benz variable-speed drive, 156 
Moss, S. A., 2 

N 

National Superior diesel engine, 281 
Nozzle area, 219 
Nozzle efficiencies, 214 
Nozzle flow, 205 
at altitude, 215 
with losses, 213 
Nozzle ring, 204 
Nozzle shape, 212 
Nozzle velocity, 208, 210 

O 

Otto cycle, 37, 39, 40, 42, 46, 47, 51, 53 
Output, effect of charge weight on, 285 
effect of density on, 138, 285 

P 

Passage, through impeller, 124 
Performance, of Buchi supercharger, 292 
throttled, 139 
of turbine, 237 
Performance curves, 137, 185 
and altitude, 160, 168 
Positive-displacement compressors, 67 
Power, improvement of, 3 
Power output, at altitude, 138, 238 
and density ratio, 142 
Power requirement, for axial compressor, 
264 
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Practical allowances for pressure loss, 111 
Pratt & Whitney two-speed drive, 155 
Pressure, back, 133 
increase of, in diffuser, 117 
in impeller, 114 
manifold, calculation of, 126 
measurement of, 176 
by axial compressor, 253 
produced by blade, 246 
static, 177 
total, 177 

Pressure coefficient, 98, 101, 188 
Pressure-equalizing holes, 124 
Pressure loss, allowances for, 111 
Pressure ratio, 69, 262 
corrected, 188 

R 

Radial Impeller, 119, 120 
Rateau, Camille Edmond August, 2 
Ratio, compression, 37, 41, 262 
density, 137 
expansion, 207 
pressure, 69, 262 
temperature-rise, 96, 101 
velocity, 224 

Reciprocating compressor, 67 
Reynolds number, and axial compressor, 
257 

Ricardo, H., 2 

Rolls-Royce two-speed drive, 151 
Roots blower, 74 
performance of, 79 

B 

Sensible internal energy, 43 
Shaft efficiency, 188 
Shaft horsepower of compressor, 100 
Single-speed supercharger, 143, 144 
Sonic velocity, 211, 261 
Specific heat, at constant pressure, 15 
at constant volume, 14 
instantaneous, 209 

Speed, effect of, on manifold pressure, 140 
variable-drive, Mercedes-Benz, 156 
Stresses, bending, in blades, 235 
tapered-blade, 234 
turbine disk, 236 


Stresses, uniform-blade, 233 
Supercharged cycle, possibilities of, 53 
Supercharged diesel cycle, 266, 270 
Supercharged Otto cycle, 39, 51, 53 
Supercharger drive, single-speed, 144 
two-speed, 143, 145, 146, 151 
variable-speed, 143, 156 
Superchargers, application of, to diesel 
engine, 298 

Superchargers, comparison of, 164 
for diesels, comparison of, 303 
single-speed, 143 
two-speed, 143, 145, 165 
two-stf^ge, 144 
variable-speed, 143, 155 
Surging, 167 

T 

Temperature, of exhaust gas, 189 
measurement of, 178, 189 
static, 184 
total, 182 

Temperature-rise ratio, 96, 101 
Test mechanism for turbosupercharger, 
190 

Testing superchargers, 174 
Thermocouples, for air, 179 
for exhaust gas, 190 
Throttled performance, 139 
Throttling, 23 
Total internal energy, 43 
Turbine, velocity diagrams for, 221 
Turbine efficiency, 224, 225 
with losses, 226, 237 
measurement of, 191 
Turbine work, 198, 223 
Turbosupercharger, 52, 162, 194, 201 
Elliott-Buchi, 293 
General Electric, 203 
testing of, 188 

Turbosupercharging of diesel engines, 
287 

Turbulence chamber, diesel, 301 
Two-speed control valve, Junkers, 153 
Two-speed drive, Junkers, 151 
Pratt & Whitney, 155 
Rolls-Royce, 151 
Wright, 146 

Two-speed supercharger* 148, 145, 155* 
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Two-stage supercharger, 144 

with variable speed and aftercooler, 
161, 166 

V 

Vaneless diffuser, 172 

Variable-speed drive, Mercedes-Benz, 
156 

Variable-speed supercharger, 143, 155 
two-stage, with aftercooler, 161, 165 

Velocity, nozzle exit, 208 
sonic, 211, 261 
of whirl, 224 
and work, 226 

Velocity diagrams, axial compressor, 245 
blade cascade, 250 
of stator, 255 
for turbine, 221 


Velocity ratio, 224 
Volumetric efficiency, 127, 131 

W 

Whirl velocity, 224 
Width, exit, from impeller, 123 
Work, adiabatic, of turbine, 196 
available, 197 
of axial compressor, 247 
of compression, 46 
of cycle, constant pressure, 268 
Otto, 46, 47 
of expansion, 46 
net, of Otto cycle, 46 
of turbine, 223 
and velocity, 220 
Wright two-speed drive, 146 
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